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SUMMARY

The report covers work done at the University of Wisconsin to develop an engine
simulation program at the University of Wisconsin for use by the Army Tank and Auto-
motive Comnand in their engine development program. Such a program is needed as an
engine development tool as well as an aid in evaluating proposed unusual engine con-
figurations.

At the start of the contract an engine simulation program was written using the
best available information. At the end of the contract this program was rewritten
to update it and make it compatible with the more modern computer the Univac 1108.
Full details including the computer program are given for this final program.

In addition to the writing and rewriting of the program, considerable effort
was expended in comparing the program with experimental data and in developing new
data. Areas that were studied included a parameter study of an engine, the develop-
ment of a data acquisition and handling system, studies in both convective and radi-
ant heat transfer and in the effect of heat transfer on intake manifold oscillations
and studies in obtaining rates of heat release and in developing a model for combus-
tion in a diesel engine.

The current status of engine simulations and recommendations as to ways in which
TACOM can benefit by using the program are given.
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I. 'INTRODUCTION

A. Reasonn for Developing the Program (TACOM)

The Army Tank and AutomoLive Command (TACOM) has a continuing need for power
sources which occupy less space, consume less fuel, reject less h'at and have less
audible and exhaust emissions. In general, the needs of TACOM have been more do-
manditig and in advance of curreut industrial requirements. Thus an active ahead-of-
the-state-of-the-art engine development program has boon and must in the future be
conducted by TACOM if their needs are to be met. This pr'ogram involves evaluation
of new approaches and configurations as well as major changes and advances in exist-
ing configurations. Because the program is in.advance of the state-of-the-art there
is a strong need for analytical extrapolation techniques to support and correct in-
tuitive judgments based on experience and "know how".

Simplified analytical representations of the thermodynamic, fluid flow, heat
transfer and chemical reaction processes occurring in engines have been used for
many years as a means of extrapolating to new configurations but simplicity and de-.
tailed predictions are incompatible. The advent of computers opened up new computa-
tional possibilities and made feasible much more detailed representations of engine
processes with correspondingly more detailed predictions. These deLailed predictions
typically include predictions of pressure-time diagrams, metal temperatures, instan-
taneous flow rates, etc., as well as the customary performance parameters of fuel
flow rates and power output and are called engine simulation.

The Army Tank and Automotive Command recognized the potential of this approach
as well as the necessity' for basic data to improve and support more detailed simula-
tions. Consequently, they have supported work to provide and strengthen a simula-
tion program at the University of Wisconsin. This report is a detailed summary of
.the work done under Contract No. DA-ll-022-AMC-1385(T) covering a period of approxi-
mately six years.

At the start of the contract (1964) there was limited activity in industry in
developing engine simulation programs. Because such computer programs were in their
infancy and because of their proprietary nature only one computer program was avail-
able to TACOM. However complete detail as to the assumptions made in this computer
program was not available and the extent of agreement between experimental and com-
puted results was not clear. Consequently, the Army Tank and Automotive Command
could obtain the use of a tested program with known assumptions only by their own
development efforts.

It was recognized from the beginning that there would of necessity be two parts
to the development program. The first part would consist of writing an initial com-
puter program using the best available mathematical correlations and comparing it
with experimental data while the second part would consist of obtaining and correlat-
ing basic heat transfer, fluid flow and thermodynamic data needed to strengthen and
improve the initial program. It was further recognized that the second part would
be a time-consuming effort involving instrumentation development as well as obtain-
ing and correlating data to prove or disprove theoretical models.

Because the personnel at the University of Wisconsin had been concerned with
engine simulation developments at International Harvester (IH) and Continental Avia-
tion and Engineering (CAE) it was judged most expeditious to conduct the first part
of the development program in cooperation with these two companies. Thus the initial
computer program was written as a doctoral thesis by Gary Borman for Continental
Aviation under their contract with TACOM. This computer program benefited from initi-
al computer program efforts and data developed by International Harvester. In turn,
International Harvester received the benefit of the improved program. While Con-
tinental Aviation provided some experimental data, the primary evaluation of the
initial computer program was conducted in cooperation with International Harvester.

Coincidentally with the computer program TACOM in cooperation with Internation-
al Harvester developed a single cylinder diesel test engine suitable for experiment-
al combustion and engine simulation studies. One of these engines was obtained on
a rental basis by the University of Wisconsin, instrumented and used to develop sup-
porting data. The details of these studies as well as the studies conducted coopera-
tively are presented later in this report.
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B. Format of the Report

"As indicated earlier the work has covered a span of approximately six years.
During this time TACOM has been kept well informed about the progress being made
via personal visits and discussions, periodic reports, copies of master's and
doctoral theses and copies of published papers, However, it seemed appropriate to
summarize at this time the work done and the current status of the engine simulation
programs. This is the objective of this report.

Because the work covered a number of years, theses and papers, it is voluminous.
The current program which has just been rewritten to be compatible with the UNIVAC
1108 will be presented first in this report. The presentation will briefly cover
the model and equations used, the flow diagram and the considerations that should.
be taken into account in using the program. Following this a concise, but moderate-
ly complete, resume of all of the work done under the contract will be presented.
The Appendices will include the current computer program plus instructions as to its
use as well as the information in the papers presented to technical groups describ-
ing in detail the work done.

This method of presentation was chosen to meet the needs of different readers.
The reader who wants only information about the current program may read only up to
that point in the report and study Appendix I. The reader who would like to obtain
a concise summary of all of the work done may read only the main body of the report.-
The reader who wishes to know more detail about any 6r all of the work will find ad-
ditional detail in the Appendices and, if sufficiently interested, can obtain copies
of the theses supported by this contract from the University of Wisconsin Library.
The large physical sizieof, the report is eloquent testimony-both as to the amount
of work done and the wisdom of not including copies of the theses as part of the
report.

II. PRESENTATION OF THE CURRENT PROGRAM

The current program is intended to represent in detail the in-cylinder events
of a single cylinder four stroke engine plus the associated inlet and exhaust gas
dynamic processes of a single cylinder engine. It is written for use with the UNIVAC
1108 and to provide maximum flexibility in use for both spark- and compression igni-
tion and pre- and open-chamber engines. Full details are given in Appendix I.

A. Description of the Physioal ModeZ

Fot analysis, the single cylinder engine is divided into five systems; the in-
take port, the exhaust port, the engine cooling system and the engine cylinder which
in some cases is subdivided in two parts. In the case of the pre chamber diesel en-
gine, the two subdivisions of the cylinder are the pre and main chamber. In the
case of spark ignition engine, the two subdivisions of the cylinder are the burned
and unburned mixture, the division occurring only during the combustion period. In
the case of open chamber diesel engine, the entire cylinder is considered to be one
system i.e., a total of four systems.

Five eqyations are available to describe the behaviour of any one of these sys-
tems. These five equations are:

1. Conservation of Mass

a. The time derivative of mass of gases, N, in a system can be written as

where
M is the mass flow rate between two system and the summation is

carried over all the mass flow quantities for the system.
b. The rate of mass flow, kp between two systems, is computed from the steady

flow relationship.

Nf A, P 1 Ig-0 IIi (2)
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where:
Ae is the effective flow area(

gC is the dimensional constant,-

R is the gas constant.

T is the temperature,

p is the pressure, and

2k [( L2)2/k (k+lj/k]P, ~ P

where k is the specific heat ratio

Subscripts 1 & 2 denote upstream and downstream conditions respectively.
Note that when the pressure ratio is critical sonic conditions
prevail.

2. Conservation of Energy

The time derivative of the total internal energy, both sensible and chemi-
cal, of a system can be obtained from the energy balance as

where:

u is the internal energy per unit mass,

h is the flow enthalpy per unit mass, the summation being carried
f over all the flow surfaces for the system,

•. is the heat transfer rate to the metal wall for the ith surface,
the summation being carried over all the heat transfer surfaces.

J is Joule's constant and

'is the time derivative of the volume of the system.

3. Conservation of Momentum

For unsteady isentropic flow in a straight pipe of constant cross-sectional
area, the equations used are

Sav + yý C2
_ + - 0 (4)

,i •2+ V B-P-+ p av 0()
at a o(5)

where:
v is the local velocity of gas stream

p is the local density,

C is the local speed of sound, and

z is the longitudinal position

4. Equation of State

The'relationship between the pressure, temperature and volume is

pV V MET (6)

R, in turn, is a known function of p, T and F, the equivalence ratio of the
mixture.



5. Internal Energy Equation

The equilibrium composition internal energy, u, including both the sensible
and chemical energy, can be computed as a function of pressure, temperature
and the composition of the gas,

u U(pT,F) (7)

and

+ lu + lu(8)

where:
P is the equivalence ratio f/f

f is the actual fuel air ratio, and

f8 is the stoichiometric fuel air ratio

Equilibrium thermodynamic properties of the products of combustion for CnH2 n,
as computed by E.S. Starkman and H.K. Newhall. at the University of California.,
Berkeley, are used. As a means of interpolating in these tables, mathematical ex-
pressions wore developed to give internal energy as function of pressure, tempera-.
ture and equivalence ratio.

B. Systems and Assumptions

For each system thermodynamic equilibrium is assumed at each instant of time
for the calculation of the thermodynamic properties of the gases in the system. The
rate of heat transfer from the gas to wall is calculated for each part area using an
instantaneous heat transfer coefficient, a uniform metal wall surface temperature,
and an instantaneous mass-averaged system gas temperature. The model assumes no de-
posits on the inside surface of the walls. The other assumptions and the rate equa-
tions for various systems are described below.

l.' Engine Cylinder

The instantaneous mass flow rate through either valve is computed using the
steady flow equations. The flow coefficient is obtained from steady flow exper-
iments and the valve area from the engine geometry tasking into account valve
dynamics and expansion effects due to temperature changes. Blow-by around the
piston is neglected.

As stated above, the engine cylinder is treated differently for three dif-
ferent types of engines.

a. Open Chamber Diesel Engine: The engine cylinder, not having been subdivided
i--t-his case,-fiim-s on yone system. The heat transfer model assumes five

different surfaces. These are intake valve front area, exhaust valve front
area, the cylinder head, the piston surface and the sleeve area exposed to
gases at any time. The temperatures for these five surfaces are each dif-
ferent but assumed to be uniform for each surface.

A fictitious rate of fuel injection is specified for the combustion
period and from it, the rate of heat release is computed with the assump-
tion of instantaneous burning.

The various equations are simplified:
d (Miui) .- •
d - N h + ifhE + Mi h + h "f I +

k 1 -, M +1  +Nf

(9)
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or

P1+ VI- Mi + + T,(10)

and

au I + 2-ua +11)

where:
Subscript 1 is the properties in the engine cylinder, i.e.,

System 1,

i is flow quantities through the intake valve,

E is flow quantities through the exhaust valve, and

f is fuel.

The equation for F is obtained from the mass balances of air and
fuel constituents of the mixture.

i,, ••''+ Lf +sl + dt
FEF= I d (12)

0 +- M + E --
l fo J0 [ + 1  l+ fEJ

where:

f is the actual fuel air ratio,

fe is the stoichiometric fuel air ratio, and

o is initial value.

Simplification of the above equations results in the following equa-
tion for temperature derivative.

ap= D a'IL- V, R--R a- (13)

where: * " "
V- M- - + N_, +h h + Ki h -

LRT Qi Ij E+kIf

C . 1 + TI[ 3R, and

RI ý "

b. Pre Chamber Diesel Engine: The engine cylinder is subdivided in two parts,
iain chamber (denoted by subscript "I") and the pre chamber (denoted by
subscript "2"). There is gas flow between the two chambers which is com-
puted from the steady flow equation. In addition to the five heat transfer
surfaces in the main chamber, one heat transfer surface at a uniform sur-
face temperature is assumed to exist in the pre chamber. Part of the fuel
injected in the pre chamber is assumed to flow with the exiting gases to
the main chamber and burn in it. Thus the heat release model specifies two
different fuel burning rates for the two systems.
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i. Main Chamber - The equations' are similar to the open chamber
except for additional flow term between the pre-chamber and the main
chamber in the equations for energy conservation, mass conservation
and equivalence ratio.

ii. tre Chamber - Since the volume of the pre chamber does not change,
V2 is equal to zero, The equations for the pre chamber are derived
in the usual way:

where:
A- =M[Q2 + Mfhf + R,2 h, 2 -F 2 M2],

H2 ~ api

N12 is mass flow rate between pre and main chamber, and

hi2 is the flow enthalpy

Conservation of mass for the pre chamber gives

a2 + +kf (f5)

The equation for equivalence ratio is

+2 T2 + .{.]t(6

D'O) +ft( ci

c. ak Ignition mi: During combustion, the spark-ignition engine cor-
uEtloni chamber is divided into two parts, the unburnt air-fuel mixture

and the burnt products each of which are treated differently.
i. Befone Combustion - The gases are assumed to be a homogeneous mix-

ture of air, fuel vapor and the product of combustion from the pre-
vious cycle. Hence the internal energy, u, of the mixture can be com-
puted as follows:

- i" Ua (T) + o1u,, (T) + J•pUp(PJTF) (17)

where T is mass fraction of various constituents, and

u is internal energy per unit mass of various constituents.

Subscripts a is air

v is the fuel vapor, and

p is the products of combustion

'• ..... " ....... ..' "' .. . o .....:•:•"": fa-m~e _ ... .. vid...ed into two! - .. ...... th -n u n ai -f e mixt.. . ..ure'.'
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The equivalence ratio, F, of the products of the combustion re-
mains constant during the cycle. Thus, its time derivative is always
zero.

Differentiating the above equation, we get
/au aua

~u + tou + u]I + 'ua ý -~ + W 'U'J -.. 1 (18)4 a 1) W__3 V [2 .

The time derivatives of the mass fractions can be computed from the
mass balance for each constituent using the mass flow rates.

Substitution of the above equation in the energy equation leads
us to the time derivative of the temperature of gases. The rest of
the procedure is similar to an open chamber diesel engine cylinder
case.

ii. During Combustion - From the start of the spark until the end of
the burning, the engine cylinder is divided into two parts - burned
and unburned. At the specified rate, a corresponding mass of the
charge transfers from the unburned zone to the burned zone with an
instantaneous conversion to products. Thus the mass and the volume
of the burned zone monotonically increases while that of the unburned-
zone monotonically decreases. The mass of gases in the burned system
consists only of the products of combustion. Although it is not a
completely accurate assumption, the heat transfer areas of the cylin-
der head and the piston, assumed to be exposed to both zones, are
divided in proportion to the volume, and the heat transfer areas of
the sleeve and two valves are assumed to be exposed only to the-un-
burned gas. Thus, though the unburned zone still has five heat trans-
fer areas, the burned zone has only two. If the total mass burned,
at the end of the combustion mass burning schedule, is less than 100%
of the charge, the remaining part of the unburned mixture is assumed
to oxidize, in the cylinder, linearly with time before exiting through
the exhaust port.

The rates of change of temperatures, mass and the volumes are
computed from the energy and mass balance together with the equation
of state.

" 2. Intake Port

* This system is treated differently for diesel and spark ignition engines.

a. Diesel Engine: The conservation of mass and momentum equations (Eqs. 4 and
5) with two boundary conditions - one at the open end of the intake system
and the other at the valve end - are solved. The solution of these equa-
tions permits the computation of an average pressure, at that instant, for
the intake port thermodynamic equations. The heat transfer model has two
areas. These are the port wall and the intake valve back surfaces.

For temperatures below 3000*R, dissociation is negligible so 3u/ap is
zero. Hence the temperature derivative simplifies to

*[A -Fu'8T

where:

A U Qi + hiMi. u?] (19)

The equivalence ratio of the gases in the port may not be zero as a
result of back flow of gases from the engine cylinder to the port. The
rest of the procedure is similar to that of the open chamber diesel engine
cylinder case.

A simplified model of the above system can be obtained by assuming
constant pressure in the intake port. The momentum equation is not solved
for this alternative.
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b. Spark Ignition Engine: Intake dynamics are not simulated in the spark ig-
nition engine because the effect of the carburetor is not known. Since the
carburetoris not simulated the intake system consists of an orifice fol-
lowed by a volume and then the intake valve. The volume can represent the
intake manifold and port as desired.

The internal energy equation is modified for the three constituent
mixture and the equivalence ratio derivative is zero. The pressures in
the intake manifold and the intake port are assumed to be constant. The
rest of the procedure is similar to the diesel engine.

3. Exhaust Port

For both spark and compression ignition engines the properties of the gases
in the exhaust port are computed from the equations for the products of combus-
tion.. In all cases the gases coming into the port system are assumed to mix
instantaneously with gases already in the port system. Heat transfer is handled
in a manner analogeous to that for the intake port, The exhaust port pressure
is assumed to be constant. The derivation of the various rate equations follows
from open chamber diesel engine cylinder.

4. Engine Coolant

Only the liquid cooling case is considered. The coolant enters the engine
at a specified temperature. The rate of heat transfer to the coolant from the
coolant side of the metal walls is computed from the heat transfer coefficient
based on the coolant properties and the engine geometry. As the geometry of
the cooling system is quite complicated, judgement is involved in determining
the heat transfer coefficients.

At the end of the cycle, the total heat transfer from the gases to the walls
must be equal to the total heat transfer from the walls'to the coolant for
the assumption of constant wall temperatures to be valid. If they are not
equal, new metal wall temperatures are estimated, using an equivalent, one-di-
mensional, metal path length for heat transfer assigned to each part. The ef-
fect of friction between sleeve and the piston rings is also taken into account.

C. Input Data

Input data for the program is specified in detail in Appendix I but can be di-
vided into several categories.

1. Engine Geometry

A complete physical description of the engine is required. Some of the
data, such as bore, stroke, connecting rod length, etc., are easily obtained
but judgements are involved in getting some of the other data such as heat
transfer path lengths.

2. Valve

The flow areas through the two valves can be computed from the flow rates
obtained experimentally for the particular port and valve combination by a
steady flow bench test. An effective flow area as a function of valve lift is
then computed. The program also needs the valve train geometry data to calcu-
late the valve lift at the given operating conditions. Valve lifts are used
to compute the effective flow area.

3. Heat Release

For the diesel engine the fuel injection rate and for the spark ignition
engine the burning rate, are needed before using the program. They can either
be computed from an empirical correlation or from the energy and mass balance
with known cylinder pressure-time curves from similar engines.



4. Heat Transfer

As mentioned previously, the heat transfer is assumed to be one-dimensional
through the metal and an equivalent one-dimensional heat transfer path length
must therefore be assigned to each engine part under consideration. As the
engine head geometry is very complicated, judgement must be used in assigning
equivalent paLh lengths. In the case of the valve, it can be cooled by the
valve seat as well as the valve stem when the valve is closed. Thus, the ef-
fective path lengths should be adjusted to give correct results,

On the gas side, various choices for convective heat transfer correlation
in the engine pylinder are available. The program requires the desired corre-
lation to be specified as an input item. For radiation, the radiative part of
Anhand's correlation with some modifications is used, For the intake and ex-
haust port, a choice between Eichelberg and pipe-flow type expression is made
in the program with the larger value being chosen. Because of our imprecise
knowledge of heat transfer a multiplying factor for each heat transfer surface
is a specified input item in order to match the total heat transfer rates with
either the experimental or empirical data.

5. Engine Coolant

Flow data for the coolant must be specified, The determination of the hy-
draulic diameter and the velocity of the cooling fluid involqes a knowledge of
the flow rate, inspection of the water passages and judgment as to the Reynolds
number to be used. For the liquid coolant, the heat transfer coefficient is
computed by a combination of boiling and convective formulas.

6. Engine Friction

Determination of brake performance from the computed indicated performance
involves the estimate of friction losses. Friction due to rubbing has been
assumed to be proportional to maximum pressure during the cycle and the acces-
sories friction proportional to the mean piston speed.

7. Error Limits and Initial Values

Error limits for rate variables such as T, F etc., and for cyclic Variables
such as initial pressure, temperature are needed. Also the initial values of
the cyclic variables are needed.

D. Considerations in AppZying the Program

The current program provides the most detail of incylinder events of any simu-
lation that now exists. Because it does provide so much detail there is a natural
tendency to "ask questions" of the program that is is not programmed to answer.
Before using the program it is essential therefore to understand both the power and
limitations of the program.

First of all, information about the details of combustion are not included in
the current program. Note carefully, however, that questions about the effect of
changing rates of heat release can be answered with the program even though no in-
formation about how to achieve the change can be obtained. For example, no predic-
tions about the change in the form of the rate of heat release with a change in
speed can be made. At the same time the effect of engine speed on performance, as-
suming the variation in the rate-of-heat release to be non-existent or known, can
be predicted.

A similar situation exists in the area of heat transfer. Even after consider-
able work done under this contract we do not have a reliable heat transfer correla-
tion that includes the effect of engine geometry - swirl, intake turbulence, etc.
Thus the detailed effect of engine geometry on heat transfer cannot be predicted.

Information regarding the detailed factors that affect engine friction is also
not well established. Thus, prediction of small changes in performance due to de-
tailed design changes is not feasible.
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There is of course the danger that in pointing out the deficiencies of the pro-
gram that we shall lose sight of its usefulness. The program is useful in single
cylinder design and development effort that is justified. For example, using the
program one can determine with useful precision the effect of changing the shape of
the heat release curve. If the simulation studies show little or no benefit from
changing the shape of the heat release curve the lengthy expensive laboratory .studies
required to determine this experimentally need not be undertaken.

In a similar manner the effect of large or radical changes in engine design or
in the engine cycle can be best estimated by use of the simulation program. It is
true that estimations of input items will have to be made, but in comparison with
the alternative of building an experimental design, the information is speedy and
inexpensive. Thus, the admonitions previously given were those given in connection
with any powerful tool--use it in the way it is intended and designed for and it
will be very helpful. Use in other ways can be misleading.

III. WORK DONE UNDER THE CONTRACT CULMINATING IN THE CURRENT PROGRAM

A. Description and Evaluation of Initial Program

Only one simulation program was available to TACOM when this contract was under
consideration for initiation. Furthermore, the details of the assumptions undcrly-
ing this program were not available to TACOM or its consultants. At the same time
the advent of computers and the increasing demands on TACOM powerplants for higher
output with lower fuel consumption emphasized the need for and the potential useful-
ness of a simulation program.

Personnel at Wisconsin had been instrumental in initiating a proprietary simu-
lation program at International Harvester Company. At the initiation of the con-
tract these same personnel were serving as consultants to Continental Aviation who,
under contract with TACOM, were attempting to evaluate lean fuel-air ratio engines.
By mutual understanding among all concerned a decision was made to use the expertise
developed at International Harvester to write a program which would incorporate the
best available information and be as complete as possible with regard to in-cylinder
events. Both Continental Aviation and International Harvester would contribute ex-
perimental data to aid in evaluating the extent of agreement between computed and
experimental results and both Continential Aviation and International Harvester (as
well as TACOM of course) would have the resulting program available to them. Accord-
ingly a simulation program was written and comparisons made with experimental data.
Whil' the details of the program and of the comparisons are reported in Appendix II
and Ln some of the references given in Appendix II a concise summary of the work
will'be presented here.

The writing of the initial program was done by Dr. G.L. Borman. The fact that
it was not necessary to rewrite the program until recently and that even then no
major changes were necessary is a tribute to the excellence of the initial program.

1. Similarities and Differences between the Initial and Current Programs.

The two programs are alike in that both use the same set of basic thermo-
dynamic relations. The differences between the two programs are as follows:
a. The current program can treat any one of the following three cases for a

single-cylinder, four-stroke engine.

i. Open chamber diesel engine
ii. Prechamber diesel engine

jii. Spark ignition engine

The old program treated only the open chamber diesel engine

b. The.current program is streamlined and parts of it, like valve flow area,
heat transfer, the combustion model, port dynamics etc., can be changed
easily.
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c. The current program, as did the initial program, uses the modified Euler
technique for numerical solution of the set of first order ordinary dif-
ferential equations with initial values, However the current program can
be easily changed to use other methods such as Runga-Kutta or Hamming's
method.

d. The current program has more flexibility in using different types of heat
transfer correlations. Where the old program used only Annand's convective
correlation and Borman's radiative equation, the, current program can use
any one of the four-Annand, Woschni, Eichelberg and Pflaum--convective
correlations and one of the two-Borman and Flynn-radiative formulas. It
is to be noted that Flynn's radiation'formula in the present form has only
been verified for the TACOM experimental single cylinder diesel engine.

e. The initial program could compute the properties of products of combustion
only on the lean side of the mixture. However the present program can com-
pute the properties on both the lean and rich side of the mixture as well
as the properties of fuel vapor alone.

f. The present program has three combustion models for three different types
of engines. Also the input for the heat release can be either in the Weibe
equation form or the tabulated form.

2. Comparison of Experimental and Calculated Performance Data

Once the initial program was written it seemed desirable to evaluate the
sensitivity of the computed data to small variations in input items-for example,
heat transfer correlations. The program computes events in great detail as
shown in Table 1 and Table 2. Because of this detail it is necessary to choose
comparison data. Table 3 shows the input items varied and the resulting change
in selected output items.

The results of these computations are described in detail in Appendix II
but can be summarized from Table 3 as follows:

a. Using the present homogeneous combustion model dissociation is not signifi-
cant at lean mixtures until stoichiometric fuel-air ratio are approached.
It is significant for rich mixtures.

b. Varying the effective heat transfer path length of one of the surfaces
markedly affects the metal temperature but does not.dramatically affect
performance parameters such as volumetric efficiency.

c. Inclusion of the effects of inlet gas dynamics significantly changes air
flow. Thus, if the effects are present in the experimental set up they
must be included in the program producing the computational results if agree-
ment of results is to be achieved.

d. In general, increased total heat rejection increases metal temperatures and
lowers volumetric efficiency and thus power output.

e. Engine performance data are not tremendously sensitive to choice of heat
transfer correlations although metal temperatures are relatively sensitive
to the choice of correlations.

With these comparisons as background, experimental d'ata were taken for com-
parison with computed results. The care and attention to detail required when
obtaining this experimental data cannot be overemphasized, Obtaining such data
are necessary, tedious and expensive.

Again complete details are presented in Appendix II and only selected com-
parisons will be presented here. Figure 1 presents a comparison of calculated
and experimental performance data. Figure 2 presents data showing how well the
computed heat balance agreed with the experimentally determined heat balance.
Figure 3 presents a comparison between the experimental and computed pressure-
time diagrams.
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In summary, after the comparisons between computed and experimental data
were completed it was felt that the agreement was within the accuracy of the
experimental data. To put it another way it was not obvious whether the dis-
agreements that existed were the result of inaccurate assumptions or inaccurate
measurements. This again emphasizes the great care necessary in obtaining ex-
perimental comparison datd or data to be used to develop correlations.

Basically, the initial program was judged successful. In addition, it was
judged desirable to obtain additional experimental data to clarify and improve
some of the assumptions used in the program.

B. Use of InitiaZ Program for Parameter Study .

The initial program was used to study the effects produced by changing some of
the engine design parameters. The results helped to illustrate the use of the pro-
gram as a design tool as well as to give a better understanding of the casual rela-
tionships between design changes and the resulting changes in performance. A com-
plete resume of the studies is given in Appendix III.

1. Effects of Valve Diameter and Valve Timing on Performance

The first engine design parameters that were studied was the effects of
valve diameter and valve timing on performance. During these studies the mass
rate of burning, the total fuel introduced per cycle, the inlet temperatures
and pressure and all engine geometry except that noted were kept constant.

The sum of the valve diameters was kept constant corresponding to a fixed
engine bore. However the respective port cross sectional areas were changed as
the valve areas were changed. In order to minimize the number of variables in-
volved the shape of the valve lift -curves was kept constant.

In order to minimize the number of computer runs required the techniques
of surface response methodology were used. The use of this technique is illus-
trated in Fig. 4 which shows the variation in volumetric efficiency when the
valve intake diameter (VID), the crank angle at which the intake valve opens
(CAIVO) and the crank angle at which the exhaust valve opens (CAEVO) were varied
with engine speed constant at 2000 rpm. By studying Fig. 4 it can be seen that
the volumetric efficiency increases in the direction of decreasing intake valve
diameter, retarded exhaust valve timing, and advanced intake valve timing.

Computations of volumetric efficiency at constant speed were performed
20 different conditions and the resulting surface was fit with a second degree
polynomial. Differentiation of the resulting equatioh with respect to each
variable gave the maximum point on the surface and therefore the following en-
gine parameter values:

Intake valve diameter = 1.963 in.
Intake valve opening = 513.54 deg.
Exhaust valve opening = 24.68 deg.

The values were arrived at on the basis of constant speed computer runs.
Many additional runs at different speeds would be required to completely opti-
mize the volumetric efficiency of the engine. However the initial computations
improved the volumetric efficiency of the engine at all speeds as shown in Fig.
5. The "optimum" curve in Fig. 5 was obtained using the engine parameter val-
ues shown above. The results clearly show that the use of the computer program
to study engine parameter changes will show an optimum region where detailed
laboratory tests can be concentrated'to achieve maximum improvement at minimum
total cost.

Because of the great detail of the computations and because one parameter
can be varied at a time the simulation program has the additional advantage of
telling why an effect occurred as well as the fact that it did occur. For ex-
ample Fig. 6 shows the effect of variable exhaust valve timing with all else
held constant. Figure 6 shows that volumetric efficiency drops off rapidly as
exhaust timing'is advanced. A detailed study of the computed pressure time
diagrams shows that the cylinder pressure at exhaust valve closing rises quickly
with advanced exhaust timing because the high pressure at the end of exhaust
(and therefore at intake valve opening) causes backflow into the intake port
increasing the mass averaged intake port temperature as shown.
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Table 4 shows a comparison of the original and optimized performance. It
will be noted in Table 4 that the optimum design had a greater pumping mep than
did the original design in spite of its higher volumetric efficiency. Also
note that an increased volumetric efficiency-does not inevitably mean a higher
bmep.

2. Effect of Shape of Heat Release Curve

As previously indicated the similation program cannot tell if a change in
operating conditions or engine parameters will cause a change in the shape of
the heat release curve. However the simulation will-predict the effects of
different combustion heat releases on engine performance and thus indicate the
effort that is justified in an attempt to change. the heat release rate. Table
Sshows the results of changing both heat release rate and compression ratio.
The figures referred to in Table 5 will be found in Appendix III. Note that a
reduction in peak pressure could be achieved at the same compression ratio with
only a loss of 2.5 imep--and probably less bmep'loss because of effect of peak
pressure on friction. It appears there may be ways to increase performance
without resorting to higher peak pressures.

3. Effect of Ambient Conditions

The simulation program can also be used to predict the effect of changing
ambient conditions on engine performance. The results of thq computations
show not unexpectedly that atmospheric pressure and temperature affect perform-
ance but emphasize that they do not affect performance in the same way. The
formula developed to correct the indicated horsepower was

I . 03 0 s

lypQ (Y) Q#0
When all heat losses were reduced to zero (constant inlet pressure), the fol-
lowing relationship was obtained:

I1.0

indicating that heat loss affected the temperature relationship.

4. Effect of Bore-Stroke Ratio

Assuming unchanged heat release rates the effect of bore-stroke ratio can
also be studied. While the volumetric efficiency was not optimized for value
size and timing for each bore-stroke ratio the results show significant effects
on brake horsepower and volumetric efficiency.

In summary the simulation program is very valuable in predicting effects of en-
gine parameter changes in air flow but would be even more useful if it simulated the
combustion process in detail.

C. Data Acquisition and Processing System for Instantaneous Engine Data

During the comparison of experimental and computed results it became quite clear
that large amounts of data would have to be handled as data were taken to improve
the program. For example, rapid changes in the pressure-time diagram plus cycle-
to cycle irreproducibility indicated the desirability-almost necessity--of taking
data every crankangle degree and averaging the results of as many as several hundred.
If only 50 cycles are used, this represents 18,000 measurements to obtain one item
of data such as a pressure time record at one operating condition. Clearly some
sort of mechanized data reduction system was necessary!

The overall systems requirements are detailed in Appendix IV but briefly in-
clude a wide frequency response, good signal-to-noise ratio, multi-channel capabil-
ity, automatic scaling, flexible operation and visual observation of data before and
after recording. Figure 7 shows the conceptual view of the overall system developed.

I I.I I- - -i, ,....-
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As indicated in Fig. 7 transducers generate a signal which is a function of the
parameter being studied. The transducers used include pressure pickups, surface
thermocouples, photo tubes, crankangle timing markers, etc. The signal from the
transducer was appropriately conditioned by suitable amplifiers and networks and
finally recorded on tape with simultaneous visual observation by oscilloscope being
possible both before, during and after recording. Figure 8 shows, as a specific
example, the network used for the surface thermocouples.

The tape recorder used was a Model 7784 Sangamo. While its complete specifica-
tions are sho(4n in Appendix IV briefly it has 11 frequency modulated channels and 3
direct record channels with modular transistorized electronics and tape speeds rang-
ing from 15/1.6 ips to 120 ips. The tape recorder is in a central location and con-
nected by coaxial cable to various test sites as well as the hybrid computer used
for scaling and initial data processing.

In general, data were recorded at the highest tape speed (120 ips) and played
back at lower tape speeds (usually 7.5 ips) for digitizing purposes. At least 200
consecutive cycles of engine data were recorded per run. The data were first played
back into a Brush recorder and visually inspected. If no obvious faults were found
the data wore then processed through the hybrid computer. Although a portion of the
three units (analog, interface, and digital) of the hybrid computer were needed, the
hybrid computer facilities were not used to full capability. The iterative analog.
equipment was used for signal conditioning, the interface for the analog-to-digital
function and the digital computer for storage, calculation, contrQl and output. The
net result was that the following functions could be performed:

1. Individual cycles of engine data could be identified and sampled at each
crankangle degree.

2. A number of engine cycles could be identified, sampled and averaged.
3. The results from either item 1 and 2 could be converted to meaningful

measurements of pressure, temperature, etc. In addition these items could
be presented in listed form and/or written on magnetic tape for later use.

While not a part of the hybrid computer a subroutine (called GAUSNAUS), which
is available on call from the UW function library, was used often in the data reduc-
tion and presentation processes. The purpose of GAUSHAUS is to obtain a least squares
squares estimate of parameters entering non-linearly into a mathematical model.

In summary, development of the data recording and processing system was a nec-
essary prerequisite to the studies hereinafter described. The studies would have
been impractical without the system. The system has worked very satisfactorily and
accomplished its desired objective.

D. Heat Tranafer Studiee

One's intuitive feels that heat transfer is important to practical engines was
reinforced by the studies conducted using the simulation program. Heat transfer
during the induction process decreases the density and consequently the mass flow
of air. Heat transfer increases the operating temperature and thus decreases the
strength of engine parts and, when lubrication is involved, may cause lubrication
failure. Heat transfer in the exhaust system adversely affects turbine power in a
turbocharged engine plus the ability to further oxidize hydrocarbons and carbon monox-
ide. Thus precise detailed information regarding rates of heat transfer are an inher-
ent part of an accurate simulation..

However, detailed information regarding heat transfer rates in an engine are
difficult to obtain and even harder to analyze from a theoretical standpoint. Waves
and surges are imposed on intermittent flow in the intake and exhaust ports. Insofar
as is known no measurements of instantaneous heat transfer rates have been made in

-'intake and exhaust systems. Prior to this program no heat transfer rates had been
measured for the gas flowing over the intake and exhaust valves. Experimental mea-
surements of instantaneous gas velocities in the cylinder are unavailable although

*• it is known that velocities vary markedly between engine designs because of squish
and swirl. It is also known that because the boundary layer is alternately compressed
and expanded the temperature profile in the boundary layer is distorted from that
"observed in constant pressure flow. This distortion of the temperature profile in
the boundary layer can momentarily cause heat transfer from the surface to the bound-
ary layer even though the bulk gas temperature is higher than the surface temperature.
In spite of much speculation no known measurements of instantaneous radiant heat
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transfer rates had been made prior to these studies. Because our ignorance of heat
transfer rates is so large the studies reported herein, while significant, have not
solved all of the problems. The work done on heat transfer is presented in detail
in Appendix V.

1. Heat Transfer From a Poppet Valve

The rate of heat transfer from the intake valve is of interest from three
standpoints. In the first place if significant heat transfer occurs it will
heat the incoming air and reduce volumetric efficiently. Secondly, calcula-
tion of flow rates thru the valve is based on an adiabatic model. Thirdly, the
temperature of the valve is affected by heat transfer to the incoming charge,
Consequently, one of the first heat transfer studies was concerned with the in-
take valve and is reported in detail in Appendix VA.

The basic arrangement used for the study is shown in Fig. 9. The basic
concept of the experiments was to run conventional steady flow tests on a given
poppet valve and to then run the sametests with the valve heated. The valve
was heated electrically and steps taken to minimize loss by conduction includ-
ing a guard heater so that the electrical energy supplied would equal the heat
losses from the valve. Appropriate measurements and adjustments were made to
insure that thermal expansion did not change the flow area and thus the results..

The results of the tests were initially expressed as a percentage change,
in effective flow area as a function of valve lift as shown in Fig. 10. Note
that two different .heat transfer rates are shown in Fig. 10. The data can also
be plotted as a function of heat transfer rate as shown in Fig. 11. Figure 11
indicates that at small lifts heat transfer significantly affects flow rate but
that there is but little effect at.high flow rates.

Although the experiment was designed to yield data on the effect of heat
transfer on flow rates it can be used to obtain estimates of heat transfer co-
efficients for the back of the valve. The correlation found was

Nu = 1.012 x 10-4(Re)*-.27 (20)

with data points as shown in Fig. 12. The exponent of 1.27 is higher than the
usual 0.8.

Although not a part of this study it might be commented that General Motors
in 1970 reported more extensive studies of heat transfer coefficients from
valves in SAE Paper 70051, "Correlation of Convective Heat Transfer for Steady
Intake - Flow Through a Poppet Valve" by G.T. Engh and C. Chiang. Their corre-
lation was of this form b

Nu= f(Re)a(H) (21)

where
H = valve opening, and

D = valve diameter

Note that the characteristic length in Eq. 20 is defined as the square root of
the difference between the seat and valve area'and that the MID in Eq. 21 is a
non-dimensional valve lift.

The data developed in this study were used in the simulation program and
showed not much effect on volumetric efficiently. However the intake valve was
somewhat oversized for the engine for which the computer runs were made. Thus
larger effects might be found on other engines.

2. Instantaneous Heat Flux Measurements

As indicated in Appendix VB there are a number of heat transfer correlations
available for instantaneous heat transfer rates. However, as one studies the
literature the proliferation of correlations and the paucity of experimental
data to justify old correlations or develop new ones is very striking.
Eichelberg (Ref. 4, Appendix VB) is the primary source of measurements of
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instantaneous heat transfer rates. However his results were obtained *from mea-
surements in a slow speed engine which were made below the surface of the metal
where the high frequency component would have been damped out. It seemed im-
perative therefore to make surface temperature measurements in the modern high
speed TACOM diesel engine.

Figure 13 shows the type of surface thermocouple used. Figure 8 shows the
basic circuit used and Fig. 14 shows the location of the thermocouples. Figure
15 shows the basic data recorded - surface temperature versus time. From this
basic data instantaneous rates of heat transfer could be obtained.

The first observation that was made was that there was considerable differ-
ence in heat transfer between the different thermocouple locations. This ef-
fect is shown in Fig. 16. The second observation came from the fortuitous lo-
cation of thermocouple four in the cylinder sleeve and shows that the thermo-
couples can be used to indicate piston ring location. Figure 17 shows the tem-
pe'ature-time record for thermocouple four at different operating conditions.
The rapid temperature rise is due to the passage of the piston rings over the
thermocouple. Note that when the intake density is greater than atmospheric
only five spikes are generated during the compression-expansion process as
compared to six during the exhaust-intake process.

After taking considerable data usfng the previously described data system
the first use of the experimental heat transfer data was to make compari'sons
with existing correlations. While more comparisons are shown in Appendix VB,
Fig. 18 shows a comparison between the experimental data and two popular cor-

* relations - Annand and Woschni. Because of the variation between locations as
illustrated in Fig. 16 experimental data for two locations are shown in Fig.
18. The final conclusion reached was that none of.the experimental correlations
adequately predicted the experimental data at any location and certainly none
predicted the experimentally observed differences between different locations.

A conduction-compression model for heat transfer in a non-turbulent motored
engine was developed at Wisconsin as part of another study (Ref. 21, Appendix
IVB). Basically the model divides the gas into equal-mass slabs parallel to
the piston top with the slabs exchanging heat by conduction only along the axis
of piston motion while the entire cylinder mass is being heated and cooled by
the compression expansion and work, plus conduction to the piston and head.
This model is applicable only to a motored engine and is compared with motored
engine data in Fig. 19. While the shape of the computed and experimental curves
are comparable the computed curve is obviously too low even when the conductivity
of all of the gas except that immediatly adjacent to the head was increased by
a factor of five. Furthermore, this model is also irfcapable of predicting the
observed differences between the two thermocouples. This model does, however,
incorporate the effects of pressure work and variable density in the boundary
layer.

In an attempt to predict the observed different heat transfer at the dif-
ferent thermocouple positions a boundary layer model with swirl was constructed
with the Reynolds number in this case being defined as the product of the radius
from the center of swirl (center of the cylinder axis in this case) and the
angular velocity divided by the kinematic viscosity. This model gave good agree-
ment with motored data for both thermocouples as shown in Figs. 20 and 21. Good
agreement was also found when the speed and manifold pressure were varied.
However extension of the model to fired data gave fair agreement for one thermo-
couple (Fig. 22) but poor agreement with the experimental data for the other
thermocouple (Fig. 23). Apparently squish, gas motion and radiation due to
combustion further complicate the heat transfer picture in fired operation.
The different effects have not yet been sorted out although further mention of
this will be made in the next section on radiant heat transfer.

3. Radiant Heat Transfer

The paucity of data regarding radiant heat transfer rates at the start of
the contract was even more striking than the situation for total heat trans-

'fer. No instantaneous radiant heat transfer rate measurements were known to
the authors although a measurement of time-averaged radiant heat transfer had
been made at Wisconsin (Ref. 3, Appendix VC). This study indicated that time-
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averaged radiant heat transfer could t , is much as 40% of the total heat trans-
fer which suggests that instantaneous radiant heat transfer could be an even
higher percentage. Thus a study was undertaken to develop a suitable technique

* to measure radiant heat transfer and to use the developed instrument to study
the effect of different operating variables on radiant heat transfer. The de-
tails of this study are reported in Appendix VC.

The first requirement, of course, is viewing access to the combustion cham-
ber. !'his was achieved via a window that could be changed during engine opera-
tions to provide a nearly clean window when taking data. Provision was also
made for determination of the transmittance of the window immediately after use.

The scheme to measure the intensity of the radiation passing thru the window
* is shown in Fig. 24. Basically, it consisted of a monochromator to permit se-

lection of radiation having different wavelengths and a-lead solenoid detector.
to measure radiation intensity at the chosen wavelengths, A built-in calibra-
tion system permitted calibration of the window immediately upon its removal
from use in the engine. The output from the photo tube was conditioned elec-
tronically and recorded via the previously described data reduction system.
Seven wavelength values (1, 1.5, 2, 2.5, 3, 3.5, and 4 microns) were'chosen

Sfor data recording as the best compromise between number of wavelengths re-
corded, detector -sensitivity and fraction of radiation received. Data were re-
corded at one wavelength for several hundred cycles and then, at constant oper-
ating conditions, the monochromator moved to a new wavelength setting. It was
found that consfstent reproducible readings could be obtained if all data at
different wavelengths were taken without stopping the engine but that the data
were less reproducible if the engine were stopped and then reset to nominally
the same operating conditions during a series of different wavelength runs.

Taking data in the manner specified above permitted a plot to be made of
radiation intensity versus wavelength with the radiant heat transfer being the
area under the curve when it was extrapolated to zero and infinite wavelengths.
In order to mathematically represent the area under the curve the concept of
black body radiation modified by an emissivity factor was used. The emissivity
factor first used was a function of wavelength, i.e.,

kL

=1- .(22)

where

xC = emissivity at wavelength

k = soot concentration, number per unit path length

L = path length

However, this expression was used to define a pseudo-grey body emissivity ca
which ultimately was determined to be a function of the radiation temperature,
TR and kL with precision adequate for present purposes.' Since the rate of
radiant heat transfer j is given by

4R a aOT R

where

a Stefan-Boltzman 'constant

The analysis of the data were simplified by use of this relationship.

A large number of engine and fuel variables were studied and are reported -
in Appendix VC. Thus only a few results will be shown here. The effect of
variable injection timing is shown in Fig. 25 since the results from this vari-
able are readily observable. Note that early injection gave significantly
higher optical thicknesses (kL), peak radiant heat flux and apparent rate of
heat release. It should not be concluded however that radiant heat flux and
apparent rate of heat release correlate with each other. For example, Fig. 26
shows the effect of different cetane number fuels. Note that the higher cetane
number fuel had higher radiant heat flux and optical thickness but lower rates
of heat release.
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For comparison purposes the total heat transfer, measured as previously
describea by the surface thermocouple, are shown in Fig. 27. Note that the
peak radiant heat fluxes shown in Figs. 25 and 26 are a significant fraction of
the heat flux in Fig. 27. Although there is-some question as to whether the
data are directly comparable the measured radiant heat fluxes for the same
operating conditions were subtracted from those given in Fig. 27 to give the
convective heat transfer with the result shown in Fig. 28.

Table 6 presents further comparisons including comparisons of time averaged
values. In general, the ratio of the time-averaged radiant heat flux to the
time-averaged total heat flux is not quite as large as that found by Ebersole
who found ratips as high as 0.4 but clearly radiant heat transfer is signifi-
cant.

It is of course necessary to find some way to correlate and express radiant
heat transfer rates if they are to have maximum utility in the simulation pro-
gram. Because of the shape of the curve of radiant heat flux versus time the
Wiebe function was used to characterize the curve. The expression finally de-
veloped (Appendix VC) gives q as a function of engine speed, inlet manifold
pressure, inlet air temperature and compression ratio (these last two functions
were not evaluated), beginning of injection and equivalence ratio. For compar-
ison purposes Fig. 29 presents computed radiant heat transfer flux which, if
the expression is accurate, should be identical to the experimental data.of
Fig. 25. The comparison is favorable. However, it should berealized that
the equation has not been tested on other engine designs. One must also esti-
mate the size and location of the flame in the combustion chamber and assign
values for the area and absorptivity of each of the combustion chamber parts.
Nevertheless, for the first time a reasonable estimation of radiant heat trans-
fer can be made.

Finally, let us summarize the status of computing heat transfer in engines
and the work done under this contract. At thh start of the contract only one
or two reliable measurements of instantaneous cylinder heat transfer rates were
available to serve as the basis for formulating correlations. As a result most
proposed correlations had not been compared with experimental data. The studies
provided considerable experimental data and clearly showed the deficiencies
of existing correlations. Attempts to develop better correlations were not
wholly successful but clearly pointed out the need for instantaneous gas ve-
locity measurements in the cylinder. For the first time instantaneous radiant
heat transfer rates were experimentally determined and shown to be significant
in comparison with total heat transfer rates. A correlation with engine oper-
ating variables was developed but lack of other comparison data prevented de-
termination of its universality. Expressions for heat transfer to the intake
valve were also developed from experimental data. No studies were conducted
to determine heat transfer rates in manifolds. The simulation program is de-
pendent solely on estimates for these data.

9. Work Done on Rate of Burning

One of the necessary and important input items to the simulation program is the
rate of burning or rate of heat release which affects markedly the pressure time
diagram. Ideally one would construct a complete model of the very complicated phys-
ical and chemical phenomena that occur during the introduction and burning of the
fuel and this model would automatically produce the desired rate of burning curve.
While such a model would markedly increase the utility of predictions from the pro-
gram the facts are that the details of the processes are so. poorly understood that,
prior to the study, no one had attempted to consttuct a detailed model and, as shown
In Sec.III-E-2, even the work done under this contract included only a portion of the -
details. Thus the first approach to obtaining a rate of burning curve was to use
the pressure-time diagram as an input item to the program and to obtain a rate of
burning curve as an output item. If a number of such curves are obtained they then
can be used as input items for similar engines under similar operating conditions.

In summary, the work done under this contract basically consisted of two parts-
---determining rates"of burning from pressure-time diagrams and attempting to con-
struct a theoretical model to predict rate of burning in a diesel engine.
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Rate of Burning From Pressure-Time Diagrams

Appendix XIA and VIB give the details of the techniques used to determine
rate of burning from pressure-time diagrams. The starting point for the com-
putation is the energy equation (Eq. 3) which is solved for the rate of mass
transfer M. In the diesel engine M physically represents the space averaged
rate at which fuel is burnt in the cylinder. Note that M is not the rate at
which fuel is introduced (injected) into the cylinder unless the ignition de-
lay is zero. In the case of a spark ignition engine the charge is divided into
two parts-a completely burned and an completely unburned part and k physically
represents the rate at which mass is transferred between the two. If the mass
of charge plus P and P are known M can be determined using the relations given
in the first part of this report.

One of the first problems that is encountered is how to determine P since
P is measured as discrete pointo. Dividing AP by At seems too Simplistic and
gives large discontinuities in P. In practice pressure values are calculated
from a smoothed pressure-time table by using a second-degree Lagrangian in-
terpolation formula.

One of the next problems is caused by the observed cyclic irreproducibility
of the pressure-time diagrams. This irreproducibility raises a question as
whether you determine the rate of burning for each cycle and average these to
determine the average rate of burning or whether you average the pressure-time
records to obtain an average pressure time record and from this determine an
average rate of burning.

Using the average pressure-time diagram has the advantage that it gives an
average indicated power. Since an investigation showed that the two techniques
did not give markedly different results and because of decreased computational
time the average pressure time diagram was used.

The third problem comes from the desire to normalize the results and to
plot the fraction of the mass burned rather than the actual mass burned. This
procedure requires division by the total mass burned in the cycle. This total
mass can be determined as the integral of the computed k or from the measured
fuel mass in a unit time plus the measured number of revolutions during that
same time. If the latter procedure is followed it was found that 100% mass
burned was never quite achieved in a spark ignition engine presumably because
of the quench zone but possibly because of experimental error or other things
such as inaccurate heat transfer correlations.

Appendices VIIA and IIB show the effect of experimental errors on M. For
example, if the pressure-time diagram is shifted two degrees either way M is
affected as shown in Fig. 30. Figure 31 shows the differences in the mass frac-
tion burned curves when the maximum peak pressure trace, the minimum peak pres-
sure and the average pressure time curve are used.

Data were obtained for a spark-ignition engine showing the effect of oper-
ating variables on the shape of the mass burned fraction versus crankangle
curves. Fuel-air ratio and engine speed were found to have a relatively minor
effect pn .the shape of such curves although if speed were plotted on a time
basis the effect would be major. Spark timing obviously affects the location
of the curves but also has a shape effect possibly in part due to changes in
combustion chamber shape (Fig. 32). Engine load was also found to have an ef-
fect (Fig. 33).

The previously described data collection system permitted a study to be
made of the cyclic irreproducibility as evidenced for example by the plot in
Fig. 34 of the frequency of cylinder pressure at 9 deg ATDC versus cylinder
pressure. A study of the data showed an essentially normal distribution of
the pressures with the values for the average and standard deviation increas-
ing with the number cycles studied up to about 300 cycles after which the value
varied less than 1%. Interestingly enough the deviation of the imep was much
smaller than the pressure deviation. As an example, for one run where 350
cycles were analyzed the calculated average IMEP was 119 psi with a standard
deviation of 1.05 psi while in Fig. 34 the average pressure is 360 psi with a
standard deviation of 53.3 psi.
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Studies of apparent rates of burning were also conducted for the diesel
engine but since an attempt was made to construct a theoretical model of com-
bustion they will be reported in the next section.

2. A Spray-Droplet Model for Diesel Combustion

While it is possible to use a rate of burning curve obtained as described
above as an input item to the program it would be much more useful to be able
to predict the rate of burning curve from the geometry of the injection sys-
tem plus ignition lag data. Since considerable work has been done in simulat-
ing injection systems it was judged that the area of maximum ignorance lay in
computing rates of burning given a pressure-time history at the nozzle tip.
Accordingly the TACOM engine was fitted with a means of measuring injection
pressure at the nozzle tip and this pressure, plus cylinder pressures, recorded
using the data collection system. An attempt was then made to construct a
theoretical model that, using the observed tip pressure, would predict the ap-
parent rate of heat release computed as previously described from the observed
pressure time diagrams. Complete details are reported in Appendix VIC and VD.

The pressure-time diagrams used for the computed apparent rate of heat re-
lease (ARO1IR) was the average of approximately 50 cycles since the cyclic ir-
reproducibility is smaller in the diesel engine. In spite of this there are
wide swings in the AROHR curve if the discrete points are used for the compu-
tations as shown in Fig. 35. It is not known if these swings are real or are
caused by cyclic irreproducibility and/or the data processing system. Note
that the rate of fuel addition curve is also shown in Fig. 35. To character-
ize and compare the AROHR curves a mathematical expression called the Wiebe
function (Appendix VIC) was used which gives the smoothed curve shown in Fig.
35. The smoothed curves were used in the analysis.

While data showing AROHR for many operating variables are given in Appendix
VIC only one injection timing will be shown here. Injection timing is shown
since it had been used as the variable for illustration in the heat transfer
studies. The resulting data are shown in Fig. 36. Figure 37 shows the effect
of changing the rate of injection as well as the nozzle tip as an illustration
of the wide range of AROHR curves covered in the study.

As indicated previously, a model of combustion was set up as follows:
Using the injection pressure, a mean droplet size is calculated. The droplets
are assumed to vaporize according to a simple steady-state formula for single
droplets in air. Ignition delay is calculated by an empirical ignition delay
formula. At the end of the delay period the vaporized fuel is arbitrarily as-
sumed to burn in one crankangle degree. The unburned fuel is assumed to burn
according to a spray burning law developed by Tanasawa for gas turbine sprays.

This theoretical model was modified by an experimentally determined coef-
ficient. It was found that there was only a small dependence of this coeffi-
cient on pressure, on oxygen and on speed. There did, however, seem to be a
larger dependence of this coefficient on gas temperature so this effect was in-
cluded as shown in Appendix VID.

This model then permitted an.AROHR curve to be computed from a rate-of-
injection (ROI) curve. As previously indicated, moderately realistic predic-
tions of ROI curves can be made using techniques available in the literature.
Thus the model permits prediction of an AROHR curve from engine geometry. A
comparison of the predicted and experimentally observed AROHR curves are shown
in Fig. 38.

As shown in Fig. 38 a reasonably good prediction is made for the TACOM en-
gine. However, the model has not been tested on other engines and it is not
known whether or not it is widely applicable. In addition, it does not include
prediction of emissions which is increasingly desired from a combustion model
in today's real world.

F. Intake and Exhaust System SimuZation

It was known that Prof. Rowland Benson at the University of Manchester, England
and others were studying the complex unsteady-flow phenomena in intake and exhaust
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systems. Under the assumption that their efforts would eventually be available as
inputs to the program only minimal work was done in this area. (Note--under the
latest TACOM contract with Wisconsin Prof. Benson's program has been made available.)
The work that was done was an attempt to explain some of the discrepancies found in
comparisons with the simulation as reported in Appendix I.

The most apparent discrepancy was the marked difference in experimental and com-
puted damping rates of the waves in the intake manifold of the single cylinder en-
gine. This difference is shown in Fig. 39. The computed waves assume no heat trans-
fer from the manifold or valve to the air in the intake manifold while experimental-
ly there is heat transfer especially from the back of the intake valve. It was
thought that the heat transfer might act as an energy source to maintain wave ampli-
tude. Complete details are given in Appendix VII.

Two basic types of experiments were conducted using the apparatus described in
Fig. 40. The first type of experiment used the cam mechanism to close the valve.
The second type allowed the valve to snap shut with no cam control. Such closing
insured that the valve would stay closed and was devised to allow a longer time to
observe the pressure oscillations. A third experiment used the arrangement shown
in Fig. 41. In this experiment the copper bar was heated and, after the heated air
was blown out of the pipe, the open end was sealed with a rubber stopper thru which
a tube from a compressed air tank passed. The pipe was then pressurized to a few
psig, the rubber stopper pulled out quickly and the pressure oscillations observed.
Essentially no effect of heat transfer on damping ratio was observed in any of the
experiments.

The second problem studied was the magnitude of the temperature rise in the
port as measured by the temperature probe shown in Fig. 40. The results are shown
in Fig. 42 and indicate that there is a significant temperature increase due to the
heated valve.

G. Status and Use of Program

During the period covered by this contract most engine companies as well as
University people have found engine simulation useful. Consequently -any evaluation
of engine simulation today must recognize these other studies and uses being made
of simulation programs.

The program developed for ATAC at Wisconsin is believed to be the most detailed
and accurate program available for predicting in-cylinder events for a single-cylin-
der engine. The studies at Wisconsin have not so far been expanded to include multi-
cylinder engines. However, Professor Rowland Benson at Manchester, England has a
multi-cylinder program which emphasizes and is reported to adequately represent the.
gas dynamics in the intake and exhaust system of multi-cylinder engines but includes
much less detail on in-cylinder events. This program has been obtained for TACOM
evaluation and use under the current contract with the University. of Wisconsin.
Thus, as a result of the contract, TACOM has at its disposal the best of engine sim-
ulations available any place in the world.

CAV in England and FIAT in Italy have conducted in-depth studies of injection
system simulation. The studies at Wisconsin have not so far included the injection
system but the CAV or FIAT studies could be adapted to the program. Injection sys-
tem simulation should be added as methods of predicting heat release from injection
data are verified and improved for other engines designs.

As indicated in Appendix VIII we are not yet at the ideal state where, from de-
tailed drawings of the engine, one can predict multi-cylinder engine performance.
Nevertheless, engine simulations in their current state have real utility and their
use can "pay off" at their present state of development. To illustrate this state-
ment let us consider three different ways in which it is judged that engine simula-
tion can "pay off" for TACOM.

1. The simulation can be used as a design tool during single-cylinder en%ine de-
W0Topment

Many questions and ideas occurring during single-cylinder engine work can
be evaluated and prescribed by engine simulation. The effect of valve size and
valve timing can be quite adequately predicted by present programs-in fact,

_7 1 .7
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almost more accurately than experiments where varying a single variable is
* usually impossible because details like the effect of piston cutouts, etc.,

becloud the answer. While the effect of combustion changes cannot be predicted
their potential can be evaluated in terms of effect on peak pressures, fuel
rates, etc. before costly experiments to achieve them are started. Reasonable
estimates of the relative effect of operating variables on metal temperatures
can be obtained. Thus it is judged that the continual use during development
of the current in-depth single cylinder simulation program will "pay off" at
its present stage of development.

2. The simulation can be used as a tool to predict radical design changes in exist-
ing ejnces.

A good historical example of this use is the VCR program on the 1100 engine.
If, at the time this development program was started, a simulation program had
been available it could have been used to estimate performance data under the
radically different proposed operating conditions. It is true that combustion
simulation is not possible but reasonable estimates and studies of limits could
yield valuable performance estimates. The performance estimates could be ex-
tremely valuable both in deciding whether or not to embark on the adventure and
the limits to which the ventureshould be extended.

3. The simulation can be used as an evaluation of unusual cycles and configura-
fTins.

TACOM is always confronted with the problem of evaluating proposed unusual
cycles and configurations. TACOM cannot afford to ignore these both from the
standpoint of potential use and political pressures. At the same time because
of their unusual configurations, judgments are difficult to make and defend.
Again, it is believed that by assuming reasonable heat transfer coefficients,
rates of combustion, etc., engine simulation can be the basis for valid and
defendable performance estimates.

In summary, in our opinion the work that TACOM has sponsored at Wisconsin plus
developments elsewhere have brought engine simulation to the point where it is now
useful to TACOM. However, a remaining problem is how does TACOM avail itself of
this tool. Ideally TACOM should have an individual in its organization who is fami-
iar with engine simulations and could use them as well as guide their use and coor-
dinate the obtaining of needed additional information. If this is not currently
possible, knowledgeable people at Wisconsin or elsewhere could be used temporarily.

N. Further Program Improvement

As indicated in the previous section, engine simulation programs are judged to
be useful to TACOM at the present time. As indicated in Appendix VII there are,
however, areas where the program still needs improvement and where addition data
and information are needed. These fall into two broad categories.

1. Adaptation and coordination of existing information and inclusion in TACOM pro-
* gram.

Current examples of this are'the exhaust-intake manifold program of Profes-
sor Benson and the injection system simulation of CAV. Also, as information on
combustion simulation becomes available this should be included. Again, this
points out the need for TACOM to have some individual who is actively using
and improving TACOM's engine simulation program. While such work may be done
temporarily at a University, the work in the next category is much more in line
with University objectives, capabilities and available manpower.

2. Obtaining basic data to improve program.

There are several areas where additional basic data are needed. A partial
list includes:

a. Determination of rates of burning in a pre-chamber engine and evaluation
of the pre-chamber program. Work on this aspect is being done under our
current TACOM contract.
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b. Expand the simulation to include prediction of emission particularly NOx.
The theory is fairly well established in the case of the spark-ignition
engine. However in the case of the compression ignition engine considerable
experimental data would have to be taken to establish the correct physical
model for both NOx and particulates.

c. Measurement of instantaneous gas velocities and corresponding heat transfer
rates in the cylinder. Such data as necessary in establishing heat trans-
fer correlations.

d. Establishment of heat transfer correlations for different combustion chamber
configurations.

e. Measurement of instantaneous gas velocities and corresponding in manifolds

and establishment of a heat transfer correlation.

f. Determination and correlation of factors affecting engine friction.
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Table I - Cycle An.alysis of Single-Cylinder 4 Stroke Diesel Engine Fired Prob I

Engine ER-1 INT OP 629.0 CADEG Speed 3200.0 rpm INT T 552.0 R CAGMS 165

Ilot 4.125 INT Cl 59.0 CADEG Coolant Tcmp 635.5 R INT P 14.08 p~Ia CAPPHR 180

Stroke 4.313 EXI O4 295.0 CADEG Coolant Flow 1.3390 lb/scc EXiH P 14.08 psia CAIIRE 260

Comp Ratio 16.000 EXIt CL 649.0 CADEG Fuel 10.67 lb/hr 0. CADEG - BDC

Tot. Tot. Tot. Pres.
Mail Temp Flow Flow mHt. Tr. Ht. Tr. lit. Tr. Int. Port

Pies Temp hIt. IV Temp EV Cyl 1P EP 0t. Port Vol.

Crank Cyl Cyl Cyl Equiv. Port Ibm EP Ibm 3 3

Angle psla R 10 Ibm Ratio R /hr R /hr 1049/CA 104 B/CA 103B/CA psia In.3

5"19. 19.39 1865. 73. 0.849 647. 1717. -90. -0.669 0.1747 -0.1714 14.1f" 4.5P"

647. 15.40 1713. 68. 0.849 662. -39. 1659. -1. -0.454 -0.2303 -0.1500 14.42 4.12

549. 14.26 1678. 57. 0.849 663. -9. 1653. -0.405 -0.2187 -0.1458 14.22 4.29

550. 13.81 1660. 67. 0.844 663. 36. 1650. -0.110 -0.0716 -0.1449 14.00 4.40

560. 11.11 1355. 77. 0.617 653. 239. 1619. 0.129 -0.0491 -0.1361 13.Q0. 6.05

580. 9.32 920. 103. 0.247 621. 531. 1567. 0.437 0.0146 -0.1212 11.54 12.23

600. 8.79 774. 377. 0.130 601. 740. 1522. 0.608 0.0503 -0.1090 11.57 21.24

620. 9.05 720. 619. 0.081 594. 917. 1484. 0.755 0.0664 -0.0987 12.75 31.63

650. 10.05 694. 1042. 0.049 581. 999. 1436. 0.915 0.0919 -0.0861 13.63 46.04

710. 13.17 701. 1706. 0.029 571. 658. 1363. 1.056 0.1149 -0.0675 14.58 61.16

20. 15.37 724. 1997. 0.026 577. 223. 1334. 1.061 0.1065 -0.0604 15.84 60.20

30. 16.19 735. 2016. 0.026 581. 43. 1326. 1.078 0.1014 -0.0583 16.24 58.61

40. 17.08 748. 2011. 0.026 585. -65. 1317. 0.807 0.2752 -0.0503 18.21 56.38

59. 19.91 783. 2002. 0.026 577. 1303. 0.767 0.3296 -0.0528 14.49 60.43

60. 26.16 "848. 2002. 0.026 564. 1288. 0.688 0.3348 -0.0493 12.77 41.53

.110. 40.22 1011. 2002. 0.026 578. 1269. 0.395 0.3191 -0.4448 13.77 26.33

140. 139.91 1336. 2002. 0.026 596. 1252. -0.917 042076 -0.0409 15.12 12.23

170. 646.69 1876. 2002. 0.027 590. 1237. -7.662 0.2959 -0.0375 13.87 4.40

186. 11,02.45 3686. 2053. 0.407 589. 1230. -40.240 0.2942 -0.0358 13.37 4.04

200. 836.31 3797. 2074. 0.558 592. 1224. -34.300 0.2887 -0.0344 13.49 6.05

230. .07.79 3517. 2101. 0.760 606. 1212. -17.890 0.2702 -0.0317 14.60 16.48

260. 138.47 3221. 2113. 0.849 609. 1201. -11.600 0.2607 -0.0293 14.31 31.63

296. 78.79 2821. 2113. 0.849 610. 1188. -9. -7.455 0.2534 -0.1897 13.71 48.52

310. 68.58 2725. 2100. 0.849 614. 1230. -152. -6.672 0.2471 -0.1714 13.90 53.52

330. 55.71 2588. 1967. 0.849 620. 1973. -842. -5.496 0.2370 -0.31068 14.27 58.61

360. 36.30 2335. 1490. 0.849 624. 2300. -1161. -3.422 0.2270 -0.3744 14.23 61.47

390. 23.60 "103. 1026. 0.849 626. 2083. -949. -1.985 0.2201 -0.2850 13.89 58.61

420. 17.10 1937. 680. 0.849 632. 1912. -599. -1.214 0.2089 -0.2264 14.06 50.06

480. 16.26 1873. 288. 0.849 640. 1784. -433. -0.774 0.1903 -0.1891 14.03 21.24

520 17.88 1855. 91. 0.849 646. 1738. -183. -0.638 0.1780 -0.1762 14.06 6.05
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Table 2 - Cycle Analysis of a Single-Cylinder 4 Stroke Diesel Engine Prob No. 1.0

Pcrformance Data Fired at 3200 rpm with a Fuel/Air Ratio of 0.0576 = 0.85 Eq Ratio

llorsepower Mean pressure, psi

NIIIP 31.62 1l1P 33.35 NIMEP 135.77 GIMEP 143.20
BliP 18.08 Pi1l -1.73 BMEP 77.64 PMEP -7.43
RAIIP 13.54 RAIIP/AIIP 0.75 RAMEP 58.13 RMEP -27.00

Flow •ates Lb/cyclc Lb/hr Temperatures, F. Efficiencies

Intake 0.0019375 186.003 Mass ave int temp 127.4 Volumetric 82.8%
Exhaust 0.0020486 196.670 Mass ave exh temp 1566.5 Mechanical 54.20o
Blowby -0.0000000 0.000 Time ave exh temp 1060.1 I Thermal 43.3%
Fuel 0.0001111 10.670 Peak temp 3340.2 B Thermal 23.4%

Peak press 1202.0 psi ISFC 0.3200
BSFC 0.5901

Wall Temp Heat Transfer Effective
(Gas Side) (Gas to Wall) Gas Temp,

Energy Balance Btu/cycle F Btu/Cyclc F

Net work on piston 0.83S Piston 686.7 0.1478348 1995.9
Ileal Irallsfrr swUll .0.360 Cyl head 509.6 0.0UG4871 1995.9
Blowhy 0.000 Cyl sleeve 616.4 0.0480521 1531.4
Net intake and exhaust -1.283 hit valve 803.8 0.0190501 (face) 1977.5

-0.0157012 (back) 198.3
Fuel total enthalpy 0.086 Int port 168.6 -0.0031827 146.6
Balance error -0.001 Ex valve 1369.0 0.0080898 (face) 1995.9
Su ei -0.0021407 (back) 1307.1

Ex port 435.8 0.0914701 1092.6

Energy Distribution Coolant Temperature Rise

% Brake work 23.4 Head 3.3 F 1.3390 lb/sec
016 Ileat transfer 16.8 Barrel 4.2 F 1.3390 lb/sec
% Exhaust 42.3 Friction 1.4 F out of 4.2
% Friction and Acces. 17.5 Total 7.5 F
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Table 3 - Selected Parameters Showing Results of Computations for Single-Cylinder Engine

a U. 0 L .- At Intake At 160deg

0. - Valve Crank
LL'2 LL u Closing Angle

E !r P T 'P T~~~ pzi *F pie

3200 rpm, 0.0001111 lb fuel/cycle, coolant flow = 1.339 lb/sec

A 82.8 135.8 -7.43 127 1567 1060 3347 1202 688 510 616 804 1369 19.91 323 359 1233 0.360
B 82.1 133.9 -7.32 129 1536 1047 3372 1202 740 555 659 884 1396 19.94 331 360 1253 0.396
C 79.5 133.9 -7.07 144 1621 1091 3455 1189 703 522 630 437 1412 19.97 359 357 1293 0.368
D ,-0.2* 134.a -7.60 128 1602 1081 3407 1184 694 513 623 811 1395 19.44 329 350 1295 0.308
E 82.5 135.7 -7.40 128 1570 1061 3353 1199 687 510 617 799 1370 20.93 335 357 1232 0.361
F 12 9 136.1 -7.44 127 1565 1069 3369 1205 681 505 612 795 1364 19.90 322 359 1231 0.356
G 77.1 136.3 -5.89 131 1632 1098 3437 1145 691 509 620 814 1406 17.94 2M8 326 1190 0.370
H 82.7 135.9 -7.42 127 1572 1003 3356 1203 737 511 609 807 1373 19.91 325 359 1239 0.357
1 83.0 135.8 -7.45 127 1563 1058 3341 1203 686 508 615 769 1366 19.90 321 359 1229 0.360
1 81.2 131.7 -7.21 129 1542 1047 3385 1197 763 575 679 908 1398 20.08 395 362 1281 0.414
K 82.9 135.8 -7.44 127 1562 1057 3341 1202 663 508 593 801 1365 19.88 321 358 1228 0.362
L 82.9 135.7 -7.45 127 1574 1063 3350 1069 677 501 609 788 1362 19.89 322 358 1229 0.355
M 84.2 139.2 -758 125 1555 1049 3322 1210 653 468 593 738 1349 19.70 362 356 1191 0.334
N 82.3 134.4 -8.64 129 1579 1075 3359 1201 691 512 621 813 1386 19.91 327 359 1239 0.366
0 82.2 133.4 -7.27 129 1499 1020 3365 1204 781 574 698 912 1392 19.91 328 360 1249 0.422

2600 rpm. 0.0001128 lb fuel/cycle, coolant flow = 1.165 lb/sec

A 84.6 139.7 -4.77 128 1520 997 3300 1206 637 476 576 753 1307 19.58 301 354 1188 0.382
G 78.5 139.5 -3.72 131 1590 1039 3417 1149 644 478 582 769 1353 17.70 281 323 1156 0.395

2000 rpm. 0.0001068 lb fuel/cycle, coolant flow = 1.09 lb/sec

A 83.3 135.2 -2.65 130 1398 906 3266 1149 573 434 525 670 1190 18.69 273 338 1132 0.388
B 82.4 132.7 -2.62 132 1362 891 3290 1148 623 475 567 746 1212 18.71 282 339 1153 0.433
C 78.0 132.5 -2.47 153 1473 947 3422 1125 592 448 541 400 1246 18.51 315 331 1203 0.402
G 79.7 135.2 -2.12 132 1435 927 3327 1117 576 435 528 678 1212 17.63 262 320 1113 0.395
j 81.2 130.7 -2.58 133 1374 894 3299 1138 636 486 579 758 1213 18.74 293 339 1174 0.447
M 84.5 136.9 -2.69 131 1367 886 3247 1158 579 428 M3 662 1181 18.65 261 339 1110 0.388
O 81.4 129.2 -2.58 134 1308 859 3293 1144 694 521 630 821 1223 18.71 289 340 1174 0.495

1400 rpm. 0.000959 lb fuel/cycle, coolant flow - 0.625 lb/sec

A 80.0 124.7 -1.28 129 1223 803 3055 942 529 405 498 553 1026 17.96 243 326 1071 0.366
G 79.7 125.0 -1.06 129 1225 804 3058 940 529 405 498 553 1028 17.87 242 325 1069 0.365

A. With Intake dynamics and dissociation. I. Intake valve metal heat transfer path 67% of original
9. Radiation temperature increased 30%. that is. T a 1.3 length.

Tg. 1. Cylinder gas-side heat transfer coefficient increased by
C. Intake valve and port heat transfer coefficient increased 30%o

by factor of 5. K. No frictional heating at sleeve- piston interface.
D. Intake effective valve flow area reduced by 10%. L. Shape of heat release curve changed.
E. Intake valve opens and closes 5 crank angle degrees M. Eichelberg heat transfer coefficient : q same at 2000

later. as Run A-2000.
F. Without dissociation. N. Exhaust effective valve flow area reduced by 10%.
G. With constant port pressure. 0. Eichelberg heat transfer coefficient q nearly same at
11. Piston metal heat transfer path 50% longer. 8200 as Run 1-3200.
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Table 4 - Comparison of Original and
Proposed (Optim~unm Engine Pcrformance

4Optimutn Optitnin

w/cons. F/A w/cons.

Original RItio Fuel Rate

Performance
Imep, psi 138.69 140.95 139.16
Ind. therrnal efficiency. v'o 0.4437 0.4443 0.4452
IsfC, lb/hhp-hr 0.3124 0.3120 0.3114
Mass ivg. int. temp, F 129.70 124.70 324.50
Vol. eff.. % 83.30 84.56 84.58
- nm1ping Ilnep, psi -3.02 • -3.91 -3.89
Friction mep, psi -44.94 -45.20 -45.06
Brake rncp, psi 90.72 91.84 90.20

Pcyl at st. lnj., psi 229.98 232.38 232.29
"Tcyl at St. inj., R 1428.00 1428.00 1420.00

Engine Conditions
Spced, rpm 2000.00 2000.00 2000.00
Fuel air ratio 0.0540 0.0540 0.0531
Fuel rate, lb/hr 7.831 7.948 7.831
Caivo, deg 520.00 514.00 514.00
Caivc, deg 50.00 44.00 44.00
Caevo, dcg 310.00 322.00 322.00

Caevc, deg 560.00 572.00 572.00
Int. valve. dia., in. 2.00 1.962 1.962
Exia. valve dia., in. 1.70 1.738 1.738
P atin, psi 14.08 14.n8 14.08

T atm, F 95.00 95.00 95.00

Table 5 -Effccts of tleat Release Shape and Compression Ratio

Compression Ratio 16.00 16.00 16.00 16.00 18.19
Peak cyl. temp., R 3737.1 3750.5 3758.7 3764.1 3550.5
•Peak cyl. pressmire, psi 1130.0 1110.0 966.0 1112.0 1110.0
Max. iprcssure ti.sc, psl/deg 88.38 81.03 50.82 70.64 56.19
Ihnep, psi 137.85 138.92 13-.32 138.56 137.98
Heat transfer s51n, Otml/cyclc 0.423 0.421 0.413 0.432 0.415

Column Wear Rclease ClrVe

I Uriginil ('ig, 10)
2 Sinaplificd (Fig. 10)
3 Mo~dified. 75,51 peak (Fig. 11)
4 Modlified, w/7 deg advance (Fig. 12)
5 Modificd, 75io peak (Fig. 11)
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APPENDIX I

DETAILS OF CURRENT ENGINE PROGRAM

Computer Program for Single Cylindjer
Internal Combustion Engine

A digital computer simulation has been rewritten in FORTRAN V language for the
UNIVAC 1108 computer. The program can be used to simulate any one of the following
types of single cylinder engines:

1. Four stroke open chamber diesel engine.
2. Four stroke per chamber diesel engine
3. Four stroke spark ignition engine.

"The work on mathematical modeling and the development of time dependent differ-
ential equations for open chamber diesel engine anid spark ignition engine is given
in the following Appendices. The work on the pre chamber diesel engine has not yet
been completed but is. covered in principle in the main body of this report.

As indicated in the.main body of this report, the engine is divided in several
thermodynamic systems and two basic assumptions are made. They are:

1. Existence of thermodynamic equilibrium at each instant of the cycle.
2. No spacial variation of thermodynamic variables, e.g., pressure and tem-

perature, in the system.

Consequently, the only independent variable is time, except in the case of wave dy-
namics for long intake pipes, and the differential equations for the system are re-
duced to ordinary type. The various systems are explained below:

1. Ports - There are two different systems for ports, intake and exhaust.
The instantaneous flow rates of gases to and from the ports are computed
using conventional steady state flow equations. The flow coefficient
can be found either by using empirical relationships or can be experi-
mentally determined. The pressures in the ports can be assumed to be
constant or in the case of a long intake pipe for diesel engines the one
dimensional wave equation is solved. For instantaneous heat transfer
rate purposes, each port is divided into two parts -- port wall and valve
back. It should be noted that the intake port may contain products of com-
bustion in case of back flow from cylinder for diesel as well as spark
ignition engine but that the exhaust port may not contain air or fuel vapor
in the case of spark ignition engine.

2. Cylinder - Two cases can be considered for the cylinder--with combustion
and no combustion. In case of spark ignition engines during combustion
the cylinder is divided into two subsystems-burnt and unburnt. The pres-
sure is also assumed to be the same in the two systems but the temperature
is different. In the case of diesel engines, the fuel is injected at some
known rate and assumed to burn instantaneously. The rate of fuel burning
can be either found empirically or computed from a pressure-time diagram
for a similar engine using the heat release program. The cylinder is di-
vided into five different parts for computing instantaneous heat transfer
rates. They are: (i) Piston, (ii) Cylinder head, (iii) Sleeve, (iv) Intake
valve front, and (v) Exhaust valve front. The five wall temperatures, as-
sumed to be constant during a cycle, and mass averaged gas temperature are
used to calculate heat transfer ratesusing various heat transfer correla-
tions. The properties of products of combustion are computed for the type
CnH2n fuel using analytical expressions fitted to tabulated data of Starkman
and Newhall.
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3. Prechaniber - This is used only in case of pro chamber diesel engine.
Fuel is assumed to be injected and burnt in this system also, in addition
to the cylinder. The two systems are coupled by a throat between them
through which gases can flow. Pro chamber wall temperature is assumed to
be constant during a cyclee. Development of equations in this system is
similar to the cylinder.

4. Coolant - Water cooling is assumed. Using one dimensional heat conduc-
tion models for various walls and a correlation for the heat transfer co-
efficient on coolant side, a cyclic heat balance is written. From it, new
wall temperatures are computed to be used in the next cycle, Simplifica-
tion of geometry is essential for the bne dimensional model.

The computer program consists of a main program with 17 subroutines, all of
which may not be called for in some cases. A listing of the program can be found
in Appendix I. Most of the subroutines can be divided into two main parts. The
first part is initialization which takes place at the start of the program execution
and/or at the beginning of each cycle iteration. The second part of the subroutine
is called during execution of the cycle. A subroutine is divided into different
parts by various entry points which is a feature of higher order FORTRAN languages.
A flow chart showing the logic of the program is on page . The function of each
subprogram with its important features is given below.

1. MAIN ... The inain program calls the subroutines for input variables and the
initialization at the starting crankangle. It starts the program and provides
720 increments of l.degree crankangle each. It also controls the print output
of 0UTPUT subroutine in various cases as follows:

a. List of input variables
b. Tabular form output for cyclic variables
c. Output at the end of unsuccessful cycle
d. Output in case of error
e. Final output

2. INPUT ... This is the onZy subprogram which reads the input information in
card form and transmits the respective values of input variables to their re-
spective subroutines by common blocks. It has been structured in such a way
that the order of cards in the input deck does not affect the values of the
variables. The first ten columns of each input card consists of the alphanu-
meric identifying name (6 columns) and numeric branching information. The list
of input variables with units is the Appendix 10.

3. INITIAL ... This subprogram is divided into three parts. The first is initial-
ization of variables at the start of execution and the second is initialization
of cyclic variables at the beginning of each cycle. The third part is the print
output of cyclic variables at the end of unsuccessful cycle.

4. SOLVE ... This subprogram provides crankangle increment of 1 degree or 0.1
degree, in case of nonconvergence, and calls the subroutine for solving ordinary
coupled differential equations.

5. IDIFF ... This subprogram solves time dependent coupled ordinary differential
equations in state variables by Modified Euler Predictor Corrector method. The
variables are pressure, temperature, mass and equivalence ratio of volume for
spark ignition engine during combustion.

6. IRATE ... The function of this subprogram is to calculate the time derivatives
of state variables during the cycle. It can be divided into four parts. The
first part initializes the variables and sets the constants. It also generates
switch variables for various branches. The second part calculates the mass
flow rates between various systems and time derivatives for solving differential
equations. The third part calculates the accumulated sum of mass and energy
flow quantities and piston work during a cycle. The fourth and last part cal-
culates output quantities such as horsepower, efficiencies etc., and prints the
output.

7. IVLUME ... This subprogram evaluates the geometrical variables such as com-
pression ratio, cylinder gas volume, its rate of change, sleeve area open to
gas side heat transfer etc., as a function of crankangle during the cycle.
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8. IAREA ... The function of this subprogram is to calculate the flow areas for
gases between the valves and the engine cylinder as functions of crankangle.
The effective flow areas at the reference speed of 1200 rpm are known from ex-
perimental results and then using polydyne cam theory, the effective flow areas
can be calculated at different speeds. This subprogram can be replaced for dif-
ferent engines.

9. JENGRY ... This subprogram calculates the internal energy, the gas constant
and their partial derivatives with pressure, temperature and equivalence ratio
for the products of combustion. It is divided into two parts. The first part
is for lean mixtures. In this part, the internal energy and gas constant are
written as functions of pressure, temperature and equivalence ratio. In the
second part, for rich mixture, the properties of products of combustion are
functions of pressure and temperature at five equivalence ratios (1.0, 1.1, 1.2,
1.4 and 1.6). The values at other equivalence ratios are found by interpola-
tion formula.

10. IAVRGY ... This subprogram calculates properties of air and fuel. vapor as
function of temperature. It is used only for the spark ignition engine.

11. IFLWC0 ... The function of this subprogram is to find the coefficient of dis-
charge of flow areas for inlet valve, exhaust valve, intake manifold and the
throat between precup and engine cylinder.

12. IHEAT ... This subprogram calculates the instantaneous rates of heat trans-
fer on gas side for various engine parts. It can be subdivided into five parts.
The first part initializes, sets the constants and generates switch variables
for various branches. The second part calculates the instantaneous heat trans-
fer rates using various types of correlations. The third part accumulates the
sum of the heat transfer rates of all engine parts to be used for the cyclic
energy balance. The fourth part finds the mean wall temperatures at the end
of the cycle using a one dimensional heat conduction model. Finally, the fifth
part calculates the output variables and prints the output.

13. ICOMB ... This subprogram determines the combustion period during the cycle
and calculates the apparent fuel burning rate. For spark ignition engines, it
also changes the total number of systems in the engine cylinder at the begin-
ning and end of the combustion.

14. LAGINT ... It uses a Lagrangian interpolation scheme to find the apparent
fuel burning rate at various crankangles. It is called by the INCOMB subrou-
tine.

15. MASS ... This subprogram calculates the mass flow rate for an area opening
using orifice flow equation. It is called by the IRATE subroutine.

16. ICYCLE ... This subprogram checks for the cyclic variables such as pressure
temperature, equivalence ratio and various wall temperatures, at the end of
cycle and stops the program in case of convergence.

17. IDYNIP ... The first part of this subprogram initializes the variables and
the second part solves the one dimensional wave equation for the intake system.
The equations are hyperbolic and solved by the method of characteristics. It
calculates the mean port pressure and its time derivative as functions of crank-
angle. There is provision in the program to skip this subroutine in case of
constant port pressure assumption.

18. OUTPUT ... This subroutine prints the list of input variables before starting
the cyclic calculations and then at the end of the cycle, prints either the
cyclic variables in case of nonconvergence or the final output for the conver-
gent cycle. It is controlled by the MAIN program. A sample output with the
corresponding input list is attached in the appendix.
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INPUT VARIABLE LIST

VARIABLE DESCRIPTION UNITS

*J I -- NRUN Integet variable for identification [-3

-RPM Engine Speed [rev/min]

* -BORE Cylinder diameter [in.]

STROKE Length of piston stroke [in.]

-C0NRD Length of the piston connecting rod (in.]

-. -- SCL Sleeve height uncovered at TDC (in.]

* VLPCL Volume added to the combustion chamber volume
due to the curvature of the top of the piston
(piston'bowl volume) [in.']

"-"VLVCL Volume added to the combustion chamber volume
by taking the head and valve configuration in-
to account. Combustion chamber volume
= (7/4) (BORE) 2SCL + VLPCL + VLVCL [in,']

-V0LP2 Volume of the pre chamber for a pre chamber
diesel engine (includes throat volume) [in. 3 ]

-APM Cross-sectional area of the throat between
the pre chamber and the main chamber of a
pre chamber diesel engine [in. 2]

-AIM Cross-sectional area of the inlet manifold of
S.I. engine [in. 2]

S-AHl Heat transfer area of the head for System 1
- gas side [in.2]

"AP Heat transfer area of the top of the piston
- gas side [in. 2]

-AH2 Heat transfer area of the head in System 2 for
pre chamber engine - gas side [in.']

.- AHlC Heat transfer area of the head for System 1
-coolant side (in.]

APC Heat transfer area of the underside of the
piston - coolant side [in.2]

-ASC Heat transfer area of the sleeve - coolant side [in. 2]

-- APSC Heat transfer area used in determining the
thermal resistance between the center of the
piston and the sleeve [in.2]

-ASBC Heat transfer area used in determining the
thermal resistance between the center of the
piston and the coolant side of piston [in.2]

-AH2C Heat transfer area of the head in System 2 for
pre chamber engine - coolant side (in. 2 ]

X" DIV Diameter of the inlet valve [in.]

- DEV Diameter of the exhaust valve * [in.]
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VARIABLE
NAME DESCRIPTION UNITS

AIVF Heat transfer area of the front side of the
inlet valve - gas side [in.2]

-AIVBq Heat transfer area of the back side of the
inlet valve in the intake port - gas side [in. 2 ]

VF Heat transfer area of the front side of the
exhaust valve - gas side [in. 2]

-AEVB Heat transfer area of the back side of the
exhaust valve in the exhaust port - gas side [in. 2]

AIVC Not used

AEVC Not used.

-DMIP Mean hydraulic diameter of the inlet port [in.]

DMEP Mean hydraulic diameter of the exhaust port [in.]

"\AIP Average cross-sectional area of the intake
port [in.2]

\AEP Average cross-sectional area of the exhaust
port [in .2]

VIP Volume of the intake port [in.$]

VEP Volume of the exhaust port [in. 3]

tZ -AIVP Heat transfer area of the intake port -gas side [in. 2]

SAEVP Heat transfer area of the exhaust port - gas
side [in. 2 ]

-AIPC Heat transfer area of the intake port - coolant
side [in. 2]

AEPC Heat transfer area of the exhaust port
" coolant side [in.21

The following lengths are used in a one dimensional heat transfer model of
the cylinder and port areas. This model is used for determining the wall tempera-
tures.

9- XHI Thickness of the head between the gases in
System 1 and the coolant [in.]

- XPGI Distance from the top of the piston to an in-
termediate point within the piston [in.]

XPIS Distance from the intermediate point within the
piston to the sleeve [in.]

_XPIC Distance from the intermediate point within the

piston to the bottom of the piston fin.]

-XSGC Thickness of the sleeve [in.]

-XH2 Thickness of the head between the gases in
system and the coolant for pre chamber engine [in.]

-XIP Thickness of the intake port wall [in.]
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VARIABLE
NAME DESCRIPTION UNITSN1 N

,0  XEP Thickness of the exhaust port wall [in.]

-XIV0 Average distance through the intake valve
from the port gases to the coolant while
the valve is open [in.]

XEVO Same as XiV0 except for the exhaust valve [in.]

XIVC Average distance through the intake valve
from the port gases to the coolant while the
valve is closed [in.]

'-XEVC Same as XIVC except for the exhaust valve [in.]

The following crankangles are measured from top-dead-center of the exhaust
stroke.

S 4 - CAEV0R Crankangle exhaust valve opening ramp [OCA]

ý'CAEV0 Crankangle exhaust valve opens [ 0CA]

".NCAEVC Crankangle exhaust valve closes [°CA]

kCAEVCR Crankangle exhaust valve closing ramp [*CA]

S-CAIV0R Crankangle intake valve opening ramp [PCA]

\CAIV0 Crankangle intake valve opens [(CA]

-CAIVC Crankangle intake valve closes [ 0 CA]

kCAIVCR Crankangle intake valve closing ramp [°CA]

The following 12 variables are used in determining valve motion. The model
used is a one mass, two spring system. Equivalent mass and .spring constant terms
are calculated for the valve side of the rocker arm.

YIVM Maximum displacement of inlet valve at
reference speed [in.]

-YEVM Maximum displacement of exhaust valve at
reference speed [in.]

-YCIR Clearance and initial deflection of inlet
valve at reference speed [in.]

"YCER Clearance and initial deflection of exhaust

valve at reference speed [in.]

-RALI Rocker arm ratio for inlet valve [-]

-RALE Rocker arm ratio for exhaust valve [-I

4- - !V Equivalent weight of the intake valve train [ibm]

.WEVT Equivalent weight of the exhaust valve train [lbm]

- SRSI Spring constant for the return spring on the
inlet valve [ibf/in.]

-SRSE Spring constant for the return spring on the
exhaust valve , [ibf/in.]



47

VARIABLE
NAME DESCRIPTION UNITS

4.." SVTI Equivalent spring constant for the intake
valve train [lbf/in.]

"-SVTE Equivalent spring constant for exhaust
valve train [ilbf/in.]

The following values are error limits for certain parameters used to determine
'if further iteration is required at a given crankangle. The cyclic error values
set. the error limits of parameters from cycle to cycle and are used to determine
if the program must make another cyclic iteration.

- .. ERP1i Error limit for the pressure in System 1 [psi]

, ERT1 Error limit for the temperature in System 1 [OR]

•ERFI Error limit for the equivalence ratio of the
fuel air mixture in System 1 (for diesel en-
gines only) or error limit for volume of [-J or
System 1 during combustion of S.I. engine* [in.3]

('ERWl * Relative error limit for the mass in
System 1 [-]

.ERPlC Cyclic error.limit for the pressure in
System 1 [psi]

.ERTIC Cyclic error limit for the temperature
in System 1 [OR]

'ERFIC Cyclic error limit for the equivalence
ratio in System 1 for diesel engine [-]

SERP2 [psi]
-ERT2 ( [OR]~-ERF2 I [-] or •[in. 3 ]
-ERW2 Error limits for System 2, same as for

"ýERPX2C( System 1 (psi]
•ERT2C. [-]

-ERF2C [-]

i I -[psi]
•.ERFIP O[-]

.ZERWIP Error limits for the intake port, same as [R].ERPIPC for System 1 [psi]

.-ERTIPC [OR]
-E.FIPCf [-]

4. .ERPEP [psi]
-ERTEP [OR]
-ERWEP Error limits for the exhaust port, same
-ERPEPC • as for System 1 [p]_ERPEPC[psi]
..ERTEPC) [OR]
-ERFEPC [-]

Metal temperatures are considered constant over a cycle. Therefore the fol-
lowing error limits are cyclic error limits.

5.--ERTWH1 Error limit for the wall temperature of the
head in System 1 [OR]
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, ERTWS Error limit for the temperature of the sleeve [OR]

-•ERTWP Error limit for the temperature of the top of
the piston [Ol]

-ERTWIV Error limit for the temperature of the intake
valve [OR]

-ERTWEV Error limit for the temperature of the exhaust
valve [OR]

-ERTWIP Error limit for the wall temperature in the
intake port [OR]

-ERTWEP Error limit for the wall temperature in the
exhaust port [OR)

4 -•ERTWH2 Error limit for the wall temperature of the
head in System 2
(Needed for a pre chamber diesel engine only) [OR]

-ERRV0L Error limit for volume used to stop combus-
tion for S.I. engine [in. 3 ]

The following are integer variables used for giving engine type and whether-
printed output is desired from some of'the subroutines.

"4 4 NENG 1 - designates open chamber diesel engine
2 - designates pre chamber diesel engine
3 - designates spark ignition engine [-]

In the following 9 variables, a value of 1 designates yes and 2 designates no.

-N0UT1 Tabulated output for each degree crankangle
at the end of the cycle [-]

-NDBS0L Print out the number of iterations required for
convergence at each crankangle [-]

-NDSRT Printed output from RATE subroutine giving the
values calculated within the routine each time
it is called [-H

-- NVLDBG Printed output from the VOLUME subroutine [-3

-NARDBG Printed output from the AREA subroutine [-]

NEGDBG Printed output from the ENERGY subroutine [-]

-- NAVDBG Printed output from the AVERGY subroutine [-]

SNDBFL0 Printed output from the FL0WC0 subroutine [-]

NHTDBG Printed output from the HEAT subroutine [-]

ICYCLE The maximum number of cyclic iterations for
cycle convergence [-i

IDVS The maximum number of iterations for com-
puting rates of port systems [-L

- ICAl Crankangle at which the program is to start,
measured from TDC on the exhaust stroke ([CA]

. ICA2 Crankangle at which the program is to stop.
Negative value means complete cycle calculations ['CA]
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NAME DESCRIPTION UNITS

I'' ~The following integer variables are used to determine which heat and flow
correlations are used in the program.

4. 3 NHTC1 Type of convective heat transfer correlation

for System 1

) I •1 - Annand or Woschni (See NHTCAW)
0 -2 - Eichelberg

3 3 -Pflaum
4 wv4 (Open)

-NIITCAW Convective heat transfer for System 1
(Needed only if NIITCI=I)

2. 1 - Annand
2 - Woschni [-]

•-NHTRI Radiative heat transfer'correlation for
System'l

-/1 - Modified
.2 - Flynn
.3 - Open [-1

... NHT2 Integer variable for System 2

1 - yes
• 2 no [i

- NHTC2 Convective heat transfer correlation for
System 2

1 - Eichelberg
2 - Open [-]

- NHTR2 Radiative heat transfer correlation for

System 2

1 -Open [-]

-NHTP Flow and heat transfer correlation for the
ports

1 - Eichelberg and pipe flow
2 - Open [-]

The following values are used to start the program. They should be measured
values or best estimated of the parameter values at the beginning crankangle.

I -P1 Pressure in System 1 , (psia]

-Ti Temperature in System 1 [ OR]

F1 Fuel air equivalence ratio in System 1 ,-i

-P2 6r Pressure in System 2 [psial

t/ (?CHCEVF Convective heat transfer coefficient for the
'I exhaust valve face and System 1 gases [-i

-C0heRHl Radiation heat transfer coefficient for the
head and System 1 gases C-
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t'NVAMAE DESCRIPTION UNITS
c-• lluu Z- Radiation heat transfer coefficient for the

piston and System 1 gases [-]

C0HRS 3 Radiation heat transfer coefficient for the
sleeve and System 1 gases (-]

-CHRIVF'1 Radiation heat transfer coefficient for the
inlet valve face and System 1 gases [-]

-CHREVF '• Radiation heat transfer coefficient for the
exhaust valve face and System 1 gases [-]

" -C0HCH2 Convective heat transfer coefficient for the
head and System 2 gases [-]

-- COHCP2 Convective heat transfer coefficient for the
piston and System 2 gases [-]

SC0HRH2 Radiation heat transfer coefficient for the
head and System 2 gases []

•-C0HRP2 Radiation heat transfer coefficient for the
piston and System 2 gases [-]

CHCIVB Convective heat transfer coefficient for the
inlet valve back (-1

-CHCIP Convective heat transfer coefficient for the
7ntake port- [-

-CHCEVB Convective heat transfer coefficient for the
exhaust valve back [-3

- CHCEP Convective heat transfer coefficient for the
for the exhaust port [-]

S-.CHCEIP Eichelberg convective heat transfer coefficient
for intake port [-]

""CHCEEP. .Eichelberg convective heat transfer coefficient
for exhaust port

-CHCEIB Eichelberg convective heat transfer coefficient
for inlet valve back [-I

-CHCEEB Eichelberg convective heat transfer coefficient
for exhaust valve back [-]

---CVJ Coefficient for jet velocity through inlet
valve [-]

-C0HCAl Constant coefficient in Annand's correlation [-1

•C0HCA2 Exponential coefficient in Annand's correlation [-]

-THCNR Thermal conductivity of airat reference tem-
perature [Btu/hr-ft-OR]

-TRTHC Reference temperature in Annand's correlation [OR]

-PRRA Prandtl No. of air @ reference temperature [-I
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AI- , •NAME DESCRIPTION UNITS

The following 7 variables' are used for Woschni correlation,

Volume @ reference crankangle [in. 3 ]

PR Pressure @ reference crankangle (psia]

•'TR Temperature @ reference crankangle [(R]

CAWSS Crankangle when blowdown starts [°CA]

ýCAWSE Crankangle when exhaust flow'ends [*CA]

ýCAWCS Crankangle when compression period starts [*CA]

-CAWCEE Crankangle combustion and expansion period ends [OCA]

-CHCFli Charge pressure for Pflaum's correlation [psia]

-CHCF12 Coefficient for Pflaum's correlation [psia]

-CRA12 Absorptivity of head

-CRA13 Absorptivity of sleeve

•(;PRRP Prandtl No. of gases in port systms H-]

-PTANK Intake pressure for Flynn Correlation [psia]

-CAINJ Injection timing (3600 CA TDC as reference
angle) for Flynn Correlation .[CA]

- EQRT Overall equivalence ratio for Flynn Correlation [-H

The following 8 variables are thermal conductivities various parts of the en-

gine.

C0NDHI Head [Btu/hr-ft-OR]

-C0NDP Piston [Btu/hr-ft-OR]

•C0NDS Sleeve [Btu/hr-ft-OR]

-C0NDH2 Pre chamber wall [Btu/hr-ft-OR]

/0 "t0NDIP Intake port [Btu/hr-ft-°R]

--C0NDEP Exhaust port [Btu/hr-ft-*RI

-- CONDIV Intake valve [Btu/hr-ft-° R

•C0NDEV Exhaust valve [Btu/hr-ft-OR1

// -C0FRIC The fraction of energy converted to heat
and transmitted to sleeve through piston
rings [-]

-CBB Multiplier for blow by mass flow rate
around piston [-]

-CWC1 Multiplier for coolant heat transfer
coefficient [-

-JCWC2 Muttiplier for coolant heat transfer
coefficient C-]

k
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N....AM DESCRIPTION UNITS

~ jI CWC3 Multiplier for coolant heat transfer coefficient [-

-DWC0LH Coolant mass flow ra~te in head [lb m/mi]

-DWC0LS Coolant mass flow rate in sleeve. [lb./min

The following B variables are multiplierg for coolant heat transfer coeffi-.

cient to adjust the rates for various parts

I~ CWCHl Head[-

-CWCS Sleeve[-

-CWCP Piston[1

-CWCH2 Pre chamber[]

, -CWCHIV Inta~ke'valve [-

-CWCHEV Exhaust valve[-

* CWCFHIP Intake port[-

-CWCHEP Exhaust port. -

The following 9 variables are used in DYNIP Subroutine to solve one dimension-
al wave equation in intake port

NDYNP Idesignates solution of wave equation in ~
intake port

2 designates no solution and assumption of
constant pressure in intake port[-

-ITDYN Limit for no. of iterations to solve algebraic
equation[-

NX Number of equal divisions in intake pipe [-

NPX Number of equal divisions in intake port -

.NDIDBG 1 designates print output at the end of subý-
routine

2 designates no print output at the end of
subroutine [

2--XLIP 'Total length of intake pipe [in.]

-ERRDYI Relative error limit for solving algebraic
equation[3

-DELZ Relative increment in pressure ratio between
System 1 and intake port used to solve alge-
braic equation in case of flow reversal[-

-THAVI mass average temperature of gases. through
intake valve [OR)
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VARIABLE
NAME DESCRIPTION UNITS

&J l2 The following 4 variables are the multiplying factors for flow coefficients

--- • for v rious areas.

C0 4 - IV Intake valve

C•CDEV Exhaust valve [-]

CODIM Intake manifold for S.I. engine [-]

C0DPM" Throat for pre chamber engine [-]

-- TEXT Alphanumeric array to print any message at1:3 -the top of print output (limit of 80 elements)

T2...kM ... T2Temperature in System 2

-F2 Fuel air equivalence ratio in System 2 [-]

DPIP Pressure derivative in the intake port [psia/°CA]

" -PIP Pressure in the intake port I4 [psia]

"TIP Temperature in the intake port [OR]

-PFIP Fuel-air equivqlence ratio in the intake
port H-3

PEP Pressure in the exhaust port• [psia]

S TEP Temperature in the exhaust port' [OR]

-FEP Fuel-air equivalence ratio in the exhaust
port [-]

-DPEP Pressure derivative in exhaust port 7 [psia/°CA]

The following six weight fractions are used only for. S.I. engine,

- -WFI Weight fraction of the products of combustion in
System 1 [-]

*WFAl Weight fraction of air in System 1 [-]

WFVI Weight fraction of fuel vapor in System 1 [-I

WFIP Weight fraction of the products of combustion
in the intake port [-I

-WFAIP Weight fraction of air in the intake port [-]

-WFVIP Weight fraction of fuel vapor in the intake
port [-]

The following eight part temperatures are for the gas side surfaces.

4 TWHl Temperature of the head in System i4't OR]

-TWS Temperature of the sleeve (OR]

-'TWP Temperature of the piston (OR]

*TWIV Temperature of the inlet valve . [OR]
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Slz NAME DESCRIPTION UNITS

4-TWEV Temperature of the exhaust valve [OR]

-TWIP Temperature of the wall in the intake port.: [-R]

TWEP Temperature of the wall in the echaust port (OR]

TWII2 Temperature of the head in System 2 for pre
chamber engine [OR]

•TCH0 Temperature of the cooling water around the iO
head [*R]

-TCS0 Temperature of the cooling water around the
sleeve [OR]

TpIL Temperature of the oil for piston heat K)I
transfer I [OR]

TFUEL Temperature of the fuel [OR]

-TADB 'Adiabatic flame temperature of the fuel used
.in S.I. engine [OR]

-PAMB Ambient pressure No [psia]

-TAMB Ambient temperature (OR]

-- PIM Pressure in the intake manifold for S.I. engine [psia]

•TIM Temperature in the intake manifold for S.I.
engine [OR]

SDCAL 1" crankangle increment [-]

-DCAM .10 crankangle [-1

-DCAN .01° crankangle increment (not used .currently) [-]

-FAS Stoichiometric fuel air ratio [-]

-HVF Lower calorific value of fuel [Btu/lbm]

RV Gas constant for the fuel [Btu/lbm/OR]

7NWEIBE 1 - for Weibe combustion model
2 - for Heat Release tabulated data [-H

CAHRS Crankangle at which heat release starts [°CA]
--CAHRE Crankangle at which heat release ends [CA]

The following three' array names are for the tabulated heat release input.

2. - CAF Array for crankangle (less than 200 elements) [-]

ý-DWFFI Array for fuel injection rate in System 1 [Ilb /CAJ
m

-DWPF2 Array for fuel injection rate in System 2 for
pre chamber engine [lbm/°CA]
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VARIABLE
ITAME DESCRIPTION UNITS

i1 AThe following ton variables arc used in the Weibe heat release function.
-7 CAWi Crankangle at which heat release ends W [(CA]

-CAPHR1 Shape modulation factor (exponent) for-- --

... - System 1

WFCY1 Average fuel injection rate for System 1 [ibm/°X]

'>WEIBEI Shape modulation factor (multiplier) for -

System I [-]

SYWFII Total fuel injection rate per min. from ex-
perimental data for System 1 [ibm/min]

,, _-CAW2 (0CA]
• CAPHR2[CA"•WFCY2 Same as above except for System 2 in case of [-CA]

-WEIBE2 pre chamber engine "'.bm/°CA]

-YWF21 (lbm/min].

The following are multipliers of heat transfer coefficient used to adjust the
calculated heat transfer coefficients.

Convective heat transfer coefficient for the
head and System 1 gases [-]-

-C0HCPI Convective heat transfer coefficient.for the
piston and System 1 gases [-]

-C0HCS Convective heat transfer coefficient for the
sleeve and System 1 gases [-]

•-CHCIVF Convective heat transfer coefficient for the
inlet valve face and System 1 gases [-]
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APPENDIX II

A

Development and Evaluation of the Simulation
of the Compression-Ignition Engine

K.J. McAulay, Tang Wu and Simon K. Chen

International Harvester Co.
G.I. Borman, P.S. Myers and O.A. Uyehara

Mechanical Engineering Dept.
University of Wisconsin

ABSTRACT

The first part of the paper deals with the mathematical model and computer
program for simulating a compression-ignition engine. The various assumptions used
and the effects of thcse assumptions on the results are discussed. The second part
of the paper evaluates results of the engine simulation program by comparisons with
experimeriLal. data and with other simplified cycle calculations. The comparisons
with experimental data include motoring, part load, and full load data for a speed
range of 1400-3200 rpm. The simulation results show good agreement with experimen-
tal pressure-volume diagrams. The computed trends of volumetric efficiency, heat
rejection, and metal part temperatures show reasonable agreement with experimental
data.

HISTORY

This paper represents work done at International Harvester Co. and at the Uni-
versity of Wisconsin. Because this study has covered a considerable period of time,
it has inevitably involved a large number of people. Thus, while all of the six au-
thors have made major contributions to the study, many other individuals have also
made significant contributions, particularly in obtaining experimental data. It
should also be recognized that this paper is the result of collaboration by all six
authors although, for convenience, it is presented in two parts by the authors
shown.

The work was originated at IH in 1960 with the objective of reducing design
and development time of diesel engines. Personnel from the University of Wisconsin
initially participated as consultants to IH. As the program developed, the Army
Tank Automotive Center (ATAC) recognized that an engine simulation program would be
useful to them in their development work. Consequently they began to support vari-
ous phases of the program with the work being conducted at the University of Wiscon-

.sin through the cooperation of Continental Aviation and Engineering Company.

Although no attempt will be made to give credit to particular organizations for
particular parts of the program, it should be mentioned that a large part of the com-
parison data were obtained by International Harvester Co., as part of its continuing
combustion research.

Cooperative work in further development and refinement of the program is con-
tinuing through extensive programs at 1H with its own funds, and studies at the
University of Wisconsin financed primarily by ATAC. Thus, this paper represents a
report on progress made to date.
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PARTAI - DEVELOPMENT OF THE SIMULATION PROGRAM
K.J. McAulay, G.L. Borman, Tang Wu

Because of the complexity of physical phenomena encountered in engines, the de-
sign of engines has relied heavily on experience and "know how". As a result, ex-
tensive testing of prototypes has been a necessary prerequisite to all engine devel-
opnent. To obtain the best design from such testing is a task of considerable mag-
nitude, and probably no engine has ever been truly optimized.

Development engineers have recognized that cycle analysis (engine simulation)
is a useful tool for the following reasons:

1. Engine simulation necessitates and provides a better understanding of the
variables involved and of their effect on engine performance.

2. Engine simulation systematizes knowledge obtained through expensive engine
testing.

3. Engine simulation reduces the amount of required engine testing by narrow-
ing. the range of engine variables that must be studied experimentally.

4. Engine simulation provides a tool in optimizing an engine design for a par-
ticular application.

.5. Engine simulation clearly delineates those areas in which our knowledge is
deficient.

Air-standard cycle analysis is commonly used, but because of its simplicity,
the preceding benefits can be only partially obtained. Air-standard cycle analysis
can be only partially obtained. Air-standard cycle analysis can be improved by the

.introduction of more realistic expressions for thermodynamic properties of combus-
tion gases and by the introduction of a prescribed amount of heat transfer during
the various processes. More recently, the analysis of adiabatic constant-volume
fuel-air cycles has been programmed for the digital computer (I)*. This type of
analysis gives useful relationships between the performance parameters, compression
ratio, fuel-air ratio, and type of fuel used. -

The assumption of constant-volume combustion may be modified by assuming a con-
stant-volume combustion followed by a constant-pressure combustion with the division
between these two processes being arbitrary and usually chosen to limit the peak
pressure. Reference 2 illustrates one way in which heat transfer and finite combus-
tion rates may be included in the analysis.

With the availability of high-speed digital computers, a number of attempts to
produce a realistic simulation model (cycle analysis) have been made. To date,.Cook"
(3), Whitehouse (4), Patterson (5), and Huber (6) have published papers dealing with
computer models for the internal combustion engine.

The work of Cook, begun in 1953 and first published in 1959 (3), is the first
published analysis of engines going beyond the traditional fuel-air cycle assump-
tions. Unfortunately, Cook's papers deal primarily with the results of the analysis
rather than with specific information concerning the assumptions incorporated in the
program.

The model of Whitehouse, et al. (4) did not take into account heat transfer
during the exhaust or intake processes, but did allow the heat transfer from the
cylinder gas to the piston crown, head, and liner surfaces. The metal surface tem-
peratures were calculated prior to the cycle analysis, and a single, constant, sur-
face temperature for heat transfer was used to calculate the heat transfer at each
crank angle. The flow through the valves was computed at each crank angle from the
valve lift and the instantaneous pressure difference, assuming quasi-steady adia-
batic flow. The properties of the combustion products were obtained from linear in-
terpolation of the data of Keenan and Kaye and thus did not include the dissociation
effects. Since these authors did not give extensive comparisons between calculated
and experimental results, the utility of their program cannot be evaluated. It is
not clear from their paper whether their assumptions for heat transfer during the
intake process and for the metal surface temperatures will cause significant error
in calculating volumetric efficiencies.

*Numbers in parentheses designate References at end of paper.
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While simulation of spark-ignition engines is not directly applicable, there
are enough similarities that simulation programs for these engines should be men-
tioned. Strange (2), and Patterson and Van Wylen (5) included the effects of dis-
sociation in computing the properties of combustion products as well as heat trans-
fer while assuming the intake and exhaust processes to be ideal, that is, instan-
taneous events and isentropic. The paper of Huber and Brown (6) is a fairly de-
tailed simulation. They calculated the flow through the valves as a function of
valve lift and pressute ratio. Instantaneous heat transfer was computed throughout
the entire cycle. In addition, heat transfer to the intake and exhaust flows was
taken into account. The effects of dissociation were neglected. Metal temperatures
were assumed rather than calculated.

More or less simultaneously with the above mentioned studies, IH decided that, a
detailed simulation of compression-ignition engines should produce useful results.
It was recognized that many of the assumptions would, by necessity, be simple and
that in order to verify these assumptions, many comparisons would have to be made
with experimental data. As will be pointed out later, the experimental data used
for these comparisons must be extremely reliable and as complete as possible.. The
two sections of this paper will present the model used, assumptions made, results
obtained, and a comparison of results with experimental and with other types of cy-
cle analysis.

BASIC PROCEDURES USED

Mathematical simulation of an engine requires that:

1. We define all thermodynamic systems involved in the simulation.
2. Assumptions for each system be clearly stated.
3. The equations which apply to each system be written.
4. All required data be collected.
5. The resulting equations be solved.

In addition, in order to improve the assumptions and to gain confidence in the
simulations, one would want to collect and compare computed and experimental results.
Before starting to describe our detailed simulation, let us first review basic ther-
modynamics and simple cycle analysis.

Normally five kinds of equations are required to describe completely the behav-
ior of a thermodynamic system. These equations are:

1. Conservation of energy.
2. Conservation of mass.
3. Conservation of momentum.
4. A relationship between pressure, volume, and temperature for the working

fluid.
5. An expression for the internal energy of the working fluid in terms of tem-

perature, pressure, and composition of the working fluid.

The energy equation may be written for the general case as

U (MU) =.PV + ZQ. + EhM()

where:
Dot - Derivative with respect to time

M - Mass
u - Total internal energy per unit mass
h = Total enthalpy per unit mass
p - Pressure
V - Total volume
Q - Rate of heat transfer

Index i = Different surfaces at the boundaries of the system

The left-hand side is the rate of change of internal energy with time. The
right-hand side consists of the rate of work due to piston motion, the sum of the
heat transfer rates over the boundaries, and the sum of all energy flowing in or
out of the system because of mass transfer.
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Let us first "simulate" the familiar air-standard-cycle engine. The usual mod-
el (assumptions made) is an engine using the same working fluid (air) over and over
again without mass transfer across the boundaries. With these assumptions, Eq. 1
simplifies to

U = + (2)

Equation 2 can be integrated for a closed cycle to give

fA dt =f Ai f QRi = -

where the left-hand side represents all the work done during the cycle and QA and QR
represent the heat added and heat rejected respectively during one cycle. Thermal
efficiency is defined as fpQ

_ j tpV d

QA QA

In the air-standard cycle, heat is added only when desired and by an arbitrari-
ly specified process, that is, constant volume, constant pressure, and so on. Under
these conditions the fpV dt can be integrated since for these cases the paths are
known. When applied to the constant-volume air-standard cycle, the expression for
its efficiency is obtained as

E 1 - 1/(CR)k- (4)

where:
CR = Compression ratio

k = Ratio of specific heats

For the fuel-air cycle, the internal energy is considered to be a function of
temperature and fuel-air ratio (and pressure when dissociation is present), but the
same basic procedure is followed.

The above models are attractive because of their mathematical simplicity but
can give only limited information because of the simplifying assumptions inherent
in their development. In the real engine, mass transfer and heat transfer are a
function of time. These complications must be included if the real engine is to be
simulated.

The more complex and detailed model, which will be described below, gives such
complicated equations that they cannot be integrated in closed form as was done for
the air-standard cycle but must be integrated numerically. The model will yield in-
formation regarding volumetric efficiency, rates of heat transfer, pressure-time di-
agrams, metal temperatures, and such. The completeness and accuracy of the result-
ing computed data will depend upon the amount of detail included and our ability to
express the phenomena that occur in an engine in mathematical terms.

SYSTEMS AND ASSUMPTIONS ... For present purposes, the analysis was restricted to a
single-dylinder engine. The basic procedures would be the same, but more compli-
cated, for a multicylinder engine. This single-cylinder engine was divided into
four systems: the cylinder, intake port (and in some cases the intake manifold),
exhaust port (and in some cases the exhaust manifold), and engine cooling system.

CyZinder - The model assumes five different heat transfer surfaces. Each of
these heat transfer surfaces was assumed to have a uniform surface temperature over
its entire area. The five heat transfer surfaces used were the intake valve, ex-
haust valve, remaining portions of the head, sleeve area exposed to the gases at
any instant, and piston. The temperature of any one of these five surfaces undoubt-
edly varies slightly with time and with position on the surface, but it is felt that
these assumptions were a reasonable compromise between accuracy and complexity.
Neglecting the variation of the temperature with position does not cause a signifi-
cant error in the cycle calculations but does mean that no information can be ob-
tained as to the maximum temperature reached at a particular location. The varia-
tion of metal temperature with time (typically 30-40 F) could cause some error, par-
ticularly on the intake stroke where the temperature difference between the metal
and incoming gases is small.
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The model assumes no deposits on the inside surface of the cylinder walls. A
recent idealized study (7) indicates that, due to the thermal characteristics of the
deposits, small amounts of deposits may have detectable effects on heat transfer
rates, thus influencing volumetric efficiencies and heat rejection rates.

The rate of haat transfer from the gcses to the wall was calculated using an
instantaneous heat transfer coefficient, h, an instantaneous mass-averaged gas tem-
perature, 2, and a uniform metal surface temperature, Ti.

An equivalent, one-dimensional, metal path length for heat transfer was as-
signed to each metal part. At the end of a cycle calculation, the total heat trans-
fer from the gas to the metal must equal the total heat transfer through the metal
which must equal the total heat transfer to the coolant from that part. This con-
dition.gives equations from which the metal temperatures for each part can be cal-
culated. Because there is friction between the piston and sleeve and because much
of the heat transfer from the piston must go through the sleeve, a different pas-
sive network must be solved. Likewise, both the intake and the exhaust valves are
in contact with port gases as well as cylinder gases. Again, a heat transfer net-
work must be set up for these parts. The details are given in Appendix A.

During "combustion" a rate of heat release was specified. This rate was de-
termined originally by analysis of an experimental pressure-time diagram from an
engine of similar design. The fuel-air ratio, which is considered uniform through-
out the cylinder at any one instant, increases as burning occurs. -In general, the
fuel-air ratio in the cylinder may be affected by mass flows in and out of the cyl-
inder as well as by combustion, and appropriate corrections must be made.

Thermodynamic equilibrium was assumed at each instant of time for the calcula-
tion of the thermodynamic properties of the gases in the cylinder. In addition,
the kinetic and potential energies of the cylinder gas were assumed to be zero.
The pressure was, therefore, assumed uniform throughout the cylinder at any instant
of time. The perfect gas relationship was assumed to hold at all times.

Equilibrium thermodynamic computations for the products of combustion for
CnH2n were performed by E.S. Starkmand and H.K. Newhall of the University of Cali-
fornia. These calculations gave tables of internal energy for different values of
temperature, pressure, and fuel-air ratio. As a means of interpolating in these
tables, mathematical expressions were developed to give internal energy as a func-
tion of pressure, temperature, and fuel-air ratio.

The molecular weight which appears in the equation of state is a function of
pressure, temperature, and fuel-air ratio when dissociation occurs. Thus, an equa-
tion was also developed for the molecular weight as a fundtion of the three vari-
ables.

Flow into or out of the cylinder can occur from any one of three places, that
is, the two valves and blowby past the piston. Without any experimental basis for
the assumption, the blowby past the piston was assumed to be proportional to the
cylinder gage pressure. The proportionality constant was included as an arbitrari-
ly specified constant and was assumed to be zero for the calculations reported
herein.

An instantaneous flow rate through either valve was computed using convention-
al flow equations, the pressure in the port, and the pressure in the cylinder, to-
gether with a flow coefficient. The flow coefficient was obtained in steady-flow
experiments. The valve life can be determined from engine geometry although it may
be necessary to take into account valve dynamics and temperature effects.

Intake Port - The properties of the gases in the intake port were computed
using the same relationship as those used for the gases in the cylinder. The fuel-
air ratio in the intake port is not zero when flow from the cylinder to the intake
port occurs. Although the extent of mixing is uncertain, this back-flow from the
cylinder was assumed to mix instantaneously with the air throughout the entire port
volume. For simplicity, the small amount of flow from the port to the atmosphere
was assumed to be air only.
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For calculation of heat transfer, two different surfaces were considered, that
is, the port wall, and the back of the intake valve which was assumed to be at the
same temperature as the face of the intake valve. An instantaneous heat transfer
coefficient was used to describe the rate of heat.transfer. When gas flowed from
port to cylinder, the heat transferred from the back of the intake valve was added
to the cylinder energy balance.

An assumption must be made regarding the variation of port pressure with time.
The ;implest assumption, but one seldom realized in practice, would be to assume
port pressure constant and independent of time. The pressure at the port will vary
with time for the usual single cylinder set up where the intake port is connected
to a surge tank by a length of pipe. One procedure used was to determine experi-
mentally the pressure in the port as a function of time and use these data as in-
put to-the program. Another procedure used was to construct an unsteady flow model
with the same assumptions as Ref. 9, that is, one-dimensional, large amplitude waves,
no heat transfer, and no friction. The details of the unsteady-flow analysis are
shown, in Ref. 10. Data obtained from both of these procedures will be shown in
Part I1.

Exhaust Port - The properties of the gases in the exhaust port were computed
from the equations for the properties of the products of combustion. Any gases flow-
ing from cylinder to exhaust port were considered to be mixed instantaneously with
the gases in the port. Any gases flowing out of the exhaust port had the composi-
tion of this mixture. Any gases flowing from exhaust port to cylinder were instan-
taneously mixed with the cylinder gases.

Heat transfer was handled in a manner analogous to that for the intake port.

The exhaust port pressure can be considered either constant or as a function
of time. For some of the comparison runh presented in Part II, the exhaust port
pressure was considered constant with time. In other runs experimental values of
of exhaust port pressure versus time were used. An unsteady-flow analysis for the
exhaust port has just been programmed for the computer. This analysis assumes one-
dimensional unsteady flow, large amplitude waves, and includes the effect of both
heat transfer and friction.

Engine CooZant - Two different cases have been considered -- aik-cooling (10)
and liquid-cooling -- although only the data for liquid-cooling are presented here.
The coolant enters the engine at a specified temperature. The rate of heat trans-
fer to the coolant was specified by a heat transfer coefficient which -is a function
of coolant properties and engine geometry. The geometry of the cooling system is
quite complicated, and judgment is involved in determining .the heat transfer coeffi-
cient.

BASIC EQUATIONS USED ... The basic equations used for each of the thermodynamic sys-
tems must be solved simultaneously and integrated numerically. It is convenient to
express these equations in terms of the dependent variables, pressure, p; tempera-
ture, T; and equivalence ratio, F; (actual fuel-air ratio divided by stoichiometric
fuel-air ratio).

Energy Equation - The time derivative of the internal energy (which includes
both sensible and chemical energy) can be written as

I + (5)

where the partial derivatives are known functions of the dependent variables.

Equation 5 and the equation of state (pV-RT) can be substituted into the energy
equation (Eq. 1) and the resulting form of the energy equation rearranged to give

A- pLM V aRuJ + DR

Du + Tau D.~ 3pT
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where:

S=-RT + (7Zh) i

C I T 1 R (8)

R BT

D 1- p _ (9)R Bp

For temperatures below about 3000 R, the term Bu/ap is zero, that is, dissoci-
ation is negligible. Under these conditions Eq. 6"simplifies to

[A DU au (10)

The volume and rate of change of volume with time used in Eq. 7 were determined
by standard relationship from engine geometry. The term F was obtained by differen-
tiating the equation for F. The equation for the instantaneous value of equivalence
ratio, F, for the cylinder is given by

M F. ftrM F M F

0 =M(1E1ý_+o +ftU+'fl+ fEd

ihere f is the fuel-air ratio and the subscripts o, I, E, F, a refer to the initial
values in the cylinder, the value of the intake, the value for the exhaust, the fuel
added, and stoichiometric, respectively.

The values fj, FI, fE, FE are the port values for flow into the cylinder and the
cylinder values for flow out of the cylinder. Equation 11 assumes no blowby and com-
plete mixing. Similar expressions were developed for the value of F in the intake
and exhaust ports.

Mass Flow Rate - The value for the rate of mass flow, M, was computed from
the steady flow relationship,'

M = A ep1v':g /R 1 Tx (12)

where:
A M Effective flow area
a

9" = Dimensional constant

= -,."2/k (k+1)l(3

"Subscripts 1 and 2 denote upstream and effective area conditions respectively,
and the pressure ratio is the critical value when sonic conditions prevail.

Heat Transfer Rate - The instantaneous rate of heat trabsfer, Q., for any sur-
face was computed using a heat transfer coefficient hi by

Qi hiAi(Ti-T) (14)

In order to compute the heat transfer through the metal waX1 readily, a time-
average value of the product of the heat transfer coefficient and exposed area and
an appropriately defined effective gas temperature were used. These values were
used to give an equivalent steady heat transfer model for the gas, wall, and coolant
film combination having a heat transfer rate equal to the average gas side rate.
Using this equivalent model, the metal temperature at the gas-wall interface can be
computed as well as the heat transfer through the wall and coolant film.
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The model did not include unsteady state operation, that is, a warmup period,
and thus the initial conditions for steady state had to be estimated and the cor-
rect values determined by successive iteration.

Intake Sy3tcm Gao Dynamics - For the unsteady airflow, a straight pipe of con-
stant area with isentropic flow was assumed. For these conditions the equations
used were

3V + V aV + C2 = 0a _ ax P ax
(15)

aP + V p 0

where:

v and p = local gas velocity and density

c = local velocity of sound

Two boundary conditions are specified: one at the open end of the intake sys-
tem and one at the valve end. The solution is iterated until it becomes periodic.

The solution to these equations provides an average pressure for the intake
port thermodynamic equations and the pressure at the valve which determines the
mass flow. It is assumed that the heat transfer in the port has a negligible effect
on the wave solution, but is important for determining the average temperature of
the gases flowing into the cylinder. Details of the solution are shown in Ref. 10.

DETERMINATION OF INPUT DATA ... A complete physical description of the engine is re-
quired before the calculations can begin. Some of the data (bore, stroke, connecting
rod length, compression ratio) are readily obtained from engine geometry, but judg-
ments are involved in obtaining some of the other data such as heat transfer path
lengths.

FZuid Flow - Flow data must be obtained for the coolant passages, the intake
valve, and exhaust valve.

The determination of the hydraulic diameter and velocity of the cooling fluid
(for a fixed pump rpm) involves a knowledge of the flow rate, inspection of the water
passages' and judgment as to the Reynolds number to be used. The variation of fluid
velocity with engine rpm can be determined from water pump test data or, in the ab-
sence of such data, assumed to vary linearly with engine rpm (this assumes a constant
pump efficiency).

Flow through both the exhaust and intake valves is computed using steady com-
pressible flow equations (Eq. 12) and an effective flow area which is determined ex-
perimentally for the particular port and valve combination by a steady flow bench
test. The effective flow area should be determined for flow in both directions and
and for a wide range of pressure drops, although tests, to date, have indicated that
this area is not markedly dependent upon these variables. The measuring stations
were the port flanges and the cylinder. Under these conditions, the flow was steady
and adiabatic. An effective valve flow area as a function of valve lift was then
computed, using isentropic flow relationships and the total pressures at the measur-
ing stations. In the actual engine, heat transfer does occur, and the flow is inter-
mittent. Stanitz (8) has concluded that the error in using effective areas, as de-
termined by a steady flow bench, is a maximum of a few per cent when applied to en-
gine conditions. Heat transfer could contribute to some of the discrepancy between
computed and experimental-results. Differences between actual and computed valve
lifts, as a result of valve dynamics and temperature effects, could also contribute
to this discrepancy.

Heat Transfer - As indicated previously, the heat transfer is assumed to be
one-dimensional through the metal, and an equivalent one-dimensional heat transfer
path length must be assigned to each engine part under consideration.
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Equivalent one-dimensional path lengths for the sleeve can be determined by
direct measurement from drawings of the engine, if the path is nearly one-dimensional.

The head geometry is very complicated. Thus judgment must be used in assigning
equivalent one-dimensional path lengths.

The equivalent heat transfer path length for the valve is even harder to deter-
mine. When the valve is seated, the valve head is co6led by the valve seat as well
as by conduction through the stem. The intake valve is also cooled by inlet air.
The procedure used is to adjust the effective length to a value that gives reasonable
valve temperatures. If gas heat transfer coefficients are reasonably well known,
correct trends for valve temperature as a function of operating conditions should be
obtained.

On the gas side in the cylinder, two basically different types of correlations

are available, one by Eichelberg (11) and one by Annand (12).

Eichelberg's equation is

h constant (Cm) 1 / 3 (PT) 1 / 2  (16)

where cm is mean piston speed.

In use the constant was adjusted to produce the desired total heat transfer.

Annand's pipe-flow type equation is

h c1  (Re)b + C2 (T' 4 _T ) (17)B ( T-T i)

where:

Re = Reynolds number

B = Bore

ol and C2 = Constants, with 02 taken as zero during the compression stroke

For present computations, b was assumed to-be 0.7, gas properties were consid-
ered as functions of temperature, and c, was taken as 0.17. The radiation was cal-
culated by replacing the constant C2 with the variable value obtained from

C2 a0(1-eKL) (18)

where:

a = Stefan-Boltzmann constant

a - 0.90 for head and piston

a - 0.25 for the sleeve

L = Bore for the sleeve, in.

L = Instantaneous distance between the head and piston, for the head, pis-
ton, and valve faces, in.

K - 4 x (10)4 pF and is a measure of the number of radiating carbon par-
ticles per unit path length.

PF M Pounds of fuel burned per cu in. of cylinder volume.
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Figure 1 shows the total heat flux for all cylinder surfaces as computed using
the Annand and Eichelberg formulas. The proportionality constant in the Eichelberg
coefficient was adjusted to give the same total heat transfer for the cycle shown as
did the Annand coefficient. Figure 1 thus shows these two correlations give differ-
ent rates of heat transfer at different times in the cycle. Based on computations
performed and comparisons with experimental data, the authors are inclined to prefer
the pipe-flow type of correlation with radiation included. Neither of these expres-
sions include the effect of instantaneQus air velocity either during the stroke or
between different engine designs (13). In addition, there is evidence to indicate
that the rate of change of pressure with time may affect rates of heat transfer (14).
Our knowledge of heat transfer coefficients is limited. Under ATAC sponsorship, ex-
perimental studies being conducted at the University of Wisconsin are aimed at im-
proving our understanding of this problem.

Re'ferrLng to the intake and exhaust ports, heat transfer coefficients in un-
steady-pipe-flow with waves are unknown. If free convection heat transfer is as-
sumed during the approximately three-quarters of the cycle when the valve is closed,
the vluos will be too small and will not reflect the disturbances caused by the
flow uuring the valve open period. For present computations heat transfer coeffi-
cients were computed for both the Eichelberg and pipe-flow type expressions for in-
take port conditions and the expression giving the largest heat transfer coefficient
at any instant was used. The Eichelberg expression was arbitrarily multiplied by a
factor of three on the basis that waves in the manifold would probably increase the
rate of heat transfer.

For the liquid coolant the heat transfer h was computed by a combination of
boiling and convection formulas, that is, by

= -(Re)n(Pr)m a+b Q (19)

D A

*here:
k = Thermal conductivity of liquid

D = Hydraulic diameter

n = 0.6

m = 0.4

Pr = Prandtl number

a = 0.270

b 0.00125 in. 2 -hr/Btu

ý/A = Heat flux, Btu/in. 2 -hr

Engine Priction - Various definitions and relations are needed and are pre-

sented below:

FMEP RMEP + AMEP + PMEP GIMEP - BMEP

where:

RMEP Friction due to rubbing between mechanical parts

AMEP = Friction due to accessories, in this case the injection, water, and
oil pumps

PMEP = Net work during exhaust and intake strokes

GIMEP = Net work during compression and expansion strokes

BMEP Brake output
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other relations to be used are:

NIMEP = GIMEP - PMEP

MIMEP = BMEP + MMEP

where:

MMEP Work needed to motor an engine

Determination of brake performance from the computed indicated performance in-
volves an estimate of RMEP + AMEP, since PMEP is computed during the analysis. The
best estimate of these values would be obtained from an engine similar or identical
to the one being simulated. In the absence of such information, a general correla-
tion such as that suggested by Bishop (15) can be used.

For present studies it was assumed that the RMEP varied linearly with the peak
pressure (16) as well as with piston speed. The relationship used was

RAMEP = RMEP + AMEP = 17 + 0.01 P + 0.012 c
max m

where:

P = Peak pressure, psiamax
Cm = Piston speed, fpm

The constants 17 and 0.012 can be obtained from indicator diagrams or from motor-
ing data with the head removed. The constant of 0.01 can be obtained only from indi-
cator diagrams.

Heat ReZease Rates - With present knowledge, heat release rates must either
be arbitrarily estimated or estimated from experimental pressure-time diagrams on
similar engines.

In determining heat release rates from experimental pressure-time diagrams, the
energy equation (Eq. 1) is used but with p and p as input items determined from the
experimental pressure-time diagram. Before Eq. 1 can be solved, estimates must be
made of the trapped mass of gas in the cylinder and metal surface temperatures.
Thus, the heat release rate curve must be arrived at by successive iterations. The
procedure followed is to estimate metal temperatures and trapped volumetric effi-
ciency. These values, together with the experimental presstre-time diagram and nu-
merical integration of Eq. 1, enable a first estimate of the rate of heat release
curve to be obtained. This estimate can then be used, together with the cycle analy-
sis program, to obtain new estimates for the volumetric efficiency and metal tempera-
tures. These new estimates, together with the same experimental pressure-time dia-
gram can be used to obtain a second estimate of the heat release rate. In both esti-
mates the area under the heat release curve should equal the quantity of fuel in-
jected. Because of discrepancies in the data, this may not be true in practice.

Figure 2 presents the first and second estimates obtained as outlined above.
For the first estimate, the ordinates of the curve were multiplied by the factor re-
quired to make the area under the curve equal to the fuel injected. The ordinates
for the second curve were plotted as computed. The area under the second curve from
CA = 159 to CA = 251 is 96% of the fuel injected. Because of this close agreement
and because of small uncertainties in the data, additional iterations were not per-
formed.

SOLUTIONS OF EQUATIONS ... The modified Euler method was used to integrate the equa-
tions numerically. The normal time interval used was one crank angle degree. If the
iteration gave an oscillating difference larger than the predetermined limit for any
variable, the time increment was reduced by a factor of 10 for 10 increments.

FZov Diagram -" Figure 3 shows the flow diagram. There are four subroutines,
the details of which are not shown. These subroutines calculate valve flow areas,
internal energy and gas constant, intake port dynamics, and desired performance param-
eters at the end of the computations.
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The program starts by reading in those conditions which determine the engine

operation. There are 12 such numbers: engine speed, intake pipe air temperature,
coolant input temperature, coolant mass flow, coolant pressure drop, ambient pres-
sure at the intake pipe entrance, ambient pressure at the exhaust pipe exit, fuel
rate, crank angle at which heat release starts, crank angle at which heat release
ends, heating value of the fuel used, and the liquid fuel temperature. Next, esti-
mates of the initial conditions are read in. These are the temperature, pressure,
and equivalence ratio for each system at the starting crank angle. The last set of
estimated numbers read in are the five'metal temperatures of the gas-side surfaces
of piston, sleeve, head, intake port, and exhaust port, as. well as the two valve tem-
peratures.

Next to be read in is the engine descripti6n,.which is determined by its geome-
try and the materials from which it is constructed. Items such as the compression
ratio, bore stroke, heat transfer areas, intake and exhaust system areas, volumes
and lengths, and thermal conductivity of each different metal make up a list of about
50-60 input parameters.

Before the actual cycle calculations begins, the balance factors (accuracy of
energy balance) for iteration at each increment, the error limit on wall tempera-
tures, and the error limits which define cycle closing are specified.

The rest of the flow diagram should be self-cx'planatory with the exception of
the crank angle CAO and CAI. For any increment, CA0 is the crank angle at the begin-
ning of the increment.while CA, is the crank angle at the end of the increment.

As can be seen from the flow diagram, when all conditions have been met, the
program repeats the cycle one final time. During this final calculation the computer
is asked to print out at each crank angle increment the computed values of pressure,
temperature, equivalence ratio, mass flow, heat transfer rates, and the like. When
the final cycle is completed, the program calls the output subroutine which computes
and prints out the performance parameters and summary data. The program then stops.

Output Data - Table 1 shows a sample of the type of data printed out as a
function of crank angle. The data shown in Table I were selected to illustrate the
important events during the cycle. The actual output sheet lis!4s values for at least
every crank angle degree. Many additional variables are computed and could be pre-
sented if desired.

Table 2 shows the performance parameters which are computed and printed out for
each run.

Computing Time - The program written in FORTRAN compiles in two minutes and
takes about two minutes of computing time per cycle on the CDC 1604 computer. If
the estimated initial values are close to the correct values, the program takes about
11 minutes of computer time. Very poor initial guesses may cause this time to in-
crease to 30 minutes. Several calculations with different estimates of the initial
conditions showed that the procedure converged to the same final value of initial
values in each case.

SENSITIVITY OF RESULTS TO VARIATIONS IN MODEL PARAMETERS ... As indicated in previous
sections, the simulation program has a multitude of input parameters. The values to
be used for these parameters are reasonably well known in some cases and represent
engineering judgment in other cases. It is desirable to determine the sensitivity
of the results to variations in input parameters.

Table 3 presents selected parameters to show the results of computations for a
single-cylinder engine whose physical dimensions are given in Table 4.

The results shown in Table 3 illustrate one of the major values of the simula-
tion program: you can readily evaluate the effect of varying a single parameter.
This is impossible experimentally.

Reference Runs - For reference purposes, computations labelled A in Table 3
were performed. For convenience Run A at 3200 rpm will be called A-3200 while at
1400 rpm it will be called A-1400. For the A computations inlet port dynamics and
dissociation effects were included, and the pipe-flow form of the heat transfer co-
efficient was used. For subsequent computations labelled B, C, D, and so on, the
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input parameter was varied as indicated in Table 3. In all cases the exhaust port
pressure was considered constant with time.

At a fixed speed, the same pounds of fuel per cycle were introduced for all
runs in Table 3. The quantity of fuel injected varied with speed to match experimen-
tal injection quantities. Thus, for any one speed, the indicated fuel economy is
directly related to NIMEP plus PMEP.

Care must be exercised in interpreting the results since the relationship be-
tweern the input parameters and the performance data is highly nonlinear. For example,
if the effective intake valve flow area is reduced by 10%, a decrease in volumetric
efficiency of 2.6% is found. This does not necessarily mean that a 20% reduction
will cause a reduction of 5.2% in volumetric efficiency.

Heat Transfer Coeffioicnts - There is considerable uncertainty as to the mag-
nitude of the radiant heat transfer (17). The combustion model assumed a homogeneous
air-fuel mixture, uniform in temperature throughout the combustion chamber. This re-
sults in a lower maximum gas temperature than if stratification were assumed. Since
radiation is assumed proportional to the fourth power of the temperature, radiant
heat transfer, computed using the homogeneous combustion model, could be low. In run
B-3200 and B-2000, the radiation temperature was computed by arbitrarily multiplying
the gas temperature by 1.3. As would be expected, this gave higher total heat trans-
fer and higher metal temperatures. The decrease in NIMEP is primarily a result of
heat losses since the volumetric efficiency decreased very little.

In runs C-3200 and C-2000, the intake port heat transfer coefficient was in-
creased by five times. As a result, the volumetric efficiency, as well as the in-
let valve temperature decreased. The volumetric efficiency decrease is caused by
the increase in air temperature at intake valve closing.

Runs J-3200 and J-2000 show that a 30% increase in the heat transfer and a lower
volumetric efficiency and NIMEP.

Runs M and A should first be compared at 2000 rpm where the constant in the
Eichelberg equation was adjusted to give the same total heat transfer. Even though
they had the same total heat transfer, the volumetric efficiency and NIMEP were high-
er for run M. This is due to the differences in rates of heat transfer at different
parts of the cycle, as shown in Fig. 1. The difference is even more pronounced at
3200 rpm.

Figure 4 indicates that metal surface temperatures increase less rapidly with
increased engine rpm when using the Eichelberg correlation.. The "leveling off" of
the exhaust and intake valve curves indicates that, at the higher engine rpm, they
are approaching their effective gas temperatures.

Heat Transfer Path Length - In computing runs H-3200 and 1-3200, it was real-
ized that the temperatures of the metal parts (piston and intake valve) would change
with a changed path length. The runs show that the effect was minor on other param-
eters, such as volumetric efficiency, NIMEP, and others.

Run K-3200 shows that inclusion of frictional heating at the piston-sleeve inter-
face, that is, the piston rubbing friction (which was estimated at 10% of the total)
dissipated to the sleeve, does not markedly affect the performance parameters at full
load although the piston temperature is lowered. Other runs not shown indicate that
there is a significant effect under motoring conditions.

Dissociation - Looking at run F-3200,- it can be seen that, for the simplafied
combustion model assumed, dissociation computations are not necessary. However, dis-
sociation could become significant as the stoichiometric F/A ratio is approached or
exceeded. If a more detailed combustion model including stratification is developed,
dissociation may need to be included, that is the internal energy would have to be
considered pressure dependent.

Plow Parameters - Runs A-3200, D-3200, E-3200, and N-3200 illustrate the ef-
fects of valve flow area and timing. The reduction of flow area of the intake valve
(Run D-3200) caused a significant change in volumetric efficiency, but varying the
Other parameters gave smaller effects.
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It is nccessary to show a range of speeds in order to indicate properly the
effect of constant port pressure as opposed to including inlet dynamics. Conse-
quently, some of the parameters for Runs A and G at different speeds are plotted
in Fig. 5. The temperature when the inlet valve is just closed is lower in Run G
as compared to Run A. Since the real engine volumetric efficiency trend follows
more nearly the upper curve of Fig. 4, inlet dynamics must be included for this par-
ticular configuration.

ieat Release Rates - Runs A-3200 and L-3200 compare the effect of the shape
of the heat release curve. The shape of the heat release curves is shown in Fig. 6.
Run L has almost as high an NIMEP and a considerably lower peak pressure. Thus, in
the practical engine, there is a possible "tradnoff" of significantly lower peak
pressures for a very small decrease in indicated economy. Good knowledge of heat
release rates is required to predict an accurate pressure-time diagram, but very
accurate heat release rates are not required in predicting other performance fac-
tors such as NIMEP and metal temperatures.

TotaZ Heat Rejection - While the data in Table 3 were prepared to show possi-
ble effects due to uncertainties in input data, the series of runs can also be
looked upon as a series of different engines. For example, Run D can be considered
as ap engine with a smaller intake valve than the engine in Run A.

Following this line of reasoning, Fig. 7 presents computed metal temperatures
(piston, head, and the like) and values of NIMEP versus computed heat rejection
Btu/cycle at 3200 rpmW. Except for special cases, there is a good correlation be-
tween metal temperatures and heat rejection except for the exhaust valve. For ex-
"ample, in Run H, the effective path length of the piston was varied and this point
falls "off the curve" for the piston. In Run C, the intake port and back side of
the valve heat transfer coefficient was changed markedly.

The effect on the intake valve is evident even though the effect on the other
parts was small. Likewise, in Run I, the effective length of-the intake valife was
varied and, as a result, the point is "off the curve." Eliminating the piston fric-
tion (Run K) lowered the piston temperature.

CONCLUSION

The preceding sections have described the various equations, assumptions, cor-
relations, and methods of solution used to simulate the complicated phenomena which
make up the diesel engine cycle. Results of computations with different values of
engine parameters showed moderate sensitivity to these parameter changes as well as
reasonable trends.

Before the usefulness of the simulation is established, comparisons with exper-
imental data and with other analytical techniques must be made. Part II of the pa-
per is concerned with this evaluation.

PART II - ENGINEERING EVALUATION OF THE SIMULATION
Simon K. Chen, P.S. Myers, and O.A. Uyehara

Part I of this ha' described the assumptions made and the detail with which the
real engine is approximated. There are four questions that must be answered from an
engineering standpoint before the usefulness of the simulatioo is demonstrated,
other than as a means of forcing the logical and precise thinking required in ad-
vancing engine design.

The four questions are:

1. How well does the behavior of the simulated model agree with the behavior
of the real engine?

2. Could equivalent results have been obtained from a simpler simulation?
3. What areas of the program need improvement in order to better simulate

the real engine?
4. What are the advantages and limitations of "running a test" on a "computer

engine" as opposed to running the test experimentally?
These questions will be discussed in order.
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COMPARISON OF EXPERIMENTAL AND COMPUTED RESULTS

In this section, comparisons between experimental and calculated results are
presented. The test setup and equipment will be presented first, followed by gen-
eral performance data, and ending with comparisons of indicator diagrams.

TEST STAND AND INSTRUMENTATION ... The single-cylinder engine test stand used
to obtain experimental data is shown in Fig. 8. An Amplidyne G.E. cradle dynamo-
meter was used for load determination and for motoring. A laminar flowmeter was
used in conjunction with a surge tank to determine airflow. All indicator diagrams
used for comparison were taken with a point-by-point balanced diaphragm indicator
(16). Intake and exhaust pressures were measured by two Ristler transducers.

In studying time-dependent pressure, temperature, and flow characteristics,
there is always concern whether:

1. The specified property is measured.
2. The measurement is sufficiently accurate.

Valid and meaningful comparisons between experimental and computed results can-
not be made unless the same properties are compared and the accuracy of experimental
data and the limitations of the computed data are considered.

GENERAL PERFORMANCE COMPARISON ... Figure 9 presents a comparison of computed
and experimental performance data. Test data for 2000 and 3200 rpm are shown in
solid lines.

Two different sets of computations were run. For the first set, called Com-
puted Data 1, measured port pressures were fed into the computer programs as input.
For the second set, called Computed Data 2, intake dynamics were computed as des-
cribed previously. In general, the calculated GIMEP are a few psi larger than ex-
perimental values. This difference is attributed to possible errors in experimental
indicator diagrams, insufficient heat transfer in the simulation, and possibly un-
burned fuel and blowby in the experimental engine.

In Fig. 10 experimental volumetric efficiency data are compared side by side
with computed data. Both sets of computed data agree with the general trend of ex-
perimental data. The rather unfamiliar shape of the motoring volumetric efficiency
is correctly predicted by both computer runs. When the engine is motored at high
speed, considerable exhaust gas flows back to the intake port due to the high cylin-
der pressure at the end of the exhaust stroke. Because there is no exhaust blow-
down, the entire mass must be pushed out by the piston during the entire exhaust
period.

Comparing Computed Data 1 with the test data, the computed runs give 1-2% lower
volumetric efficiency at 3200 rpm. This indicates that either the experimental port
pressures used as input data were not sufficiently precise or some inaccurate assump-
tions were made.

Comparing Computed Data 2 with Computed Data 1, higher values are obtained for
run 2. Some of the difference could stem from the lack of exhaust dynamics simula-
tion and the oversimplified assumptions of a straight pipe connecting an infinite
size surge tank for the engine intake system used.

",Figure 11 shows a comparison of experimental and computed pumping loss. The
agreement is well within experimental error. At 3200 rpm, the PMEP at full load is
around 8 psi-, while at motoring it is 10 psi. This is caused by the lack of blow-
down at the motoring condition as explained previously. At lower speeds, the PMEP
is not affected appreciably by load.

HEAT BALANCE ... Figure 12 shows the insulated enclosure built for the heat
balance test setup. In addition to conventional heat balance measurements of cool-
ant and exhaust, the ventilation airflow rate through the enclosure, its inlet and
its exit temperaturQs were measured. These measurements provide information on how
much heat was radiated and convected from the engine outside surfaces to the sur-
rounding atmosphere.
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Test data are shown in Fig. 13, plotted both versus engine speed and fuel-air
ratio. The specific heat rejection of a single cylinder engine is generally higher
than that of a full scale engine due to large mechanical and accessory friction.
Radiation and convection loss from the engine outside surface is substantial, es-
pecially at'part load conditions, and does not vary appreciably with engine speed.
Even with all the precautions taken in this test, an "unaccounted for loss" is still
significant. At low speed and load, it is as high as 20%. This "loss" can be at-
tributed to: measurement technique such as exhaust temperature and coolant flow
determinations; unaccounted for losses such as heat loss from the insulated enclo-
sure to the atmosphere and heat conducted through the metallic dynamometer bed plate;
and incomplete combustion.

Computed Data 1 are superimposed on this diagram as dots. These data generally
show somewhat higher exhaust temperatures and, therefore, higher exhaust losses than
that of experimental results. The inaccuracy of the exhaust temperature measurement
could contribute tO part of this discrepancy. Another explanation could be that the
exhaust port heat transfer has not been adequately predicted.

Concerning measurement techniques, the conventional method of measuring exhaust
temperature is by a bare-wire thermocouple. Depending on shape and location, this
thermocouple reads some average local static gas temperature plus some velocity head.
and plus or minus some radiation and conduction losses. Afterburning may also be
present. The cycle analysis provides two average static temperatures, that is, a
time average and a mass average which must be used for a heat balance. Since'the
experimental thermocouple readings are typically lower than the mass average temper-
ature (but higher than the time average), the experimental exhaust loss will tend
to be lower than the computed exhaust loss.

SURFACE TEMPERATURE ... Figure 14 p~resents tests made on one piston of a 8-cyl
engine. Eleven sets of four fusible plugs were embedded in the piston flush with
the top surface to obtain an area-averaged piston temperature. Five test runs were
made with varying engine conditions. A comparison of tests 1 and 2 shows the effect
of adding a turbocharger wastegate, reducing the boost from 30 to 22 in. Hg. The
measured reduction in average crown temperature was 21 F while the computed reduc-
tion was 18 F.

A comparison of tests 1 and 3 shows the effect of higher output. The engine
speed was increased from 1800 to 2100 fpm and the intake manifold boost pressure
from 30 to 42 in. Hg. The measured increase in average piston crown temperature
was 60 F while the computed increase was 54 F.

A comparison of tests 3 and 4 shows the effect of chaAging turbochargers. The
compressor in test 4 was operated at a lower pressure ratio than that in test 3, and
its efficiency was lower. Measured data show a reduction of 2 F while computer data
show an increase of 17 F. The computed increase in temperature seems more reason-
able than the temperature reduction shown by the experimental data. The large steps
(10-30 F) between melting points of the plugs used could contribute to the discrep-
ancy.

A comparison of tests 4 and 5 shows the effect of adding an intercooler. The
intake manifold temperature was reduced from 294 to 197 F and the intake manifold
pressure from 31.85 to 28.50 in. Hg. The measured piston temperature drop was 6 F,
compared to a computed drop of 53 F. Again, the computed results seem more reliable.
The measured temperature could be high due to poor contact between the plugs and the
piston base material.

This test illustrates the feasibility of using detailed analysis to predict
"relative" surface temperature change due to design change. The last two compari-
sons also illustrate the need for improving the surface temperature measurement
technique. Further tests are being planned using thermocouples in the piston.

INDICATOR DIAGRAM ... Figure 15 shows experimental p-t diagrams at part load
and two engine speeds. Figure 16 shows full load and two engine speeds. Experi-
mental needle lift curves are also displayed.
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These p-t diagrams were used to obtain experimental heat release rates which
were fed into the program along with other input data. These input heat release
rates are shown in Figs. 15 and 16. The resulting computed p-t data are shown as
dots for comparison. The agreement is good.

From these p-t data, log P - log V diagrams were plotted as shown in Figs. 17-
19. Due to the log sqale used, small differences in low pressure regions can be
more readily compared. Figure 17 shows motoring data at 3200 and 2000 rpm. In the
pumping loops, both sets of computed data check with experimental data within 1 to
1-1/2 psi, which is the same order as experimental error. During the compression
stroke, both sets of computed data are high, with Computed Data 2 giving slightly
higher pressures than computed Data 1, which is consistent with its higher volumet-
ric efficiencies. Both sets of computed data give slightly larger -IMEP loops (nega-
tive GIMEP) during motoring. The theoretical HMEP represents the net effect of heat
transfer, blowby, and other flow irreversibilities during compression and exhaust
stroke

In the full load runs shown in Fig. 18, both computed runs show 1-2 psi higher
pressures at intake valve closing (IVC), resulting in higher compression pressures.
In the pumping loop, Computed Data 2 shows lower cylinder pressure during the ex-
haust stroke. This is attributed to the assumption of constant exhaust back pres-
sure which is lower than the actual dynamic exhaust back pressure.

In part load runs shown in Fig. 19, this discrepancy, due to lack of exhaust
dynamic simulation, is reduced. Thi.s is expected because of the effect of dynamic
exhaust pressure is reduced when the load is decreased.

The inaccurate simulation of pressure and temperatures at intake valve closing,
IVC, is related to the lack of complete agreement in predicting absolute level of
volumetric efficiency. When the IVC cylinder pressure is high (or the temperature
is low), inlet density is high, resulting in higher volumetric efficiency. A dif-
ference of 1 psi pressure would result in a difference of 7% in volumetric efficien-
cy. Even with a balanced diaphragm indicator, an accuracy of 1 psi at a particular
volume is not easily obtained. Considering the limitations in test equipment, as
well as the many assumptions made in cycle analysis, the overall agreement in these
instantaneous pressure and volume data are considered quite encouraging.

These experimental log P -. log V diagrams were replotted as P-V diagrams to ob-
tain GIMEP, NIMEP, and PMEP values. RAMEP data shown previously were obtained by
subtracting BMEP from NIMEP.

COMPARISONS WITH SIMPLER. SIMULATIONS

CONSTANT VOLUME AND LIMITED PRESSURE CYCLES ... As discussed in Part I, the
simplest possible model is the isentropic, constant volume, air-standard cycle. The
results of this rudimentary cycle analysis are simple and well known; the efficiency
is a function of the compression ratio and the ratio of specific heats of the work-
ing fluid, k. For the cold air cycle, k is a constant of 1.4. This cycle is some-
times used to predict the effect of compression ratio on efficiency.

The next step in complexity would be to use more realistic properties of the
working fluid, that is, the adiabatic, constant volume, fuel-air cycle. Equations
needed for this analysis can be programmed on a computer.

The effect of fuel-air ratio and compression ratio on efficiency, using this
model, is shown in Fig. 20. A maximum imep. of 195 psi is obtained with an isfc of
0.25 lb/ihp-hr for an engine with a compression ratio of 16:1 at a fuel-air ratio
of 0.05. While similar data could have been obtained from the simpler pure air
model, these figures are much more realistic as ideal goals.

In Fig. 20, peak pressure increases with increasing compression ratio and fuel-
ratio. Inasmuch as engine structure often limits permissible peak pressure, a
"dual" cycle with both constant volume and constant pressure combustion is an even
more realistic model. In addition, such a model can more nearly approximate actual
finite combustion rates. With this limited pressure model, efficiency of an engine
is now a function of three variables: compression ratio, fuel-air ratio, and peak
pressure.
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As shown in Fig. 21, at a compression ratio of 15-17 and a peak pressure limit
of 1000 psi, a maximum imep of 160 psi and an isfc of 0.29 are predicted for a fuel-
air ratio of 0.05. Performance does not improve much when the compression ratio is
further increased if the peak pressure is limited to 1000 psi. This model assumes
a more realistic combustion rate and peak pressure.

SIMPLIFIED SIMULATED CYCLES ... All of the above models have neglected the
time-dependent heat transfer and fluid flow losses. As an intermediate step to the
very detailed model, these losses were represented by loss factors. This is called
a "simplified" cycle analysis. In the same manner, pumping and mechanical losses,
as well as turbo-charging and intercooling, can. be considered.

Because of the increased number of variables, a single plot showing all results
is no longer possible. For illustrative purposes, Fig. 22 presents computed data
with the following assumptions:

Fraction of fuel burned at constant volume 0.4
Fraction of fuel lost by heat transfer = 0.2
Intercooler effectiveness = 0.9
Compressor efficiency = 0.75
Turbine overall efficiency.= 0.72

The results are plotted versus inlet air density (extent of turbocharging) as
an independent variable. There are two sets of engine performance curves on this
plot. The first engine has a compression ratio of 10:1; the second 16:1. On the
indicated basis, a compression ratio of 10:l would give significantly higher isfc,
but when compared on the brake basis, differences in bsfc will be narrowed. High
mechanical friction is typically associated with high compression ratio engines.

Isfc also improves slightly as inlet density ratio (extent of turbocharaing)
increases. The effect of low compression ratio on peak pressure at the same'output
level is quite dramatic. For example, for an engine of 400 imep, the peak pressure
for a 16:1 compression ratio engine would be around 3400 psi at a fuel-air ratio of
of 0.05. The same output can be obtained with only 2200 psi peak pressure when the
compression ratio is lowered to 10:1. The decrease in thermal load, not plotted
here, is equally drdmatic. This trend has been predicted by other researchers using
similar analytical techniques.

Inclusion of mechanical friction and heat transfer in our model permits predic-
tion of an optimum compression ratio. The result is shown in Fig. 23 where two en-
gines are assumed; one whose friction varies little with peak pressure and one whose
friction varies significantly with peak pressure. An optimum compression ratio of
19:1 is predicted for the low friction engine and 16:1 for the high friction engine.

This enables us to study the trend of engine performance with basically differ-
ent cycles such as turbocharging, supercharging, and intercooling. However, due to
the many simple assumptions involved, this type of analysis cannot be used to study
detailed engine design changes in order to optimize the performance of a specific
design. In other words, these simplified analyses cannot be used to "develop" a
specific engine as can the detailed analysis.

FUTURE STUDIES

The preceding part of this paper has presented the simulation of the engine and
compared the computed results both with experimental and other simpler analyses.
The comparison between computed and experimental results is quite promising. The
additional information given by the detailed simulation, beyond that given by sim-
pler analyses, has been helpful in engine development. A detailed evaluation of the
simulation at this stage of development, as well as improvements needed, will be
considered next.

IMPROVEMENTS TO THE SIMULATION ...

FZow ModeZ - An accurate description of the flow model is important because
of its effect on volumetric efficiency, heat transfer, and combustion.
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As discussed previously, the port and valve are calibrated in a bench test
providing steady, adiabatic flow, but the test results are applied to an engine
having unsteady, nonadiabatic flow. The validity of this procedure should be deter-
mined.

When improved accuracy in simulation is needed, dynamic valve lift must be des-
cribed more precisely, At higher rotational speeds, actual valve lifts may depart
from static lift. Operating temperature also affects valve lift and timing, espe-
cially if valve lifters are not used.

Different engine designs would have different air motions in the cylinder.
These air motions have not yet been described in mathematical terms. Semenov (18),
using a pressure-compensated hot wire anemometer, has found considerable variation
in turbulence throughout the chamber and cycle. Further investigation and correla-
tion, as well as reliable instrumentation, are needed.

As illustrated by Fig. 5, fluctuations in port pressure affect engine perfor-
mance. These fluctuations occur because of simple emptying and filling processes
and wave effects. In most high speed single-cylinder engine test setups, the intake
and exhaust pipes are long enough that wave effects must be taken into account.
Figure 24 shows a comparison of measured and computed pressure fluctuations. The
general trend is predicted, but the computed pressure waves damp out more rapidly
than the experimental ones. In order to check the calculated damping, tests were
run at room temperature on a pipe closed at one end. These tests showed good agree-
ment between experimental and computed damping, indicating good simulation when a
simple adiabatic model is used. Additional analytical as well as experimental stud-
ies in this area are needed.

Exhaust dynamics are currently being added to the program. No comparison be-
tween computed and experimental data are as yet available.

To improve predictions of volumetric efficiencies, the intake port flow model
must be refined. Figure 25 is a composite of the pressures in the cylinder and
ports and illustrates the complexity of predicting volumetric efficiency. Instan-
taneous mass flows through the intake and exhaust valves are also shown. During
blowdown, the exhaust port pressure increases, but drops during the exhaust stroke.
When the intake valve first opens, cylinder pressure is high because of recompres-
sion and high exhaust port pressures. As a result, exhaust gases flow into the in-
take as well as the exhaust ports. After piston motion is reversed and the exhaust
valve closes, cylinder pressure drops below the intake port pressure. Exhaust gases
left in the intake port, as well as fresh air, .now enter the cylinder. During the
start of compression, cylinder gas flows back into the intake port before the valve
closes. The plot of instantaneous mass flow rate (Fig. 25) illustrates these ef-
fects. Heat transfer from the intake port, intake valve, and combustion chamber
also affect these flows and, thus, the volumetric efficiency.

Heat Transfer - There are uncertainties in simulating engine heat transfer.
The treatment of combustion radiation must be improved. The use of pipe-flow-type
correlations for engine heat transfer has never been justified in detail. Runs
A-2000 and M-2000 shown in Table 3, for example, have the same total heat transfer
but differ by more than 1% in volumetric efficiency as a result of different values
of heat transfer rate at different times in the cycle. There are also difficulties
in obtaining test data for checking these correlations. Usual overall heat trans-
fer measurements cannot be used to give the instantaneous rates of heat transfer
needed for detailed engine simulation.

The model used for heat transfer in the port has not been confirmed. Measure-
ments of instantaneous heat transfer rates in the ports are needed to improve the
model.

Due to the complexity of the engine structure, more studies are needed to es-
tablish the equivalent one-dimensional path length for the various components con-
sidered. In addition, heat losses from the exterior of some engines are not negli-
gible (Fig. 13) and must be included in a complete simulation.

To provide information on instantaneous heat transfer rates, studies are now
in progress at Wisconsin under ATAC sponsorship.
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Rate of Heat ReZease - Rates of heat release, determined from similar en-
gines, are now an input item. The determination of heat release rate by combustion
system design variables is preferable, but not presently feasible. This requires
simulation of the injection system first (19), and then a correlation between injec-
tion and heat release rate of different engines. Lyn (20) has suggested a correla-
tion for open chamber engines which does not include details of air motion and mix-
ing. Further confirmation of this correlation, as well as a.correlation for other
types of combustion chambers, is needed.

Studies aimed at providing a semi-empirical correlation between rates of injec-
tion and rates of heat release have been started at Wisconsin under ATAC sponsorship.

Friction - For most single cylinder combustion work, indicated performance is
used to compare with other single-cylinder and multicylinder engine data. Due to
the dependency between mechanical friction and engine loads, an engine with optimum
indicated performance does not necessarily provide optimum brake performance. This
is especially true for a multicylinder engine where engine rubbing friction varies
substantially with engine load or peak pressure (16).

Bishop (15) predicts engine friction from engine design variables and cylinder
pressure conditions. It has been applied with reasonable success on multicylinder
engines, but not on single-cylinder engines.

Figure 26 shows motoring friction compared to friction determined from ek-peri-
mental P-V diagrams. The curve labeled MMEP was obtained by standard motoring tech-
niques. FMEP and RAMEP were determined by P-V diagrams as follows:

FMEP GIMEP - BMEP

= RAMEP + PMEP

RAMEP =FMEP - PMEP

FMEP of a firing engine is in better agreement with the usual measured motoring
friction, MMEP, which is the summation of RAMEP, PMEP, and HMEP (representing heat
transfer and blowby losses) at the motoring condition.

Figure 27 is a plot of rubbing friction against peak pressure. The equation
used for computing friction is based on this experimental correlation. As mentioned
before, theoretical prediction of single-cylinder engine friction is not yet per-
fected.

Figure 28 shows a comparison between Bishop's formula and multicylinder engine
data for AMEP. There is reasonable agreement at the higher rpm. However, experimen-
tal data do not seem to go through zero as do Bishop's correlations. Again, Bishop's
prediction of AMEP does not apply to single-cylinder engines. Further study of fric-
tion is needed to extend Bishop's type of correlation for engine simulation.

EXTENSIONS OF SIMULATION ...

MuZticyZinder Engines - The extension of the program to multicylinder engines
is simple in concept, but complicated in practice, because of manifold branching,
and variations in heat transfer and fuel injection between cylinders. This will re-
quire increased computer storage, and running time.

Turbocharging - The addition of a turbocharger introduces many additional vari-
ables. These additional variables make optimization of the engine-turbocharger com-
bination more complex in practice. Simulation, when developed, could be substantial
help in developing turbocharged engines. Inclusion of the turbocharger in the simu-
lation is now in progress.

GaeoZine Engznee - The basic techniques are applicable to spark ignition en-
gines. However, there are definite differences and problems in intake processes and
in combustion. Work on simulating a two stroke cycle spark ignition engine has been
started at the University of Wisconsin.

•i.'• •: T °;i--:-.-......----v°.-., • - --- - .- C ---- - .... .... . - - • •- '" -
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ADVANTAGES AND LIMITATIONS

In the preceding, a critical evaluation of the engine simulation was made and
areas of improvement indicated. From this evaluation, the limitations and advantages
of the simulation can now be summarized in this section.

LIMITATIONS ...

Simple Assumptions - The simulation is as accurate as its assumptions. In con-
structing the model, compromises were made between reality and simplicity. Due to
this quest for rather simple mathematical methods and, at times, the lack of infor-
mation, the accuracy, though adequate for some purposes, might not be sufficient for
others.

SimpZest Possible Configuration Required - The simulation, as presently pro-
grammed, is applicable only to an open chamber single cylinder engine with compara-
tively straight pipes in the inlet and exhaust.

Certain Input Data Required - Input items such as heat release rates, valve
flow coefficients, and friction characteristics are required and require, to vary-
ing degrees, prior experience.

What - But Not Now - The simulations will predict engine performance with a
particular heat release rate, but will give no information on the combination of noz-
zle characteristics a2d air motion required to achieve this rate. The same statement
is true with'regard to heat losses, friction, flow coefficients, and others.

ADVANTAGES

Scientific Thinking - When computed results and experience gained from the dn-
gine simulation program are utilized in planning tests and interpreting test. data,
the number of trial and error tests can be reduced significantly.

Rapid Results Possible - It is not necessary to wait a month for a new camshaft
or two months for a casting! The entire set of tests presented in Table 3 were run
on a computer during a period of about two weeks. For some preliminary work, it
might not immediately predict precisely the optimum engine design, but it will at
least show the area in which experimental studies can be more fruitfully conducted.

Complete Set of Test Data - Much valuable information such as surface tempera-
ture and instantaneous mass flow rate cannot be readily obtained on a test stand due
to experimental difficulties. This information is automatically obtained by a simu-
lation program. In addition, test conditions can be precisely controlled-in the
simulation.

Single Variable Studied - One variable can be changed at a time to see its ef-
fect. For example, the simulation can tell if an effort to achieve a particular
heat release curve is justified. Changing one variable at a time is difficult to
do on a test stand.

Systematizes and Preserves Experience - This is exactly what engine simulation
attempts to achieve--systematization of engine knowhow. Experience obtained is ex-
pressed in mathematical and logical terms and retained for future use.

EXAMPLES OF UTILITY OF SIMULATION

This closing section will present two examples of the utility of this simula-
tion. The first one illustrates the use of simulation to optimize engine components;
the second one to provide information as to which areas of engine performance most
gain can be made.

ENGINE DEVELOPMENT ... As part of an engine development program, the relationship
between valve sizes and volumetric efficiency was studied. Figure 29 presents com-
puted data of volumetric efficiency of an engine using a range of exhaust valve
sizes. The intake valve size was fixed. For this computer engine, a large exhaust
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valve would increase volumetric efficiency and reduce pumping loss. However, in a
real engine, the size of the exhaust valve is limited by space. These data provide
the information on the optimized exhaust and intake valve sizes in the space allotted
for valves. The trend shown in this figure has been confirmed experimentally.

ANALYSIS OF LOSSES ... Procedures for improving efficiency involve a careful analy-
sis of losses. These losses must be identified and defined before specific gains
can be made. A detailed study of losses provides information on the practicability
and feasibility of making an improvement as well as the amount of improvement possi-
ble, thus avoiding time consuming trial and error in areas where little gain is pos-
sible. Figure 30 shows a detailed breakdown of engine losses.

Basic Cycle Loss This thermodynamic loss represents the difference between
MEPfue,1 the fuel input, and IMEPisent the maximum indicated work possible with a
cold air cycle. This is the minimum exhaust loss for any adiabatic engine and can
be predicted from simple cycle analysis (air cycle, Fig. 20).

ReaZ Gas Property Loss - This is the loss involved from the use of a fuel-air
mixture instead of cold air as a working medium. The higher the fuel-air ratio, the
larger this loss becomes, as predicted from simple cycle analysis. This loss is a
function of pressure when dissociation is considered.

Volumetric Loss - This is the loss involved by not having the maximum mass of
air in the cylinder for given ambient conditions. This cannot be predicted by simple
cycle analysis. The detailed cycle analysis can be used to determine optimum design
for obtaining maximum feasible volumetric efficiency at a specified operating condi-
tion. An example of this work has been shown in Fig. 29.

Heat Transfer Loss - For structural reasons, a practical engine needs to be
cooled. This results in a power loss. Generally speaking, to obtain maximum per-
formance, the minimum tolerable amount of coolant should be used. For example, at
part load, engine performance can be enhanced if coolant flow is reduced, maintain-
ing a tolerable structural temperature. At high BMEP regions the engine should be
designed such that thermal load limits are not exceeded. Detailed cycle analysis
can be used to determine these limits (surface temperature, heat flux, and the like)
and the magnitude of heat transfer losses at different conditions.

Late Combustion Lose - Late combustion loss is caused by having a practical
heat release rate which deviates from constant volume combustion. This loss is gen-
erally proportionally reduced at high speed, as rate of pressure rise is typically
increased at higher speeds. Figure 30 shows that only limited gain can be made as
the late combustion loss is a small percentage of total logs. In Fig. 31, the per-
formance of two seemingly identical combustion systems, engine A and engine B, are
compared. The comparison is based on combustion efficiency, Ecomb.. This parameter
defines the vombined heat transfer and combustion loss. This figure indicates fur-
ther improvement can be made for engine B to at least attain the performance level
of engine A. A more careful analysis also indicates that the gain will probably
come from reducing heat transfer loss rather than from late combustion loss.

Pumping Loss - As presented previously, pumping loss can be simulated very
well by detailed analysis. Therefore, the detailed analysis is capable of provid-
ing design criteria for minimizing this loss. Figure 29 has shown that an improve-
ment in exhaust valve size could effect a substantial reduction in pumping loss with
only a slight gain in volumetric efficiency.

Rubbing Loss - Rubbing loss is a function of engine design, engine load, and
reliability requirements. Reducing rubbing loss requires meticulous sizing of bear-
ings, gears, and structural parts, without sacrificing engine life or reliability
for a specific application. As pistons and rings contribute a large percentage to
this loss, study in this area could lead to the most fruitful results. Detailed
cycle analysis shows how this loss varies with operating conditions.

Accessory Loss - Accessory loss of an engine is another area in which some
gain can be made. Due to the complexity of modern vehicles, accessory load is in-
creasing. Careful miatching be accessory requirements to engine characteristics
should be productive.
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The above breakdown of engine losses, made possible by detailed analysis, pro-
vides the clues to where experimental tests should be conducted.

CONCLUSION

The detailed cycle analysis requires much more effort than the simplified anal-
ysis. While the simple analysis is useful in some general areas, the detailed anal-
ysis must be used to provide detailed design criteria for engine development. It is
now feasible to simulate a single cylinder diesel engine in significant detail. The
computed data agrees reasonably well with test data.

Efforts in developing this detailed analysis can be justified by:

1. Its potential for developing advanced engines.
2. Its systematization of engine knowhow.

The simulation program in its present form includes some simplified assumptions,
only applicable to a single cylinder engine. Considerable effort is required to de-
velop fundamental data needed for improvements. This is a challenging task. Addi-
tional cooperative work among industry and universities will certainly be beneficial
to this program.
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APPENDIX A

CONDUCTION HEAT TRANSFER MODEL

An equivalent one-dimensional metal path was assigned to each of the seven met-
al parts. At the end-of each cycle calculation, the total heat transfer to eabh
part surface must equal the total heat transfer to the coolant for that part. These
conditions give the equations from which the metal temperatures for each part can be
calculated.

For the gas-side heat transfer an integration over the entire cycle gives/ idt iAi[ Te.Idt
where T is the effective gas temperature defined by

eg - i Tdt

Teg = iAidt

Model for Cylinder Head - The temperature of the head may vary by as much as
50 F from maximum to minimum temperature location. The one-dimensional model thus.
gives only some average temperature, and the variation about the average could
amount to ±10%. The resistance network consists of the gas side resistance, the
head resistance, and the coolant-side resistance. The heat transfer from the valves
and ports was added to the total load on the head coolant.

Model for Piston - The most scvere extension of the one-dimensional model is
in its application to piston cooling. The top (or crown) surface of the piston may
vary by 100 F or more. Correlation of the piston temperature 'depends on the piston
shape and amount of oil cooling. The effect of oil cooling can be estimated from
tests run witn different rates of oil cooling.

If the piston tempcrature is measured by hardness tests or other direct means,
the heat flux to the piston can be calculated from the cycle analysis. If the cool-
ant passage metal temperatures are also measured, the effective overall heat trans-
fer path length for the piston can be calculated. This path length includes the
sleeve resistance. The path length calculated in this way will have a maximum length
for the case of no oil cooling. This maximum length has been found to be about equal
to the radius of the piston. When oil cooling is present, the effective path length
will decrease roughly in-proportion to the oil flow per cycle. If the effective path
length to the coolant with oil flow is divided by the effective path length with no
oil flow, the resulting ratio is also the fraction of total piston heat transfer
going directly to the coolant. The heat transfer resistance path network should
contain a path to the oil as well as to the coolant.

Model for Sleeve - The sleeve receives a heat flux which can be divided into
three parts: heat flux from the cylinder gas, heat flux from the piston, and heat
flux from friction generated at the interface between sleeve and piston. The upper
diagram of Fig. A-1 shows the resistance network for the case of a piston with neg-
ligible oil cooling. The effective gas temperatures for the sleeve and piston are
different because the sleeve area exposed to heat transfer from the gas is a func-
tion of crank angle while the exposed piston area is constant. The temperature Ts
is the gas-side (that is, crown surface). piston temperature. The resistance R4 is
the total resistance between the sleeve and piston crown. The resistance R 2 is the
sleeve resistance. T2 and T, are the sleeve temperatures on the gas-side and cool-
ant side respectively. The friction heat flux is added at the piston sleeve inter-
face. If oil cooling of the piston is present, an addition path to the oil, branch-
ing off from T3, should be added to the diagram.

If the experimental method for obtaining the piston resistance gives the total
resistance R 2 + R4, = RT, then R4 can be replaced by R, - B2 . The resistance R2 is
calculated from the thickness of the sleeve and the sleeve conductivity. The error
in treating the sleeve as an equivalent flat surface is negligible for most cases
because the bore is so much larger than the sleeve thickness. The temperatures T,
T2, and T3 can be obtained in terms of the resistances, the effective gas tempera-
tures, and the friction heat flux.



215

At the end of each calculated cycle, the effective gas temperatures and fric-
tion heat flux are computed. The resistances are available from the values read in-
to the program. Thus the piston and sleeve temperatures can be calculated. Obvious-
ly the temperatures could also be calculated front the total heat transfer based on
the assumed wall temperatures used during the cycle, but this procedure is not nec-
essarily stable. The effective gas temperatures are relatively insensitive to the
assumed wall temperatures and thus the calculated wall temperatures converge rapidly
to the balanced values. The equations for the temperatures 213 and T2 .are

T3 = 14 + T /(Ri+R 2 ) + T IR3 + T X]/l[/(R,+R2 ) + 1/Ri + X]
C egs eg

where:

X = 1/Rs + R4 /R 5 [l/(R1 +R2 ) + l/Rs

72 - 73 - (R 4 /Rs) (2' -Ts)

The effect of frictional heating is felt by both the sleeve and piston. The
evaluation of frictional heating is closely tied to the piston ring design and can
be divided into three contributing factors: friction caused by ring tension, vis-
cous friction, and the effect of the gas pressure behind the rings.. Bishop (15)
has shown that friction caused by ring tension is proportional to the piston speed,
while viscous heating is proportional to the square of the piston speed. If no di-
rect data are available, Bishop's formulas for friction can be used to estimate the
frictional loss, Q. If direct engine data are available, it is probably better to
adjust Bishop's formulas to fit'these data.

The sleeve temperature varies considerably from the top to the bottom of piston
travel. The position on the sleeve, represented by the average sleeve temperature,
can be estimated from the calculated values of effective gas temperature. For most
calculations of fired cycles, the effective gas temperature for the sleeve corres-
ponds to the gas temperature at about 30 crank degrees before top center on compres-
sion. This fact and comparisons with other data indicate that the average calcu-
lated temperature corresponds to points on the sleeve somewhat above the center of
piston travel.

ModeZ for VaZve and Port8 - The lower diagram of Fig. A-1 shows the resis-
tance network for the valves. The heat transfer from the valves, ports, and head
are all added to the load on the head coolant. The ports exchange heat between the
port gas and the coolant, and thus have a simple series network. The port wall re-
sistance is estimated from the port wall thickness and conductivity. The valve ex-
changes heat with the cylinder gas, the port gas, the head through the valve seat,
and the coolant through the valve stem. The temperature T2 in the diagram repre-
sents the entire valve temperature. From a practical standpoint, the maximum valve
head temperature is of most interest. However, the model is so crude that only
trends in average valve temperature can be estimated from the calculations. Com-
parisons with experimental data indicate that the computed temperatures correspond
most closely to the valve face temperature. The resistance R2 is the sum of the re-
sistances for the stem and seat paths. The resistance for the stem is straight for-
ward, but estimation of the seat to valve resistance is difficult. The resistance
network gives the valve temperature as

T C + (R1 +R2 )(T1eg1/R 3 +T ep/R4)
T 1 + (R1 +R2 ) (e/R3+I/fe)
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DISCUSSION

FRANK J. PEKAR
Mack Trucks, Inc.

The scope and attention to detail incorporated in the paper is awesome. Anyone
who has ever attempted even a small portion of the authors' undertaking can appreci-
ate the tremendous amount of work involved in reaching the desired goal. As the
authors clearly pointed out, previous SAE papers on diesel engine simulation stopped
at comparing computed with test results, giving no clue to the ext~nt of the neces-
sary simplifications, or to the methods and equations used. "Development and Evalu-
ation of the Simulation of the Compression-ignition Engine" has gone a long way in
providing many of the previous missing stepping stones. However, after closely
studying the paper, one still cannot help wondering why a few additional detailed
equations could not have been included without betraying the proprietary nature of
the work. Regardless of some of its drawbacks, this paper is still one of the most
informative and useful SAE papers ever presented. Due to the wide range of the pa-
per, I will restrict my comments to the area of dir.ect parallel experience -- the
inlet cycle simulation.

Referring to the basic equation section of the paper, intake system gas dynam-
ics are briefly treated by presenting the fundamental unsteady flow equations (Eq.
15) along with their governing assumptions. Unfortunately, since a copy of Ref. 1*
was not available, the exact mathematical mechanics used to calculate intake system
dynamics could not be discerned.

However, there are only two possible solutions to the fundamental unsteady flow
equations (Eq. 15). A simplified solution can be obtained by assuming small pertur-
bations which results in a convenient linearized method, similar to the solution for
vibrations of a string, or a rod, or to*the propagation of sound. A second and more
accurate general solution for large amplitude waves can be obtained by discarding
small perturbations resulting in a distinctly nonlinear method often called one di-
mensional characteristics. Which method to use depends on the problem. It would
seem that, to be as general as possible, a digital engine program should incorporate
the second nonlinear method to handle large amplitude waves encountered at high en-
gine speeds or within long inlet ducts.

A digital simulation of intake cycles only (2) will be used as a basis of com-
parison to evaluate the subject paper.

The objectives of the intake cycle program were somewhat different from those
of the authors. It was desired to obtain only a relative,, not an absolute, com-
parison of volumetric efficiency for inlet system variables such as duct length and
diameter, effective valve flow area, valve timing, and so forth. Simplification to
a relative comparison minimizes the need to include heat transfer, so that with the
removal of heat transfer from further consideration, many difficult and dubious as-
sumptions could be eliminated.

Since the general nonlinear one dimensional characteristic method was used in
Ref. 2, consideration had to be given regarding the inclusion or omission of fric-
tional effects. Based on the experience of others, it was decided to neglect fric-
tion--a bad decision as will be illustrated later. It should be noted that the
authors also neglected friction in their intake cycle calculations.

Experimental volumetric efficiencies for the 4-7/8 by 6 in. 6-cyl diesel engine
were obtained using standard engine laboratory techniques. Located at each of the
six inlet ports were straight tuned inlet.pipes joined at the open end by a large
diameter header pipe running parallel to the engine. A large header pipe facili-
tated air flow measurements without introducing multi-cylinder disturbances into the
inlet pipe flow dynamics.

An IBM 1410 digital computer in conjunction with a FORTRAN program that follows
the nonlinear analytical method was used to obtain the calculated results. Angle
increments were progressively reduced until further reductions exhibited negligible
effect on the calculated results. A negligible effect in this case was defined as
one resulting in less than a 0.5% change in volumetric efficiency for subsequent de-
creases in angle increment.
*Numbers in parentheses designate References at end of authors' closure.
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Returning to the authors' paper, Fig. 24 in particular, a comparison of calcu-
lated and experimental inlet pressures, illustrates the very rapid attenuation of
calculated inlet pressure after closing of the inlet valve. Reference is made in
the text to auxiliary bench tests, the results of which imply that the nonadiabatic
inlet process is somehow responsible for the difference. Their closely controlled
auxiliary adiabatic test was reported to give almost identical test and computed re-
sults. Although for entirely different engine conditions, Fig. A shows calculated
inlet pressure for one inlet cycle. The decay of pressure after the inlet valve
closes has the same order of magnitude as the authors' experimental decay. Unfortu-
nately test port pressures corresponding to Fig. A do not exist. (Since the method
used to generate Fig. A assumes adiabatic inlet conditions and, based on the authors,
auxiliary tests, it would seem that perhaps a reevaluation of heat addition modes
during the inlet cycle of the authors' program is in order.) Because the calculation
of heat transfer in the inlet port and cylinder is somewhat arbitrary, a practical
solution to the authors' inlet discrepancy may be to increase the heat transfer rate
in the cylinder and decrease it in the inlet port. If properly done, the same abso-
lute volumetric efficiency should result without the exaggerated wave damping after
inlet valve closure; that is, if including heat transfer is actually responsible for
the computed wave decay. A statement made early in the authors' paper, indicating
that heat addition during the inlet cycle has very little effect on computed wave
dynamics, seems to have been contradicted.

Even if the authors' method of adding heat has some faultsi heat transfer can
not be neglected if absolute volumetric efficiencies are desired. Figure B clearly
illustrates the importance of heat transfer. The main difference between motoring
and full load data is the reduced importance of heat transfer under motoring condi-
tions. Both the motoring and full load curves are plotted for steady state condi-
tions with the full load curve corresponding to a fuel-air ratio of 0.045. At low
speeds motoring volumetric efficiencies were greater by 10%, but at the governed
speed the spread was reduced to 0.5%. Realizing that at high speeds considerable
frictional heat is available to raise metallic part temperature and influence volu-
metric efficiency under steady state conditions, a very rapid measurement was made
at 2100 rpm after soaking the engine at room temperature for an entire weekend.
Even with these precautions the 21.00 rpm motoring volumetric efficiency was only
2.5% greater than the full load value, the cross in Fig. B. Based on these tests,
it was concluded that if absolute volumetric efficiencies were desired, the addition
of heat transfer effects would close the calculated and experimental gap at low
speeds, but could not explain the high speed differential.

At this point, the findings of others with respect to the necessity of includ-
ing friction had to be questioned. Fortunately, experimental data for a wide range
of duct lengths were available and similar computed data were obtained. The results
of this parallel investigation are shown in Table A. At 1000 rpm, regardless of
pipe length, the spread between calculated and experimental volumetric efficiencies
remained the same. However, at 2100 rpm the differential increased with increasing
pipe length. The necessary conclusion drawn from this comparison is that friction
cannot be neglected if absolute volumetric efficiencies or relative volumetric ef-
ficiencies for a wide range of pipe lengths are desired. The inlet cycle program
(2) is presently being expanded to include friction.

Possibly the authors should consider the addition of friction to their analysis.
They indicated that in the near future they plan to include a program for the compu-
tation of exhaust dynamics including both heat transfer and friction. Certainly,
with slight rearrangement, this more generalized approach could replace the present
inlet cycle analysis.

Some of the proposed future additions to the authors' present program should go
a long way in enhancing its usefulness. Anyone who has ever experimentally followed
the high speed valve motion divergence from the ideal has to concur with the desir-
ability of including actual instead of theoretical valve motions. At the critical
low lifts encountered during the beginning and end of the valve event, deviations
from the theoretical valve motion can easily change the effective flow area as much
as 50%.
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As combustion and injection simulation proceed, it will be necessary to include
a representation of swirl for many direct injection engines. A very good reference
along these lines is a paper by Fitzgeorge and Allison (3). The basic swirl approach
is similar to flow calculations that combine a steady flow coefficient with Unsteady
pressures. For swirl calculations the flow coefficient is replaced by a swirl coef-
ficient and air momentum instead of air volume is integrated with respect to time.
Unfortunately, Messrs. Fitzgeorge and Allison do not offer a validification of their
method with experimental results.

Expanding the program to include multi-cylinders will be very difficult. Cor-
relation of experimental and computed data would be impossible if the experimental
engine is equipped with manifolds of poor aerodynamic design. All inlet and exhaust
gas dynamic calculations are one dimensional and cannot account for flow separation
in sharp bends or unstreamlined entrances. Manifolds with substantial change in
cross-sectional area with length are also very difficult to handle analytically.
Therefore, as far as multicylinder conditions are concerned, the extent of simula-
tion success will depend as much on the designer of the manifolds as on the analyst
trying to simulate the manifolds mathematically. A quick survey of the present pro-
duction manifolds, of most diesel engine manufacturers, would reveal many examples
requiring improved flow paths.

"The paper is certainly very enlighting technically. However, to launch once
and for all the diesel engine industry into the computer age, an additional paper is
still required: a paper that will demonstrate to engineering management the money
and development time tavings that could result when the digital engine is fully in-
tegrated into standard development programs, and is no longer looked at as just an
interesting curiosity.

Table A Difference between Claculated and
Full Load Test Volumetric Effici-
encies for Speed Extremes

Pipe Length, in. 1000 rpm, % 2100 rpnm,%

21 15.0 11.3

45 14.9 14.7

53 15.0 15.0

67 14.9 16.6
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WILLIAM L. BROWN, JR.
Caterpillar Tractor Co.

Although there is little to add to the authors' paper, there are several matters
that did puzzle me.

Figures 30 and 31 of the paper represent an extremely important result from
this study. As mentioned in the paper., Fig. 30 shows where effort can best be ap-
plied to improve the engine, which could be an extremely valuable tool. The very
low amount of late combustion losses is extremely surprising to me and I find it
hard to believe. If the combustion in the engine used for the data is this good,
then it is close to the ultimate in combustion efficiency. Could the authors give
any information as to how close the integral of the heat release rate approaches'the
lower heating value for the amount of fuel actually injected into the cylinder for
Fig. 31?

There are several factors that could contribute to the more rapid decay of the
computed intake port pressure waves shown in Fig. 24. One factor could be the use
of an orifice coefficient for the entrance to the intake port, mentioned in Prof.
Borman's thesis (1). Another factor could be the surge tank and flow meter on the
test engine shown in Fig. 8, which could reduce the losses to the ambient air. There
may even be an energy addition at the intake valve due to heat transfer that could
keep the waves going. I have seen glass tubes that will develop self-excited vibra-
tions when heated at the closed end. Would the authors comment on these possibili-
ties?

AUTHORS' CLOSURE
TO DISCUSSION

In reply to Mr. Pekar, the method used in solving the intake unsteady flow was
based on the hybrid method of Courant, Issaacson, and Rees (Commun. Pure Appl. Math.
5, 243 (1952)). This method solves the nonlinear flow equations along approximated
characteristic lines. A fixed finite difference mesh is used throughout for the
distance coordinate. The time increments are dictated by the cycle program and gen-
erally correspond to one crank angle. The effects of friction and heat transfer on
the pressure waves were neglected. The unsteady flow equations thus supply pressure
and rate-of-change-of-pressure data. The cycle program then uses these data to com-
pute port gas temperatures. In this way the effects of port and value heat trans-
fer on volum'etric efficiency are included, but their influence on the shapes of the
pressure waves is zero during the valve closed period and only indirect during the
valve open period. Increasing the cylinder heat transfer during the intake stroke
can decrease the volumetric efficiency considerably without significantly changing
the total heat load (1). While this may well provide a key to lowering the calcu-
lated volumetric efficiency, it would not change the calculated damping of the in-
take pipe waves during the intake valve closed period. At any rate damping of these
waves is only indicative of some general discrepancy between the calculations and
the experiments. From the viewpoint of the effect on the overall cycle the differ-
ence between calculated and experimental port pressures just prior to valve closing
is much more important than the damping rate.

It is interesting to note that in Ref. 1, as well as the present paper, the
calculated values of volumetric efficiency were always too high by an almost con-
stant amount for all speeds and fixed load. Mr. Pekar's data show a similar trend.
It may well be that heat transfer and friction effects in the intake cannot be ne-
glected, but the authors tend to believe that the heat transfer in the cylinder dur-
ing intake may be equally or even more important. In this regard they agree that
the addition of the effects of swirl and other cylinder air motion should be includ-
ed in the cycle calculations.

Mr. Pekar's remarks concerning further work both in extending the model and in
showing its economic utility are certainly in agreement with the thinking of the
authors. It must be remembered however, that if the program is too complex the cost
of the additional information or accuracy gained may not be warranted.
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Table I " Cycle Analysis of Single-CyllInder 4 Stroke oiesel Fgine Fired Prob 1

Engine ER-I INT OP 529.0 CAUI'Pc Specd 3200.0 rpm INT T 552.0 R CAGRS 165

Dole 4.12,6 INT CL 69.0 CADEG Coolant Temp 635.5 R INT P 14.08 psla CAPIIR 180

Stroke 4.313 EXII OP 295.0 CADEG Coolant Flow 1.3390 lb/sec EXH P 14.08 psla CAIIRE 260

Comp Ratio 16.000 EX1I CL 549.0 CAI)EG Fuel 10.67 lby/hr 0. CADEG = BDC

Temp Flow Flow Tot. Tot. Tot. Prcs.
Pre$ Temp Mass li. Io o lit. Tr. Ht. Tr. Mt.f..Tr. Int.PortPres Temp MaSlug. IV Temp EV Cyt I EP Ot. Port Vol.

Crank Cyl Cyl Cy6 Equiv. Port ibm EP Ibm 3 3

Angle psia R 10 6bm Ratio R /hr R /Ar 104B/CA 104 B/CA 103B/CA p.ia In.3

529. 19.39 1865. 73. 0.849 647. 1717. -90. -0.669 0.1747 -0.1714 14.11 4.52

647. 15.40 1713. &,. 0.849 662. -39. 1650. T1. -0.454 -0.2303 -0.1500 14.42 4.12

549. 14.26 1678. 57. 0.849 663: -9. 1653. -0.405 -0.2187 -0.1458 14.22 4.29

650. 13.81 1660. 57. 0.844 663. 36. 1650. -0.110 -0.0716 -0.1449 14.00 4.40

560. 11.11 1355. 77. 0.617 653. 239. 1619. 0.129 -0.0491 -0.1361 13.09 6.05

580. 9.32 920. 193. 0.247 621. 531. 1567. 0.437 6.0146 -0.1212 11.54 12.23

600. 8.79 774. 377. 0.130 601. 740. 1522. 0.608 0.050.1 -0.1090 11.57 21.24

620. 9.05 720. 619. 0.081 594. 917. 1484. 0.755 0.0664 -0.0987 12.75 31.53

050. 10.05 691. 1042. 0.049 581. 999. 1436. 0.915 0.0919 -0.0861 13.63 46.04

710. 13.17 701. 1796. 0.029 571. 658. 1303. 1.056 0.1149 -0.0675 14.58 61.16

20. 15.37 724. 1997. 0.026 577. 223. 13.14. 1.081 0.1065 -0.0604 15.84 60.20

30. 16.19 735. 2016. 0.026 581. 43. 1326. 1.078 0.1014 -0.0583 16.24 58.61

40. 17.08 748. 2011. 0.0216 585. -65. 1317. 0.807 0.2752 -0.0563 18.21 6(.-8

5o. 10.91 783. 2002. 0.026 577. 1303. 0.767 0.3296 -0.052"8 14.49 50.43

80. 26.16 848. 2002. 0.026 564. 1288. 0.688 0.3348 -0.0493 12.77 41.53

110. 49.22 1011. 2002. 0.026 578. 12609. 0.395 0.3191 -0.4448 13.77 26.M3

140. 139.01 1336. 2002. 0.026 590. 1252. -0.917 0.2976 -0.0409 15.12 12.2M

170. 546.69 1876. 2002. 0.027 590. 1237. -7.662 0.2959 -0.0375 13.87 4.40

186. 1202.45 3686. 2053. 0.407 589. 1230. -40.240 0.2942 -0.03`58 13.37 4.04

200. 836.31 3797. 2074. 0.558 502. 1224. -34.300 0.2887 -0.0344 13.49 6.05

.130. 287.79 3517. 2101. 0.760 606. 1212. -17.89n 0.2702 -0.0,317 14.50 16.48

260. 13847 3221. 2113. 0.849 609. 1201. -11.600 0.2607 -0.0293 14.31 3I.63

296, 78.79 2821. 2113. 0.849 610. 1188. -9. -7.455 0.2534 -0.1897 13.71 48.52

310. 68.58 2725. 2100. 0.849 614. 1230. -,152. -6.672 0.2471 -0.1714 13.90 5..2

330. 65.71 2588. 1967. 0.849 620. 1973. -842. -5.496 0.2370 -0.31.%8 14.27 511.61

360. 36.30 2335. 1490. 0.849 624. 2-300. -1161. -3.422 0.2270 -0.3744 14.M 61.47

390. 23.60 2103. 1026. 0.849 626. 2083. -949. -1.085 0.2201 -0,2850 13.89 58.61

420. 17.10 1937. 689. 0.049 632. 1912. -599. -1.214 0.2089 -0.2264 14.06 50.06

480. 16,26 1873. 288. 0.849 640. 1784. -433. -0.774 0.1203 -0,1891. 14.03 21.34,

520. 17.88 1855. 91. 0.849 646. 1738. -183. -0.6.38 0.1780 -0.1762 14.06 6.05
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Table 2 - Cycle Analysis of a Single-Cylinder 4 Stroke Diesel Engine Prob No. 1.0

Performance Data Fired at 3200 rpm with a Fuel/Air Ratio of 0.0576 = 0.85 Eq Ratio

Horsepower Mean Pressure, psi

NIHP 31.62 IHP 33.35 NIMEP 135.77 GIMEP 143.20
BlIP 18.08 PHP -1.73 BMEP 77.64 PMEP -7.43
RAHP 13.54 RAHP/A3HP 0.75 RAMEP 58.13 RMEP -27.00

Flow Rates Lb/cycle Lb/hr Tempertures, F . Efficiencies

Intake 0.0019375 186.003 Mass ave lnt temp 127.4 Volumetric 82.8%

Exhaust 0.0020486 196.670 Mass ave exh temp 1966.5 . Mechanical 54. 2o

Blowby -0.0000000 0.000 'Time ave exh temp 1060.1 1 Thermal 43.37o

Fuel 0.0001111 10.670 Peak temp 3340.2 B Thermal 23.590
Peak press 1202.0 psi ISFC 0.3200

BSFC 0.5901

Wall Temp Heat Transfer Effective
(Gas Side) (Gas to Wall) Gas Temp.

Energy Balance Btu/cycle F Btu/Cycle F

Net work on piston 0.838 Piston 686.7 0.1478348 1995.9

Heat transfer sum 0.360 Cyl head 509.6 0.0664871 1995.9

Dlowby 0.000 Cyl sleeve 616.4 0.0480521 1531.4

Net intake and exhaust -1.283 Int valve 803.8 0.0190501 (face) 1977.5
-0.0157012 (back) 198.3

Fuel total enthalpy 0.086 Int port 168.6 -0.0031827 146.6

Balance error -0.001 Ex valve 1369.0 0.0080898 (face) 1995.9
Sum -0.0021407 (back) 1307.1
IIV fuel Input 2.041 Ex port 435.8 0.0914701 1092.6

Energy Distribution Coolant Temperature Rise

"901 Brake work 23.4 Head 3.3 F 1.3390 lb/sec

*Ok Hleat transfer 16.8 Barrel 4.2 F 1.3390 lb/sec
'16. Exhaust 42.3 Friction 1.4 F out of 4.2

% Friction and Acces. 17.5 Total 7.5 F

*i .''I' " " " . •..... • : • • '. '' -•" - ' ": ' - • • ' • " : .• "• " : ; • ; " " ' : • •• "
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Table 3 - Selected Parameters Showing Results of Computations for Single-Cylinder Engine

Is.
,L ' . - .• . AtIntake Atr60doges

55 -s ". "P Valve Crank
E E E w Z. >U: Closing 'Angle

a~ .U 1 F E z P T P T 0

a: ';' i-mu- psia * psta r lo

3A.00 rpm, 0.0001111 lb fuel/cycle. coolant flow - 1.339 lb/sec

A 82.8 135.8 -7.43 127 1567 10630 3347 1202 688 510 616 804 1369 19.91 323 359 12,33 0.360

B 82.1 133.9 -7.32 129 1536 1047 3372. 1202 740 555 650 884 1306 19.94 331 360 1253 0.396

C 79.5 1.33.9 -7.07 144 1621 1091 3&55 1189 703 522 630 43.7 1412 19.97 359 357 1293 0.368

P 80.2 134.6 -7.66 123 1602 1081 3/107 1184 694 513 623 811 1395 19.44 329 350 1295 0.368

E 82.5 135.7 -7.40 128 1570 1061 3:503 1199 687 510 617 799 1370 20.93 335 357 1232 0.361

F 82.9 136.5 -7.44 127 1565 105. .1369 1205 681 505 612 795 1364 19.90 322 359 1231 0.356

O 77.1 136.3 -5.89 131 1632 1090 3437 1145 691 509 620 814 1406 17.94 298 3116 1190 0.370

H 82.7 135.9 -7.42 127 1572 1063 3356 1203 137 511 609 807 1373' 19.91 325 369 12.39 0.357

1 83.0 135.8 -7.45 127 1563 1058 3341 1203 686 508 615 769 1366 19.90 321 350 1229 0.360
J 81.2 131.7 -7.21 129 1542 1047 3385 1197 763 575 679 900 1398 20.08 395 062 1281 0.414

K 82.9 135.8 -7.44 127 1562 1057 3341 1202 863 808 593 801 1365 19.88 321 358 1228 0.362

L 82.9 135.7 -7.45 127 1574 1063 .3350 1069 677 501 609 788 1362 19.89 322 358 1229 0.355

M 84.2 139.2 -7.58 125 1555 1049 3322 1210 653 468 593 738 1349 19.70 362 356 1191 0.334

N 82.3 134.4 -8.64 129 1579 1075 3359 1201 691 512 621 813 1386 19.91 327 359 1239 0.366

O 822 133.4 -7.27 129 1499 1020 3365 1204 781 574 698 912 1392 19.91 328 360 1249 .0.422

2600 rpm, 0.0001128 lb fuel/cycle, coolant flow , 1.165 lb/sec

A 84.6 139.7 -4.77 128 1620 997 3300 1206 637 476 576 753 1307 19.58 301 3.54 1188 0.382
G 78.5 139.5 -3.72 131 1590 1030 3417 1149 644 478 582 769 1353 17.70 281 323 1156 0.395

2000 rpm. 0.0001068 lb fuel/cycle, coolant flow. a 1.09 lb/sec

A 83.3 135.2 -2.65 130 1398 906 3266 1149 573 434 52,5 670 1190 18.69 273 338 1132 0.308

* 02.4 132.7 -2.62 132 1362 891 3290 1148 623 475 567 746 1212 18.71 282 339 1153 0.433

C 78.0 132.5 -2.47 153 1473 947 3422 1125 592 448 541 400 1246 18.51 315 331 1203 0.402

(V 79.7 135.2 -2.12 132 1435 921 3327 1117 576 435 528 678 1212 17.63 262 320 1113 0.395

1 81.2 130.7 -2.58 133 1374 894 3299 1138 636 486 579 758 1213 18.74 293 339 1174 0.447

M 84.5 136.9 -2.69 131 1367 886 3247 1158 579 428 533 662 1181 18.65 261 339 1110 0.388

) 81.4 129.2 -2.58 134 1308 859 3293 1144 604 521 630 821 1223 18.71 289 340 1174 0.405

1400 rpm. 0.000959 lb fuel/cycle, coolant flow s 0.625 lb/sec

A 80.0 124.7 -1.28 129 1223 803 3055 942 529 405 498 553 1026 17.96 243 326 1071 0.366

G 79.7 125.0 -1.06 129 12225 804 3058 940 529 405 498 553 1028 17.87 242 325 1069 0.365

A. With intake dynamics and dissociation. 1. Intake valve metal heat transfer path 67% of original

D. Radiation temperature increased 30%, that is. T a 1.3 length.

Tg. J. Cylinder gas-side heat transfer coefficient Increased by
C. Intake valve and port heat transfer coefficient increased 30%..

by factor of 5. K. No frictional hearing at sleeve-piston interfa&c

D. Intake effective valve flow area reduced by 10%. L. Shape of heat release curve changed.

E. Intake valve opens and closes 5 crank angle degrees M. Eichelberg heat transfer coefficient s q same at 2000

later. as Run A-2000.

P. Without dissociation. N. Exhaust effective valve flow area reduced by 10%.

G. With constant port pressure. 0. £ichelberg heat transfer coefficient q nearly same at

If. Piston metal heatttansfer path 50o longer. 3200 as Run 1-3200.
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Table 4 - 1IH Test Engine Parameters

Bore 4.125
Stroke 4.3125
Compression ratio* 16.
Port diameters 1.8
Port length 6.0
lntahe pipe length 12.9
Intake valvei diameter 1.900
Exhaust valve dliameter 1.693

hiaximum intake flow area, effect. 1.032 in.2

Maxininim exhaust flow area, effect. 1.042 In.2

Intake opens 16 btdc, closes 64 abdc
Exhaust opens '70 bbdc, closes 14 atdc
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APPENDTX III

Parametric Studies Using a
Mathematically Simulated

Diesel Engine Cycle

Harold G. Weber and Gary L. Borman
Mechanical Engineering Dept.

University of Wisconsin

ABSTRACT

A detailed mathematical simulation of a single cylinder, open chamber, naturally
aspirated diesel engine was used to predict changes in performance caused by chang-
ing various engine design parameters. The computations have, in some cases, been
used to obtain the parameter values which give optimum performance.

Among the paramdters studied are: bore-stroke ratio, valve timing, intake and
exhaust valve size, heat release patterns,. compression ratio, and atmospheric tem-
perature and pressure. The results are discussed and evaluated in terms of the as-
sumptions used in the calculations.

"INTRODUCTION

This investigation is a study of the effects produced by changing some of the
design parameters in a computer simulation model of a four cycle compression igni-
tion engine. The particular parameters varied were: bore-stroke ratio, valve di-
ameters, valve timing, .heat release rate, and atmospheric conditions. The results
should prove useful in two ways.

1. They should help to give a better understanding of the casual relationships
between the design changes and the resulting changes in performance.

2. They should provide a further illustration of the use of the computer simu-
lation as a design tool.

References 1 and 2 give a detailed explanation of the simulation model used in
this study. These references also contain an evaluation of the program based on
comparisons with experimental data. Because data were not available for the many
engine configurations considered here, this paper is restricted to a study of the
calculated results. Thus, since the model contains many assumptions, the reader
should be careful in interpreting the results and, in general, should consider only
the significant trends rather than the absolute values.

SIMULATION MODEL

Only the major assumptions used in the program are listed here. The reader is
referred to Ref. 2 for a detailed description of the program.. The basic engine
specifications were taken from a single cylinder test engine currently being used
for research purposes at the University of Wisconsin. These specifications are
listed in Appendix A. The following discussion of the assumptions is grouped accord-
ing to the models used for heat transfer, mass flow, combustion, and friction.

The heat transfer in the cylinder is assumed to take place between the gas and
five metal surfaces each of which are assigned a constant uniform temperature. The
five surfaces are: the piston, the head, the intake valve face, the exhaust valve
face, and the exposed sleeve area. The instantaneous heat transfer to each surface
is computed using the instantaneous gas temperature and the coefficient of Annand
(3)* with the radiation term modified as explained in Ref. 2. The heat transfer in
egch port is assumed to take place between the gas and the surface of the back of
*Numbers in parentheses designate References at end of paper.
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the-valve and the port wall. The temperature of the back of each valve is assumed
to be the same as the valve face temperature. The heat transfer coefficient used
when flow is taking place is of the type used in pipe flow. When the valve is
closed, the Eichelberg (4) coefficient is used. The surface temperatures of the
seven metal areas are computed from a steady state heat balance between the net heat
flow per cycle from the gas and the heat flow to the coolant.

The mass flow rates through the valves are calculated using instantaneous values
of effective flow area and the instantaneous cylinder gas pressure. The port pres-
sures were assumed to be constant. This assumption was used in order to avoid the
effects of manifold tuning which might cloud the effects of other variables.

The combustion process is simulated by specifying the rate of conversion of
fuel mass to combustion products as a function of crankangle. These mass rate of
burning or heat release curves were obtained from an analysis of experimental pres-
sure diagrams following the procedures given in Ref. 5. Since pressure diagrams
for the various engine designs considered were not available, the heat release pat-
terns were assumed to be the same for all designs. Thus the effects of design pa-
rameter variations on combustion are not included here. A study was made, however,
of the effects of arbitrary changes in the mass rate of burning patterns.

"The simulation program basically calculates indicated values of performance.
In order to obtain brake values., data on engine friction must be obtained from ex-
perimental data. The brake mean effect pressure is defined by

BMEP = GIMEP - PMEP ' RAMEP

where:
GIMEP = Net work during the compression and expansion strokes

PMEP = Net work during the exhaust and intake strokes
RAMEP = Friction due to rubbing between the mechanical parts plus the

friction due to accessories such as the injector, water pump,
and oil pump.

For the present study the RAMEP was computed from Ref. 6

RAMEP A + B P + C S
max m

where
Pmax = Peak cylinder pressure

S= Mean piston speed
A,BJ = Experimentally determined constants

The simulation program incorporates the above models and assumptions into the
equations of energy and mass continuity for the cylinder, intake port, and exhaust
port systems. These equations are solved numerically to obtain pressures, gas tem-
peratures, and flow rates as functions of crankangle. In addition the program cal-
culates cycle performance factors such as volumetric efficiency, heat transfer sums,
GIMEP, BMEP, and metal temperatures. The simulation program with constant port pres-
sures compiles in less than one minute and calculates at the rate of one minute per
720 crank degrees on the CDC 1604 computer. The number of 720 deg cycle calculations
needed to obtain the final balanced cycle depends on the accuracy with which the ini-
tial conditions are estimated. The conditions which must be estimated are the metal
temperatures and system gas temperatures and pressures at the starting crankangle.
The average computer time required to obtain the results for one set of operating
conditions was six minutes.

EFFECTS OF VALVE DIAMETER AND VALVE TIMING ON PERFORMANCE

This section of the investigation deals with the effects of several parameter
changes on engine performance. The combined effects of several simultaneous param-
eter changes will be investigated. Unlike many laboratory studies in which each
variable is changed while holding others constant, this method allows one to deter-
mine the interactions among the independent variables. Both the combined and inde-
pendent effects of engine speed, valve diameters, and valve timings will be investi-
gated. In addition to showing the effects of these parameters on performance, a
method will be proposed and tried from which an optimum setting of the in4ependent
parameters may be found.
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The quantities held constant in this section are the functional relationship
between mass rate of burning and crankanglef the fuel per cycle (1.305.10-4 Ibm/cycle,
that is, full load), the atmospheric pressure (14.08 psia), the atmospheric tempera-
ture (95F), and all engine geometry except as noted below.

The fundamental parameters which are varied in this section are the valve diam-
eters and the valve timing. In order to minimize the number of variables, the shape
of the valve lift curves was he'ld constant, With this assumption, if a valve opens
5 deg earlier, it also closes 5 deg earlier, In addition, the sum of the two valve
diameters was held constant at 3.7 in. Thus, when the diameter of the intake valve
was increased, the exhaust valve diameter was made proportionately smaller. Chang-
ing the valve diameter must be accompanied by 4ppropriate changes in the port areas,
port volumes, valve surface areas, head surface area, and valve flow areas. The sur-
face areas of the ports and the flow areas of the valves at each crankangle were as-
sumed to vary linearly with valve diameter. The port volume, the valve face area
and the valve back surface area were assumed to vary as the square of the valve diam-
eter for each valve. The heat transfer surface area of the head was computed by
subtracting the face areas of the valves from the total head area.

For those computations where engine speed was varied it was assumed that the
coo]ing water flow rate varied linearly with engine speed.

In order to study the effects of changing several parameters in a complex sys-
tem, Box(7) introduced the techniques of response surface methodology. Briefly, the
technique consists of picking data points in such a way that the minimum number of
points will give maximum information. Having obtained the data at the selected
points, a mathematical function is fit to the data by the least-squares method. The
function can then be used to predict the data at other desired points. Obviously,
the function cannot be extrapolated very far out of the range of the original data
points. The function can, however, be used to locate maximum or minimum points with-
"in the range studied.

The methods of response surface methodology will be applied here to study vari-
ous performance parameters as functions of intake valve diameter, timing, and engine
speed. Since the method is more easily visualized for the case of three independent
variables, we will begin the discussion by holding speed constant at 2000 rpm. To
illustrate the method, volumetric efficiency was chosen as the performance parameter
to be maximized. As we shall see, this point of maximum volumetric efficiency will
not be the point of maximum power output at this speed.

Figure 1 shows the values of volumetric efficiency calculated at seven selected
data points. The independent variables are intake valve diameter, exhaust valve
opening crankangle, and intake valve opening crankangle. These three values fix the
engine design since the sum of the valve diameters is constant and the vaive dura-
tions are constant. The numerical values of the parameters corresponding to the
points shown in Fig. 1 are given in Table 1. From the values shown in Fig. 1, it
can be seen that volumetric efficiency increases in the direction of decreasing in-
take valve diameter, retarded exhaust valve timing, and advanced intake valve timing
It is also observed that the changes in volumetric efficiency are small. Thus we
are near the maximum value which should lie in the front-lower-left-hand region of
the space shown in Fig. 1. In order to determine the maximum point, an additional
set of 13 calculations was made. Data for all of these runs are given in Table 1
and some of the additional points are shown in Fig. 2. From Figs. 1 and 2, it ap-
pears that the maximum point is contained within the region defined by the data
points.

To find the parameter values which give maximum volumeti~ic efficiency, the data
points should be fit to an appropriate function. A second degree polynomial in the
three variables was chosen as the simplest equation which could fit the data and
predict a maximum value. A third degree equation could be fit with the 20 data
points available, but would be justified only if it gave an improved fit. The sec-
ond degree equation is given by

VE - Al + A2 * X + A3 * X2 + A4 - Z + AS Y 72 + A6 • Z + A7 •Z

+ A8 * X Y I + A9 X I * Z + Al0 * 7 Y Z (1)
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where:
VE = Volumetric efficiency

Al...,AlO = Constants to be determined
X = Intake valve diameter
Y = Intake valve opening crankangle
Z = Exhaust valve opening crankangle

There were 10 constants to'be determined and Table I shows that there were 20
data points available. To fit Eq. 1 to the data, a computer program for least square
curve fitting was used(8). The results are shown in Appendix B. With the exception
of points 24, 52, and 53, the equation fits the data well. If these points are rea-
sonably far away from the predicted maximum, the prediction of the maximum point
should be accurate.

With an equation describing the behavior of volumetric efficiency in terms of
the three variables, the maximum could be calculated. Since the slope of the sur-
face will be zero at the maximum point, Eq. 1 was differentiated with respect to
each variable and each resulting equation was set equal to zero;

0 =A2 + 2 A3 X+ A8 Y+ A9 Z z (2)

0 = A4 +.2 • A5 • Y +'A8 • X + A10 • Z (3)

0 = A6 + 2 • A7 • Z + A9 • X + A10 • Y (4)

This resulting set of three equations and three unknowns was solved to yield:

Intake valve diameter = 1.963 in.

Intake valve opens = 513.54 deg.

Exhaust valve opens = 321.68 deg.

These values represent the predicted point of maximum volumetric efficiency.
It is sufficiently far away from the points which did not fit the equation, so the
point should be predicted accurately.

By substituting the above values back into Eq. 1, the value of the predicted
volumetric efficiency was found to be 84.578%. This point was checked by using the
predicted values of diameter and timing in the simulation program. The simulation
yielded a volumetric efficiency of 84.56%--very close to the predicted value.

This point has been found while holding engine speed constant. Without many
more tests, there is no way of telling how the optimum values of these three vari-
ables would change if speed were varied. Figure 3 compares the original and the
optimum engines on the basis of volumetric efficiency. Volumetric efficiency is
clearly up at all speeds, so the investigation has yielded a better engine on the
basis of volumetric efficiency.

In order to evaluate the effect of engine speed, one could follow the same pro-
cedure used here for 2000 rpm at other engine speeds. The point of optimum design
will clearly be a function of the speed. The designer is thus 'faced with the prob-
lem of either optimizing-at a given speed or designing to obtain the best average
value over a range of speeds. One way of obtaining such a compromise design would
be to construct curves such as given in Fig. 3 for various fixed speed optimums and
then by judgment pick the desired design.

The results of this investigation show that it is possible to use engine simu-
lation to study the effects of parameter changes. Equally important, the results
show that mathematical analysis can be combined with engine simulation to yield at
least a region where any performance quantity is optimum. Of course,-the three
variables studied here are only a fraction of the total number which influence per-
formance. However, as the number of independent variables increases, the number of
data points necessary also increases. For example, the minimum number of tests
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needed to investigate the effects of 10 independent variables would be 1045. These
studies are possible, but they become quite long and involved.

DISCUSSION OF RESULTS ... With the exception of the effects of valve diameter,
the trends predicted here could have easily been predicted by tests on actual en-
gines. However, the -use of engine simulation allows one to go a step further: With
engine simulation, the specific causes of each effect can be determined. Although
these effects are interrelated, the effect of each variable will be discussed sepa-
rately to clarify the discussion.

Figure 4 summarizes the effects of intake valve timing on volumetric efficiency
when the other variables are held constant. The cylinder pressures at intake valve
closing go up as the intake valve timing is retarded. This means that the intake
valve is closing too late in the compression stroke, allowingoa significant amount
of backflow.

The volumetric efficiency also drops when intake timing is advanced. Because
the valve opens earlier, there is more time for backflow into the intake port to
occur before induction begins. This backflow heats up the intake valve and port.
In addition, the backflow is again pulled in upon induction, The combination of
these effects raise the mass averaged intake temperature. Higher temperatures ex-
pand the air, causing less mass to he inducted.

The effects of exhaust valve timing on volumetric efficiency are shown in Fig.
5. As with the discussion on intake timing, all other variables were held constant.
Volumetric efficiency dkops off very quickly as exhaust timing is advanced. The
cylinder pressure at exhaust valve closing rises very quickly with advanced exhaust
timing. This pressure rise is caused by the blowdown process being cut off prema-
turely. This high pressure causes backflow into the intake port, raising the mass
averaged intake temperature as shown.

Volumetric efficiency also drops if exhaust timing is retarded sufficiently.
The exhaust blowdown has been delayed and, as a result, more heat is transferred to
the combustion chamber walls, raising their temperatures. This fact is shown by
the increase in the cylinder gas temperature when the intake valve closes. The
higher metal temperatures result in increased heat transfer to the fresh charge.

These results for valve timing have been obtained by holding the shapes of the
valve lift curves constant. If the shapes of these lift curves were also changed,
different results would be obtained, but the analysis would be more complicated be-
cause the crankangle at which each valve closed would have to be specified.

Figures 6 and 7 show the effects of varying the valve diameters. As in the
previous discussions, all other variables were held constant. An increase in the
intake valve diameter also means a decrease in exhaust valve diameter since their
sum was held constant. The port surface areas and volumes were also changed with
valve diameters.

For increasing intake valve diameter (also decreasing exhaust valve diameter),
intake'inflow is more.efficient as shown by the drop in cylinder pressure at intake
valve closing. In addition, the total heat transfer is lower because the total area
of both valves is increasing. However, these gains are offset by the smaller diam-
eter of the exhaust valve. Since the exhaust flow is more restricted, more exhaust
gas remains in the cylinder and the pressure at intake valve opening is increased.
This results in more backflow through the intake valve, raising the mass average in-
take temperature. In addition, the combustion chamber wall temperatures increase,
so more heat is transferred to the fresh charge.

If the intake valve diameter is decreased (increasing exhaust valve diameter),
exhaust flow leaves more readily, as shown by the drop in cylinder pressure at ex-
haust valve closing and at intake valve opening. However, the intake flow is now
restricted, as evidenced by the drop in cylinder pressure at intake valve closing.

It is interesting to note that the simulation program predicts that volumetric
efficiency will fall off more rapidly as the intake valve diameter increases than
when exhaust valve diameter increases. In addition, Fig. 6 shows that for best vol-
umetric efficiency for this engine, the ratio of intake to exhaust valve diameter
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should be about 1.0. At this ratio, the total heat transfer area of the valve faces
will be a minimum.

OPTIMIZATION ... Figures 4-7 predict an optimum setting fo r each parameter that
was varied. However, these settings are not the same as those predicted by the anal-
ysis when all three parameters were varied simultaneously. This is because of the
interaction of the parameters upon each other.

The simplest way to show the total effect of the optimization on the engine
cycle is by Fig. 8. This figure shows the cylinder pressure through the pumping
loop as it exists for both original and optimum engines. The major effects of the
optimization have been to:

le Remove the sharp cylinder pressure increase at top dead center of the in-
take stroke.

2. Decrease cylinder pressure during most of the intake stroke.
3. Increase cylindcr pressure both entering and leaving the pumping loop.

The effects of optimization on engine performance are shown in Table 2. For
comparison purposes the optimized engine was first run at the same fuel-air ratio
as the original engine and then at the same fuel rate. on the basis of indicated
performance, the optimized engine shows improvement over the original engine. This'
improvement is slight, however, and was obtained under the assumption that the shape
of the heat release curve was constant.

The simulation predicts that the cylinder pressure and temperature at the start
of injection show practically no changes for the three runs in Table 2. In addition,
the only change in the geometry of the combustion chamber has been the use of slight-
ly different valve diameters. But since the change in indicated performance is also
small, it is difficult to say whether the use of the correct heat release shape-would
support or nullify the predicted changes.

On the basis of brake performance, the increased pumping and friction horsepowers
caused the brake figures to rise slightly for constant fuel-air ratio and to drop
slightly for constant fuel rate. Before any conclusions can be drawn on the ef-
fect of variable changes on brake performance, two things must be noted.

First, for a constant engine speed, the simulation calculates friction work as
a constant plus a linear function of peak pressure. The data in Ref. 2 show that
changes in heat release shape will alter the calculated peak pressure significantly
while barely affecting the indicated performance. In addition, the constants for
the friction expression were determined from motoring data. Reference 9 points out
a few of the errors that this will cause. Therefore even if the expression for
friction is correct, the correct value of friction work will not be obtained unless
the heat release shape is correct.

Second, the pumping work was calculated by defining pumping work as the net
work during the intake and exhaust strokes(2). Figure 9 shows the pumping loops for
both the original'and optimum engine at constant fuel rate. The areas inside the
loops are very nearly the same for both engines.

Again it should b~e pointed out that the trends rather than the absolute in-
creases in performance should be considered. Engine simulation does offer a valu-
able method of studying these trends and their causes. The search for optimum per-
formance was conducted only to determine whether the simulation program would pre-
diet reasonable trends. Due to the very small variations in performance near the
optimum poi'it, the best that can be said is that this point is in the region of op-
timum performance. Slight variations in performance will be caused by factors which
are not considered in this simulation. Experimental work would have to be done to
find the best point in this region.

If more precise values of performance are desired from the simulation program,
heat release curves will have to be predicted very accurately. The next section of
this investigation points out some of the trends which are obtained when heat re-
lease shape is varled.
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EFFECTS OF HEAT RELEASE SHAPE AND COMPRESSION RATIO ON ENGINE PERFORMANCE

At present, the simulation will not predict combustion--it is assumed that the
combustion heat release shape is already known. However, the simulation will pre-
dict the effects of different combustion heat releases on engine performance. This
part of the investigation was made to study the effect of a few heat release shapes
and compression ratio changes on performance. Two different heat release shapes
were used, and the compression ratio was varied from 16 to 18.2.

ASSUMPTIONS ... In the other sections of this investigation, it is assumed that
the changes made do not affect the heat release curve significantly. Because the
purpose of this section is to study the performance which can be obtained with dif-
ferent heat release shapes and compression ratios; the heat release shape will be
assumed to be an independent variable, The results will show the performance which
will be obtained if these heat release shapes can be obtained.

RESULTS ... The simulation was run with a rate of heat release curve obtained
at 3200 rpm. from Ref. 2. The curve is shown in Fig. 10. In order to simplify the
curve, it was approximated by two triangular sections. The area under the approxi-
mate curve was made the same as that under the original curve. This simplified
curve is also shown in Fig. 10. The simulation program was then run using this
curve. The results of the two tests are shown in columns one and two of Table 3.
Use of the simplified curve resulted in a slightly higher imep and slightly lower
peak pressure. The higher output is caused mainly by the greater amount of heat re-
leased near top dead 'center and the lower peak pressure is caused by the smaller
amount of heat released directly before top dead center.

It is doubtful that the simplified curve can be obtained in practice. However,
the result does point out some of the benefits which can be obtained by accurately

.controlling the rate of heat release.

The simplified curve in Fig. 10 was modified so that the peak heat release
would be 75% of the value of the curves in Fig. 10. This curve is shown in Fig. 11
where the simplified curve is again shown to point out the changes. This modified
curve is typical of that found in M.A.N. type engines (10). The slope of the line
leading to the peak is .less steep. This means that the rate of pressure rise per
degree should be less. In addition, more fuel will be burned later in the cycle.
This should cause lower pressures and therefore less output from the engine. This
modified curve was run in the simulation program to study the results.

Columns two and three of Table 3 show the results obtained from the simplified
heat release curve compared with those from the modified curve. The simulation does
predict that a lower rate of pressure rise and peak pressure will exist. .This re-
duction in pressure lowers the heat transfer.

Another way to increase the output is to advance the modified curve so that
the modified curve so that the heat release will occur earlier in the cycle. Figure
12 shows the modified curve advanced so that both the simplified and the modified
curve release 50% of their total heat at the same crank angle. This curve was also
run in the simulation program and the results are shown in column four of Table 3.
Column four shows the effect of a lower peak heat release and a 7 deg advance. The
output is nearly the same as that for the simplified heat release case but the maxi-
mum rate of pressure rise has been reduced.

Increasing the compression ratio of the engine should also increase the output.
Thus the compression ratio was raised until the peak pressure, reached the same value
as was obtained using the simplified heat release curve. This compression ratio was
found to be 18.19 compared to the compression ratio of 16 used with the simplified
curve.

The results of the calculations using the lower peak heat release at the higher
compression ratio are shown in column five of Table 3. This calculation reveals
that the performance has again increased. Although the increase was not quite as
much as that obtained by advancing the curve, the maximum rate of pressure rise is
significantly lower. Both the peak cylinder pressure and the maximum rate of pres-
sure rise were found to increase linearly over the range of compression ratios
studied. These results were obtained by using the modified heat release curve with
75% of the peak heat release of the original curve.
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DISCUSSION OF RESULTS ... The results show that there may be ways to obtain
increased performance without resorting to higher peak pressures or rates of pres-
sure rises. There probably exists an ideal rate of heat release curve which will
give optimum performance. However, it must be remembered that the heat release
curve was assumed to be an independent variable for this section'of the investiga-
tion. In the real engine, the heat release curve is dependent on many factors and
cannot be changed without changing these factors. In order to perform future inves-
tigations on combustion using engine simulation, a good relation will be needed be-
tween the rate of injection of the fuel and the rate of heat release. However, even
if this correlation were known, it would probably only apply for a-particular fuel
and for a particular engine configuration.

EFFECTS OF ATMOSPHERIC CONDITIONS ON ENGINE PERFORMANCE

Since few laboratories have means to control the temperatures and pressures of
the environment in which their engines are tested, it has been customary to correct
performance to some standard atmospheric conditions. The formulas used for these
corrections are numerous but they all contain several assumptions. The simulation
program may also be used to predict performance at various atmospheric conditions.
While the simulation also has many assumptions, they are different from those made
when using performance correction formulas.

This section of the investigation is a study of simulated engine performance
over a range of atmospheric conditions. The results found point out some of the
reasons for difficulties encountered when performance correction formulas are used.

All of the calculations made for this section of the investigation were at en-
gine speeds for which heat release data had been obtained (2). In addition, all of
the tests were made at a constant fuel-air ratio. Despite these precautions, the
shape of the combustion heat release curve will probably change as the atmospheric
temperature and pressure are varied. For this investigation, the changes in combus-
tion were assumed to be small enough that the use of the same heat release curve
would not significantly affect the results.

As in all sections of this investigation, the intake and exhaust port pressures
were held constant over the cycle. The effects of wave dynamics will change the re-
sults, but these effects are highly dependent on the port and manifold designs.
Similarly, the assumption of no heating in the intake manifold will affect the re-
sults, but the degree of heating is also dependent on the particular manifold design.

RESULTS ... The atmospheric pressure was varied from 15 to 9 psia and the at-
mospheric temperature was held constant at 85 F. The decreasing pressure caused a
linear decrease in the mass of air inducted as shown in Fig. 13. Consequently, the
fuel injected per cycle decreased in order to maintain a constant fuel-air ratio.
The heat transfer to the walls decreased, lowering all wall temperatures except the
intake port. The piston and head temperatures decreased about 70 F as shown in Fig.
13. The most significant temperature decrease was found to occur at the exhaust
valve. This was because of less heat transfer to the valve during combustion and
less mass flow past the valve during exhaust. The intake and exhaust valve tempera-
tures are shown in Fig. 14.

The effects of pressure changes on-engine breathing were found to be small.
The results showed that both the intake port temperature and the mass averaged in-
take temperature stayed constant. As a result, the volumetric efficiency remained
cojnstant. However, the pumping work did decrease with atmospheric pressure.

The effects of pressure changes on performance are shown in Figs. 14 and 15.
As the atmospheric pressure decreased, the peak cylinder pressure decreased because
there was less fuel burned. The indicated power decreased linearly with decreasing
atmospheric pressure. The friction and pumping work was also found to decrease
linearly. As a result, the brake horsepower also decreased linearly, but not at the
same rate as the indicated horsepower.

The next set of calculations was made holding the atmospheric pressure constant
at 14.19 psia. The atmospheric temperature was varied 30-110 F. The mass of air
inducted per cycle decreased linearly with increasing temperature. The fuel rate
was proportionately lowered to maintain a constant fuel-air ratio. The piston,
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head, and sleeve temperatures, and the total heat transfer remained nearly constant.
The port and valve temperatures were found to increase slightly with increased tem-
perature. Over the 80 F range studied, the intake valve and port temperatures rose
25 F. The exhaust valve temperature rose 13 F and the exhaust port temperature rose
4 F. These temperature increases were due to the gas temperature increase throughout
the cycle. The reason that the heat transfer stayed essentially constant was be-
cause the heat transfer coefficient depends on cylinder pressure, which decreased
as atmospheric temperature increased.

The increase in atmospheric temperature was found to improve engine breathing
slightly. The volumetric efficiency increased about 3% as shown in Fig. 16. This
occurred because the heat transfer from the intake port (Fig. 16) and the back of
the intake valve decreased as the atmospheric temperature increased. The mass aver-
aged intake temperature was found to increase at the same rate as the atmospheric
temperature.

The effects of temperature changes on performance are shown in Fig. 17. The
indicated horsepower decreased linearly with increased temperature. The pumping
and friction horsepower also decreased linearly but not at the same rate as the in-
dicated horsepower.

DISCUSSION OF RESULTS ... The simulation predicts that changes in atmospheric
pressure and temperature will cause the indicated and brake horsepowers to vary lin-
early. As was mentioned, there will be differences in the slope of the indicated.
and brake horsepower lines because of the changes in friction and pumping horsepower.
The friction horsepower was taken to vary proportionally with peak pressure (6,9)
and the pumping horsepower was taken as the net work during the intake and exhaust
strokes. The results of the two sets of tests can be combined to yield the follow-
ing correction formula for indicated horsepower;

IHP - P)1'03(2 ' 85 5

Equation 5 has exponents which are different from those obtained from other
studies. It is likely that the exponents will vary depending on the particular en-
gine studied.

In order to determine how much of an effect heat loss has on the temperature
exponent of Eq. 5, all heat transfers were reduced to zero in the simulation program.
The results obtained are compared to a run with heat transfer in Table 4. This
table shows that even though the heat loss has been reduced to zero, the mass aver-
aged intake temperature is still higher than atmospheric. This is caused by the
backflow of the hot cylinder gas. Although the volumetric efficiency has increased
significantly, it is still not 100% because of the backflow, the internal energy in-
crease caused by the filling process, and the residual exhaust gases trapped in the
cylinder.

Although these results do represent a highly idealized engine, they show that
heat loss has a significant effect on power. The use of the simulation with no heat
transfer for a few runs at varying atmospheric temperatures yielded the following
correction formula:

IHP- *, (6)

The exponent in Eq. 6 is considerably higher than that of Eq. 5. This shows
that among other things, the heat loss inherent in an engine design will change the
performance correction formula.

A few more tests were made to determine the effect of engine geometry on the
exponents of the correction formula. For these tests, the engine speed was increased
to 3200 rpm and an experimentally determined heat release curve for this speed was
used (2). Both a 4.5 and a 5.0 in. bore engine of equal displacement were simulated.
The fuel-air ratio was held constant for both engines at a value of 0.0569. The re-
sults of these tests yielded Eq. 7 for the 5.0 in. bore and Eq. 8 for the 4.5 in.
bore: iHP = _ 10.(7)

IHPo \kP7(
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in 1-- 029I (8)

From Eqs. 5-8, it is seen that the pressure exponent stays essentially constant.
However, the temperature exponent does vary depending upon the particular engine con-
ditions. Each of these equations was determined by holding engine speed, engine
geometry, and fuel-air ratio constant. In addition, for 'each of the equations, it
was assumed that the shape of the heat release curve would not vary as atmospheric
temperature and pressure were varied. Provided that this assumption does not intro-
duce much error, Eqs. 5-8 show that different valdes will be obtained for the tem-
perature exponent, depending upon the design and operating conditions of the partic-
ular engine studied.

EFFECTS OF BORE-STROKE RATIO ON ENGINE PERFORMANCE

This final section of the investigation deals with the effects of bore-stroke
ratio. Increasing bore-stroke ratio allows the use of larger valves but also in-
creases the surface area of the combustion chamber. At a fixed engine speed, the
piston speed decreases as the bore-stroke ratio is increased. In addition, the re-
lationship between displacement volume and crankangle will be different unless the
connecting-rod-crank "ratio is held constant as bore-stroke ratio is varied. All of
these related phenomena are, of course, accounted for in the simulation program.

The quantities held constant in this section are heat release shape, fuel per
cycle., atmospheric temperature and pressure, engine displacement, compression ratio,

-and all geometric factors except as noted below.

For a given bore, the stroke was computed to give the same constant displace-
ment. The heat transfer path length for the piston metal was assumed to be propor-
tional to the bore, but the path length for the head metal was assumed to be con-
stant. The valve diameters where assumed proportional to the bore using the same
assumptions regarding area and volume changes as were made in the section on valve
diameter variations. The connecting rod length was held constant for nearly all of
the calculations so that the connecting rod-crank ratio was not constant, but in-
creased with increasing bore. In practice, the ratio should probably decrease
slightly with bore. However, comparing 4.5 and 5.0 in. bore engines with the same
displacements and same rod lengths, the volume curves differ by a maximum of only
3.5% at about 50 crank degrees from tdc. A comparison of calculations with constant
connecting rod length and calculations with constant connecting rod to crank ratio
showed that the two cases give essentially the same results.

The expression for engine friction at a fixed speed and fuel rate was used
without changing the experimental constants A, B, C. The calculated friction horse-
power versus bore-stroke ratio curve was then compared with data given in Ref. 11.
It was found that adding 4 hp to the data of Ref. 11 made the two curves agree to
within 3% over the range of 0.7-1.35 bore-stroke ratio. It was thus concluded that
the calculations used here gave a reasonable estimated of the variation of friction
horsepower with bore-stroke ratio.

It is important to recognize that large changes in borestroke ratio imply
changes in combustion chamber geometry which may significantly change the shape of
the beat release curve. As shown previously here and in Refs.. 2 and 12, the cycle
is not very sensitive to such changes. Nevertheless such small changes could be de-
termining in those cases where only small changes in performance with borestroke
ratio are predicted. In addition to changing the shape of the heat release, the ef-
fect of larger bores may be to increase the volume of air which is not utilized in
the combustion process resulting in a change in effective fuel-air ratio.

RESULTS OF BORE-STROKE VARIATION CALCULATIONS ... It was found that if the pis-
ton speed is held constant, the values of pmep, fmep, and volumetric efficiency will
be essentially constant as the bore is varied from 4 to 5 in. A very slight increase
in imep was found to occur as the bore was increased in size. This was attributed
to the decrease in total heat transfer per cycle. Figure 18 shows total heat trans-
fer, Q, plotted versus engine speed and versus piston speed for lines of qonstant
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bore. At a fixed piston speed the larger bore values correspond to higher engine
speeds. Thus if the average time rate of heat transfer is the same for the same
piston speed and two different bores, the total heat transfer per cycle will be
smaller for the larger bore since the time for one cycle is shorter for the larger
bore. It should be noted that the product of convective heat transfer coefficient
and piston area is proportional to the 1.75 power of bore at a constant piston speed
when using the Annand coefficient. Since the effective gas and metal temperatures
are constant for a constant piston speed and changing bore, the heat transfer rate
through the piston will increase as B.* 75 . The total heat transfer per cycle to
the piston will be proportional to 1/B 1 / 4, that is, decreased with increasing B.
It is interesting that the Eichelberg coefficient (4) would predict a constant total
heat transfer per cycle under these conditions. Figure 18 also shows that at a con-
stant engine speed the total heat transfer decreases with increasing bore.

Figure 19 shows the effect of bore-stroke ratio on brake horsepower. Since the
larger bore engine is running at a higher speed for the same piston speed, the brake
horsepower is higher. Figure 20 shows brake horsepower versus engine speed. It
should be remembered when looking at these graphs that bmep is essentially constant
at a constant piston speed. Figure 21 shows the effect of bore on friction horse-
power. Figure 22 shows volumetric efficiency as a function of engine speed. Lines
of constant piston speed would be nearly horizontal on this graph.

DISCUSSION OF BORE-STROKE RATIO-RESULTS ... In considering the results given
above, it should be remembered that the effects of engine geometry on combustion are
not included. It is also important to note that the different bore engines were not
optimized for valve size and timing. Within these limitations, the trends should be
correct. Since engines-are normally designed for essentially the same piston speed
regardless of bore, the analysis indicates that bmep values will not be affected,
but that bhp will be slightly higher at the higher bore stroke ratios because of the
higher engine speed with its higher fuel rate per hour.

CONCLUSIONS

This investigation has shown further evidence of the value of engine simulation
programs as an aid to engine design. The greatest weakness of the program is in its
inability to simulate the combustion process in detail. To be really useful, the
simulation should be able to predict changes in combustion performance and aid the
designer in selecting the proper combination of injector, injector nozzle, and cham-
ber geometry. Thus, the authors believe that the main thrust of research on engine
simulation should be in the area of simulating~the combustion phenomena.

Within the confines, of its ability to predict combustion, the simulation has
predicted trends which appear to be reasonable. The technique of engine optimiza-
tion furthermore seems to be a promising method of reducing the required amount of
testing during the development stages of engine design. In this sense, the value of
the simulation in contrast to experiments lies in the fact that it is cheaper and
more instructive. Experiments tell us what will happen precisely, but the causes
may not be evident. The simulation is less precise in telling us what will happen,
but clearly points out the causes.

Although there are numerous areas in which the simulation can be improved, more
detailed models may increase the cost to the point of diminishing returns. Care must
be taken, therefore, that is seeking more accurate results we also carefully evaluate
their worth in terms of the cost.
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APPENDIX A

SPECIFICATIONS OF EXPERIMENTAL ENGINE FROM
WHICH SIMULATION PROGRAM WAS WRITTEN

Crankcase Labeco Mod. CLR

Cylinder Heat International Harvester

Cylinder Sleeve International Harvester

Piston International Harvester

Connecting Rod International Harvester

Camshaft International Harvester

Injection Direct (4 hole nozzle)

Cylinder head, sleeve, piston, rod, and camshaft are from
International Harvester Model DT 429 6 cyl. engine. Where
necessary, these parts have been modified to fit the Labeco
crankcase.

Cylinder bore 4.5 in.

Stroke -4.5 in.

Compression ratio 16.0

Displacement 71.57 in.'

Intake valve timing 520-50
Exhaust valve timing 310-560

(zero degrees is bdc of
intake stroke)

RAMEP - 10.0 + 0.0175 Pmax + 0.01 Sm
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APPENDIX B

COEFFICIENTS OBTAINED FROM LEAST SQUARE FIT OF
VOLUMETRIC EFFICIENCY DATA TO EQ. 1

Coefficient

Al -3905.8500

A2 2.2808

A3 -0.0014

A4 20.2586
A5 -0.0338

A6 14.4999

A7 -0.0399

A8 -0.0080

A9 -0.0022

A10 -0. 0081

For the least square fit, the independent variable
values were defined as follows:

X = Intake valve diameter time 100

Y - Intake valve timing/2

Z - Exhaust valve timing/2

The valve timing was taken as the crankangle when

the valves opened.
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DISCUSSION

WILLIAM L. BROWN
Caterpillar Tractor Co.

I want to congratulate Mr. Weber and Prof. Borman on a very interesting and in-
formative paper. It is studies of this type that will give the greatest benefit
from computer analysis of engine cycles, I will confine my discussion to the prob-
lem'of finding the optimum combination of several variables and to the presentation
of results from some valve timing studies of our own.

This paper shows how a computer simulation can be used to select the optimum
valve timing. One of the major problems in reciprocating engine development is the
many significant variables that must be optimized to obtain the best engine for a
given application. This problem is so big that no engine even comes close to the
optimum. The success of an engine depends very heavily on the success of the man-
ufacturer in selecting the best combination of the many design variables.

Sonte simple mathematics will show how big this problem is. I have a list of
28 variables that are known to affect the fuel consumption of diesel engines with
one type of combustion system. There is not time to go over the list and discuss
each one, but if anyone has any doubts about the number, they can look at the list.
Testing all possible combinations with ten different values of each variable would
require 100 separate tests.

No one is attempting to run a test of this magnitude. We all have our own
schemes for beating the-odds. Some are quite scientific, but others are pure con-
jecture. Nothing vary radical is tried because we fast lose our feel for what will
happen, and then there is very little chance for any success.

The computer and the systematic study of the fundamental processes of recipro-
cating engines offers the best hope of overcoming this problem, but even the per-
fect program will not completely solve the problem. A computer program takes as
long to run as a test on the engine, but it is much cheaper and easier to change
the design of the engine in the computer than to redesign the engine and set up the
test. This paper presents one method of reducing the number of tests or computer
runs required to find the closest peak in engine performance. It is important to
remember that it is only the closest peak. There could be many other peaks that
would remain hidden.

The only way that we are likely to discover all the peaks is to learn the inter-
relationship between the variables, because then we greatly reduce the number of
combinations required. It is also a big help in predicting results in areas far re-
moved from the region being tested.

Dimensionless numbers and other parameters have traditionally been used in
transport processes and fluid machine analysis to-reduce the number of variables,
and the reciprocating engine can be analyzed in a similar way. Taylor in his book,
"The Internal Combustion Engine in Theory and Practice," makes a point of using di-
mensionless ratios in the analysis of engine performance. It might be interesting
to see -what basis for these ratios can be found in the equations used in the mathe-
matically simulated engine. We have made a study of this type using a computer pro-
gram of our own and found it extremely revealing. Not only are the general trends
verified, but under certain conditions the numbers repeat exactly down to the eighth
digit.

We have made good use of dimensionless ratios and a flow parameter on a series
of calculations to study valve timing. Similar assumptions to those of Bormann and
Weber were made, except that all walls were made adiabatic and the intake valve dur-
ation was varied while holding the intake opening at a fixed crankangle. The walls
were made adiabatic because not enough is known about heat transfer on the intake
stroke to get correct answers and because many turbocharged and aftercooled engines
have nearly adiabatic walls on the intake stroke. In order to have realistic valve
lift curves, the valve acceleration was kept constant except for duration and the
seating velocity was kept the same for all cams. Figure A shows the family of valve
lift curves plotted in dimensionless numbers and labeled according to the intake
closing angle abdc. The earliest cam seats at 1 deg abdc and the latest seats at
81 deg abdc. Figure B shows the volumetric efficiency versus an engine speed
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parameter. The only difference between Taylor's Mach number and our parameter is
the omission of the average flow coefficient and the substitution of the square root
of the inlet air temperature, Ti, for the velocity of sound. "n" is the number of
intake valves, "d" is the intake valve diameter, capital "D" is the cylinder bore,
and "S" is the piston speed. The flow coefficient was made a fixed function of the
valve lift to diameter ratio, and the ratio of exhaust to intake valve area was also

.kept constant. With this study we are able to obtain optimum intake valve closing
for a given application in the few minutes that it takes to calculate a flow parame-
ter.' Valve timing can be optimized at high speed or low speed, depending on the
need. Effect on starting and cylinder pressures can also be estimated.

In the study on effects of bore-stroke ratio presented by Borman and Weber, the
predicted heat rejection was shown to vary inversely with the 3/4 power of the bore
at a constant piston speed. This is a direct consequence of the assumed correlation
function for heat transfer. As long as the borestroke ratio does not change, the
Reynold's number-Nusselt number correlation should give a good indication of the in-
fluence of speed and size on heat rejection, but once geometric similarity is lost
the correlation is questionable. Not enough is known about engine heat transfer,
friction, or combustion to predict the changes in engine performance that occur when
the bore-stroke ratio is changed.

Parametric studies of the type made by Borman and Weber not only reveal ways
of improving engines based on the best understanding of the individual processes
available, but they also show where more research is needed to make the correlations
more general. At ther rate that the Wisconsin group is going, they should improve
their simulation greatly within the next few years. Ten years from now use of the
computer to design engines may be absolutely imperative to remain competitive.

N.J. BECK
White Motor Corp.

The authors are to be complimented on their scholarly treatment of the computer-
ized diesel engine simulator. The simulator offers a very powerful tool in analyz-
ing causes and effects,. comparing analytical and experimental results, and for gen-
erating clues on how to optimize engine design. The clear and concise presentation
of data was excellent. The authors exhibit a thorough understanding of the problems
by pointing out the weaknesses of their simulator.

I believe the authors can be accused of being overly modest by their repeated
warnings that the simulator data should be questioned because of the uncertainty
in some of the assumptions. I think that the data and conclusions are really better
than inferred by some of the comments in the paper.

Of particular note are the effects of detailed changes on volumetric efficiency.
I am sure that there are several factors that affect volumetric efficiency which can
be more accurately calculated than they can be measured experimentally. The engine
simulator offers an opportunity to refute some of the unwarranted erroneous reliance
on experimental data. The evaluation of a multitude of factors, each with a frac-
tional effect but all acting simulaaneously, is difficult, if not impossible, to at-
tain experimentally but quite practical to attain analytically with the use of the
computer.

It would seem that some elaboration on the effect of valve sizing on volumetric
efficiency and engine performance is in order.

The oversimplified simulation of combustion seems somewhat disappointing and
I wonder why a treatment, such as that described by Harvey Cook in his earlier paper
on the subject, is not used.

The authors have covered much of the same ground as previous treatments. I
would like to suggest that it is probably time to review the state-of-the-simulator-
art to see if it is not now more important to explain some of-the more practical ap-
plications of the program rather than the details of how it was developed. In other
words, we have the computer, we have the software, now let us use it to optimize
engines and not just for comparing calculated data with experimental results.
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In conclusion, I wholeheartedly agree with the authors in the comment that ex-
perimental data can tell us what will happen precisely, but the causes may not be
evident. On the other hand, the simulator, even if sometimes less precise in tell-
ing us what will happen, can more clearly point out the causes. Since the age of
the internal combustion engine is approaching the century mark the engineering task
becomes more one of evolutionary refinement rather than revolutionary innovation,
and we obtain our imptovement from many small and even minute effects rather than
a few large ones. It is here where an engine simulator may have great potential.
Perhaps further refinements of the simulator will enable us to further expand our
ability to predict results and trends more accurately than we can with experimen-
tal data. We look forward to future developments which will encourage us to use the
diesel engine simulator routinely as a research and development tool, and this paper
is another milestone in progressing toward this goal.

AUTHORS' CLOSURE TO DISCUSSION

The authors would first like to thank the discussors for their comments and en-
couraging remarks concerning the usefulness of cycle simulation calculations.

The reduction of data to dimensionless plots can result in a considerable sav-
ing in computation time if the number of dimensionless groups is small, but in the
case of a large number of groups the saving may be less significant. It is impor-
tant to recognize that in Mr. Brown's Fig. B many parameters have been held constant
such a valve design parameters, intake opening crankangle, ratio of intake to exhaust
valve diameter, exhaust valve timing, and so forth. In addition, although it is
true that heat transfer during intake is poorly understood, it is not necessarily
true that its effect can be neglected. The single additional parameter of heat
transfer would make a compact presentation of volumetric efficiency in terms of di-
mensionless groups much more difficult.

We tend to agree with Mr. Brown's comments concerning bore-stroke ratio calcu-
.lations; however, the calculations performed in the paper do show the effects under
a given set of assumptions. Again, as stated in both the paper and discussion, such
calculations point to the need for further research into the areas of engine combus-
tion, heat transfer, and friction.

Although Mr. Brown and the authors have both used optimization examples involv-
ing a single performance parameter, actual design optimizations must use a weighted
optimization based on a number of performance parameters. This simply points out
how complex a problem a true optimization is and how much more work is required to
make engine design a quantitative mathematical procedure.
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Table 2 - Comparison of Original and
Proposed Optinum Engine Perforniace

Opt imum Optimum

W/cons. F/A w/cons.
Oigin_. Ritio Fuel Rate

Performance
Itnep, psi 138.69 140.95 139.16
111d. thcrnial efficiency, 1/o 0.4437 0.4443 0.4452
Isfe, lb/lhIp-hr 0.3124 0.3120 0.3114
Mass avg. int. temp, F 120.70 124.70 124.50
Vol. eff., 5., 83.30 84.56 84.58
I'Pumpling wep, psi -3.02 -3.91 -3.89
Friction mnep, psi -44.94 -45.20 -45.06
lBrake nieel, psi 90.72 91.84 90.20
SPcyl at st. inj., psi 229.98 232.38 232.29
'Tcyl at St. inj., R 1428.00 1428.00 1426.00

U Engine Condlitioils
Specd, rpm 2000.00 2000.00 2000.00
lFucl air ratio 0.0540 0.0540 0.0531
Fucl ratc, lb/hr 7.831 7.948 7.831
C,.ivo, deg 520.00 514.00 514.00
Calve, deg 50.00 44.00 44.00
Caevo, dleg 310.00 322.00 322.00
Cae\c,, deg 560.00 672.00 572.00
Int. valve dia., in. 2.00 1.962 . 1.962
Exh. valve dia., in. 1.70 1.738 1.738
P arm, psi 14.08 14.08. 14.08
T atm, F 05.00 95.00 95.00

Table 3 - Effects of Ileat Release Shape and Compression Ratio

Compression Ratio 16.00 16.00 16.00 16.00 18.14
Peak cyl. temp.. R 3737.1 3750.5 3758.7 3764.1 3550.5
Peak cyl. pressure, psi 1130.0 1110.0 966.0 1112.0 1110.0
Max. pressure rise, psi/deg 88.38 81.03 50.82 70.64 56.19
Imep, psi 137.85 138.92 135.32 138.56 137.98
Heat transfer sum, Btu/cycle 0.423 0.421 0.413 0.432 0.415

Column i-ieat Release Curve

1 Original (Fig. 10)

2 Simplified (Fig. 10)
3 Modified, 75i'o peak (Fig. 11)
4 Modified, w/7 deg advance (Fig. 12)
5 Modified, 7511 peak (Fig. 11)
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Table 4 - Effect of No Heat Transfer
on Engine Performance

With Without

Heat Heat

Transfer Transfer

Engine speed, rpm 2000.0 2000.0

Fuel-air ratio 0.0497 0.0497
Atm. temp., F 30.0 30.0
Atui. piess., psia 14.19 14.19
Mass Avg. int. T, F 71.8 36.8
Volumetric efficiency, Oo/ 83.0 92.5
Peak pressure, psia 1185.0 1286.0
Indicated horsepower 26.32 32.47
Pumping horsepower 0.62 0.76

Friction horsepower 8.27 8.59
Brake horsepower 17.44 23.12
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APPENDIX IV

A

A Tape Recording and Computer Processing System
for Instantaneous Engine Data

T. Le Feuvre, J.H. Shipinski, P.S. Myers, and O.A. Uyehara
Mechanical Engineering Dept.

University of Wisconsin

ABSTRACT

The development of a high speed, multichannel data acquisition system is des-
cribed. A precision magnetic tape recorder is used to record analog data from
highly transient phenomena. Analog-to-digital data conversion is performed on a
hybrid computer and the digitized data is processed. using large, high speed digital
computers.

A detailed example of the application of the system to the measurement of raees-
of-irjection, rates-of-heat release, and instantaneous rates-of-heat transfer from
the cylinder gases to the cylinder walls in a high speed open-chamber diesel engine
is presented.

CONCEPTUAL SYSTEM

The research activities at the College of Engineering of the University of
Wisconsin have more than doubled from 1961 to 1966.(l)* In order to keep pace with
this growth of research activity, data acquisition and processing systems have had
to be continually improved.

In addition to the growth in amount of research done, the nature of the instru-
mentation that is both commerically available and that is developed in the labora-
tory has changed. Thus in less than a generation, we have seen the change from
slow speed, mechanical indicators to electronic devices with response times of a
microsecond. Data recording techniques have had to change accordingly. Indicator
cards, chart recorders, ultra violet oscillograms, and the drum camera and oscillo-
scope are some of the recording devices used previously. The significant drawback
to most of the above methods is that manual processing, which usually includes time-
consuming and irreproducible hand scaling, is required. For example, the minimum
time required to hand scale one pressure-time (p-t) diagram from an engine ia on
theorder of magnitude of one hour. By utilizing modern analog-to-digital conver-
ters, with conversion rates of several kHz, one would hope to reduce this time by
several orders of magnitude. Other significant disadvantages of previously used re-

* cording devices include the difficulty in simultaneously obtaining high frequency
response and more than 4-8 channel recording capability, In other words, chart re-
corders can be obtained with eight or more channels, but high frequency response is
poor and Y-axis (dependent variable) resolution is limited. Most oscilloscopes have
good high frequency response but are restricted in number of channels.

The availability of high speed, digital computers permits the rapid processing
of large amounts of data. The data must be supplied in digital form to the digital
"computer. The automatic conversion from analog to digital form is a sine qua non
if the data processing abilities of the digital computer are to be utilized.

Current research areas in the Mechanical Engineering Department, which would
benefit from a high performance data acquisition system, include:

1. Diesel engine combustion phenomena.

2. Oscillatory combustion.

4Numbers in parentheses designate References at end of paper.
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3. Welding heat transfer.
4. Human body member motion studies.
5. Knock phenomena in spark ignition engines.
6. Automobile driver research.

The specific objectives of two of the authors were to obtain data from a single
cylinder diesel engine for the computation of rate-of-injection (ROI), rate-of-heat-
release (ROHR), and instantaneous rate-of-heat-transfer (ROHT). Thus, much of the
latter part of the paper, which illustrates the use of the instrumentation, is de-
voted to the implementation of the system for the particular problems incurred in
obtaining these data.

Summarizing then, a data acquisition system which would meet the very general
current and future needs for research in the Department of Mechanical Engineering
was required.

OVERALL SYSTEM REQUIREMENTS ... A high speed tape recorder in combination with
some kind of analog-to-digital converter was judged to fit the needs of the depart-
ment. Such an arrangement is shown conceptually in Fig. 1. Having decided on the
approach to the problem, the factors affecting the equipment selection must be con-
sidered. In view of the phenomena to be studied, we can note the characteristics
which the overall system should have:

1. Wide frequency response - The entire system must have a frequency re-
sponse from'd-c to greater than the highest frequency of interest.

2. Good signal-to-noise ratio - Many transducers have outputs in the milli-
or even micro-volt range where noise problems become severe.

3. Multichannel capability - Even in studies where only one response is be-
ing measured, a timing record is necessary. Thus, the minimum number of
channels is two. Moreover the interaction of variables may demand that
many effects be measured simultaneously in order to draw significant con-
clusions. Thus, a large number of channels is desirable.

4. Automatic scaling - If significant quantities of data are to be processed,
some form of automatic scaling or analog-to-digital (A/D) conversion proc-
ess is necessary. Not only does this speed up the total acquisition system,
but it ensures consistent and accurate scaling.

5. Flexible operation - Any combination of recorder and digitizer should be
as flexible as possible to serve the needs of the department as a whole.
Since any tape recorder having maximum accuracy and frequency response and
a large number of channels is not a readily portable machine, there should
be some way to operate the machine remotely. Some of the studies for which
the system is being used do not require the high frequency response that
others do. Since the high frequency cutoff point of a tape recorder is
proportional to the tape speed and tape economy is important, several re-
cording speeds are desirable. The speeds used on playback depend on the
frequencies originally recorded as well as the medium being used for dis-
play, that is, direct reproducing recorders such as a Brush recorder, a
Visicorder, an oscilloscope, or a hybrid computer.

6. Visual observation of data before and after recording - Display of the
data just prior to recording ensures that the desired data are to be re-
corded. Observation after recording and before digitizing is helpful in
observing trends and avoids digitizing is helpful in observing trends and
avoids digitizing data judged not to be of interest.

SPECIFIC SYSTEM DEVELOPED

GENERAL CHARACTERISTICS ... on the basis of the above mentioned factors, the
Mechanical Engineering Department, University of Wisconsin, purchased a tape re-
corder, Sangamo, model 4784 as the initial step in'realizing the conceptual system
shown in Fig. 1. Some of the specifications of the machine are included in Appen-
dix A. Briefly, the machine is a completely transistorized, multichannel, multi-
speed machine with modular electronics. The particular machine which was purchased
has electronics for eleven frequency modulation (fm) record channels and three di-
rect record (dr) channels. Because of lack of funds only four fm and one dr play-
back modules were purchased. The limited number of playback modules has not been a
drawback to the authors since only three signals, two timing and one analog data,
were simultaneously required for digitizing. Data from all channels can Ve digi-
tized by repeated playing of the tape.
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For purposes of standardization, the recorder input sensitivities were set so
that a 2v peak-to-peak signal, centered about ground, gave the maximum signal-to-
noise ratio.

The availability of the tape recorder solved the data recording and storage
problem and also served to emphasize the need for some form of automatic scaling.
The authors wished to. handle large amounts of data (on the order of l07 data points)
and electronic scaling appeared to be the only reasonable solution. Fortunately,
the College of Engineering was in the process of establishing a hybrid computing
facility which would incorporate an analog-to-digital (A/D) converter. Thus, hard-
ware was available to perform the tasks outlined in concept in Fig. 1, and the au-
thors' attention was devoted to incorporating these facilities into a workable data
recording and processing system.

The specific system developed and used by the authors is outlined in the block
diagram of Fig. 2. Several blocks of the complete system are general and are to be
used for other studies. The block diagram is more of an information flow chart than
a description of the physical system. Details of the hardware and software used by
the authors for their specific objectives are given in this section.

The phenomena of interest to the authors, namely rate-of-fuel injection, heat
release, and heat transfer, were occurring in the cylinder of a high speed, super-
charged diesel engine. Several transducers sensed the pressure, temperatures, and
displacements related to the phenomena of interest. Thus the lines of information
flow shown in Fig. 2 actually represent several parallel paths. All of the trans-
ducer output signals needed conditioning to ensure maximum signal-to-noise ratio
when recorded on magnetic tape.

The tape recorder is in a central location with the various research areas
connected to it via coaxial lines. This influenced the design of the conditioning
equipment used. The Hybrid Computer Laboratory (HCL) is in the Electrical Engineer-
ing Building, which necessitated stringing coaxial transmission lines through exist-
ing underground tunnels for a distance of some 700 ft. The equipment at the HCL in-
cludes a large iterative analog computer, a hybrid interface, and a small high speed,
general purpose digital computer. Digital output is available in printed form or
via magnetic tape.

The University of Wisconsin Computing Center (USCC) has a number of large,
high speed digital computers along with a large library of subroutines and functions,
several of which were used extensively by the authors as given in detail in the sec-
tion on Data Processing.

SYSTEM UTILIZATION'...
Engine Operation - The engine, engine installation, and performance instru-

mentation are described elsewhere.(2) Briefly, the engine was a single cylinder,
four stroke cycle open chamber diesel engine having a 4.5 in. bore and stroke and
similar to the ER-2 described by Chen.(3) The transducers, amplifiers, and signal
conditioning equipment are described below,

Measurements - Transducers and Conditioning Equipment -
1. Time Base - Crank position provides a convenient time reference. A uni-

formly slotted flywheel and electromagnetic pickup were used to trigger a Schmitt
trigger circuit at each crank angle (CA). An emitter follower amplifier provided
impedance matching to the transmission line and the tape recorder. The combination
of trigger circuit and amplifier had a frequency response of greater than 100 kHz
and a phase shift of less than 0.01 CA at 3000 rpm. The resultant uniform height
pulses were recorded on one channel of the tape recorder, while a second channel
was used to record a TDC pulse.

2. Surface Temperature - A total of eight surface thermocouples were in-
stalled in the cylinder walls, three in the head, and five in the. cylinder sleeve.
These thermocouples were of the plated junction design of Bendersky (4) as used
previously at the'University of Wisconsin, (5,6). Both iron-nickel and iron-con-
stantan thermocouples were used. The thermocouples were installed in areas of the
head and sleeve where the heat transfer through the walls to the coolant was approx-
imately one-dimensional. Since the surface thermocouple junction was located only
one micron below the surface, the thermocouple output was considered to represent
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the actual surface temperature. The temperature of the cylinder wall at the cool-
ant interface was obtained by forming a second thermocouple junction at the inter-
face, as shown schematically in Fig. 3A.

The arrangement for a surface temperature measurement is outlined in the block
diagram of Fig, 3B. Since there were eight surface thermocouples, there are eight
units in many of the blocks shown in the block diagram.

The temperature of the wall-coolant interface was constant and recorded by the
multipoint recorder 01 (Numbers in circles refer to components shown in the block
diagram, Fig. 3b). The average value of the temperature difference through the wall
was measured by a light-beam galvanometer .. The fixed-gain amplifiers had to be
capable of high gain, wide bandwidth, low noise operation. A compromise was neces-
sarily.reached on the degree to which any one amplifier could meet these require-
ments. The amplifiers used, 0, Astrodata model 885, feature calibrated gains in
steps to 1000, a bandwidth of d-c to 10 kHz, output noise of 2 mv rms at a gain of
1000, and a linear phase-frequency relationship of approximately 190/kHz. It was
desired to modulate the tape recorder with only the oscillatory component of the
surface temperature. Thus the average value was biased out %4. The variable gain
amplifiers permitted optimum modulation of the tape recorder _5 . A calibration
signal was recorded on tape so that the entire system, including the tape recorder
and the hybrid computer, was calibrated for each run.

3. Cylinder Pressure Measurement - A technique for relating instantaneous
heat release and cylinder pressure is outlined in Appendix E. The requirements and
errors of cylinder pressure measurement in piston engines have been presented in
the literature. (7-9). The authors used a Kistler, model 601H, piezo-electric pres-
sure transducer in conjunction with a Kistler charge amplifier to obtain an electri-
cal representation of the cylinder pressure. The sensitivity of the transducer to
transient heating was minimized by the use of an RTV coating on the transducer dia-
phragm. Flame chopper and flashbulb tests confirmed the effectiveness of the RTV
coating for this purpose. The transducer and amplifier combination had a frequency
response of greater than 35 kHz. The output from the change amplifier was ampli-
fied (or attenuated if necessary) by a variable gain amplifier, incorporating suit-
able calibration, as used for the surface temperature measurements.

4. Needle Life and Injection Pressure - A nozzle holder was instrumented
CAV Ltd. for needle lift and injection pressure. The needle lift transducer was a
variable inductance device and functioned as the external arm in Tektronix Q unit
bridge having a 26 kHz carrier frequency. The injection pressure was sensed by a
strain tube pressure transducer in conjunction with a d-c bridge circuit. (10)

Tape Recorder Operation - The cylinder pressure and wall temperature data
were always recorded at the highest tape speed, 120 in. per sec (ips) since fre-
quency response is proportional to tape speed. Two d-c voltages, measured with
digital voltmeters accurate to 0.1%, were recorded at the start of each recording
period for calibration purposes. Approximately 200 consecutive cycles of engine
data was recorded per engine run. All data were recorded on f.m. channels. The
linear phase amplifiers in the tape recorder ensured no relative phase shift be-
tween signals. The injection nozzle pressure and needle lift were recorded by Pola-
roid pictures of the screen of a Tektronix 565 four trace oscilloscope. Adequate
time resolution was possible on the oscilloscope screen, since the injection period
is only about 1/6 of the complete cycle.

DigitaZ Conversion of Taped Data - The data, having been recorded on magnetic
tape, was inspected by playback into an oscilloscope or a Brush recorder. Then it
was played back at 7.5 ips, that is, 1/16. record speed, to the hybrid computer via
the coaxial lines mentioned previously. It should be noted that noise pickup during
this transmission was not a problem as long as only one end of the system was
grounded. The facilities available at the HCL have already been mentioned, These
facilities were not used at full capacity for the authors' purposes, but it should
be noted that a portion of each of the three basic units, analog, interface, and
digital, was needed. The iterative analog equipment was used for conditioning and
control purposes, the interface for the A/D function, and the digital computer for
storage, calculatiop, control, and output. The analog-to-digital converter by it-
self'is essentially useless since it possesses no memory in which to retain either
a set of operating instructions or the digitized data. It functions as a slave of
the digital computer.
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The authors wrote a FORTRAN language program incorporating a library sub-:'outinc,
IGATHER, of the HCL. With this program, and suitable analog and logic circuitry,
(as shown in Appendix C) the following operations can be performed at the JICL:

1. Individual cycles of engine data may be identified and sampled at each
crank angle degree.

2. A number of engine cycles can be identified, sampled, and averaged,
3. The results from eitheTr item 1 or 2 can be converted to meaningful units of

pressure and temperature, and can be presented in listed form and/or writ-
ten on magnetic tape for later use in various data reduction and computa-
tion programs.

The technique which was used for digitizing data for N consecutive engine cy-
cles is listed briefly below:

1. The analog, CA, and TDC signals were transmitted through f.m. playback
units and through the underground cables to the hybrid computer.

2, The signals were amplified by operational amplifiers. The maximum input
to the analog-to-digital converter was plus or minus 100v,

3. The logic circuit (Appendix C) counted any desired number of cycles and
then triggered the command-to-sample at the next following TDC mark.

4. The A/D converter sampled the analog signal at each CA degree.
5. Each digitized sample was stored in core in a memory location assigned to

the discrete CA.
6. The process'continued through the cycle and for a total of N cycles, each

time adding the digitized value to the core location corresponding to the
CA.

7. At the end of N cycles, the sum of the digitized samples for each CA was
divided by N, and a print out of the averaged values for each CA of the
cycle was obtained.

8. If desired, the listed results could be in units of pressure or tempera-
ture by incorporating suitable calibration and sensitivity factors into the
digital computer program.

The A/D converter was a successive approximation device as mentioned in Appen-
dix B. The conversion.time, 30 p sec, represented about 1/40 the time between CA's
when playback was at 8.5 ips. If the playback speed had been considerably faster,
say 120 ips, then the time necessary for the successive approximation analog-to-
digital conversion would represent approximately 1/2 of the time between CA pulses.
Depending on the rate-of-change of the analog signal being digitized, the latter
situation could lead to errors.

The averaging of a number of engine cycles served two purposes. First, cycle-
to-cycle variation was eliminated to arrive at an average pressure-time or tempera-
ture-time curve. Secondly, random noise introduced by the various electronic com-
ponents, was attenuated by the factor 1/N, where N is the number of cycles aver-
aged.(11) This was particularly critical for the heat release studies as outlined
in Shipinski.(2)

The injection nozzle needle lift and injection pressure traces were scaled by
hand from the Polaroid prints. These data were added to the cylinder pressure-CA
listing obtained from the A/D converter and punched on IBM cards for use as input to
the program which computed rate-of-injection, apparent heat release, and the fitted
heat release function.

Hand punching on IBM cards was originally necessary, sincedat the time part of
this work was carried out, there was no tape transport or machine punch available at
the HCL. Subsequently, a tape transport with IBM compatible tape has been installed
at the HCL and the digitized data has been written directly on the tape. The pro-
cess of punching did not involve any human judgment or smoothing, contrary to the
case of scaling photographs or oscillograms. The data was simply transferred from
a printer listing to cards. It was, however, difficult to eliminate keypunch errors,
and the HRR program with its graphing routines was nearly always able to "find"
punching errors which human inspection could not find.

Computer Processing for Heat ReZease - The digitized pressure-CA and injec-
tion data, together with the engine operating conditions and estimates of the wall
temperatures, are used as input to the program which calculates the ROI and HRR
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(heat release rate). A brief description of the basic equations used is presented
in Appendices D and E.

In addition to the computation of apparent heat release (12,13) and ROI, the
program includes a least sum of squares fit of the smoothing function (14) to the
HRR. A subroutine (called GAUSIIAUS) which is available on call from the function
library of both the CDC 1604 and 3600 computers at the UWCC is used for the fitting.
The purpose of GAUSHAUS is to obtain a least squares estimate of parameters entering
nonlinearly into a mathematical model, or to solve a system of N nonlinear equations
in N unknowns. An iterative technique is used in the subroutine; the estimates at
each iteration are obtained by a method which combines the Gauss (Taylor series)
method and the method of steepest descent. According to UWCC documentation, this
algorithm should share with the gradient or steepest descent method the ability to
converge from a region far from the minimum, and like the method of Gauss, should
converge rapidly once the vicinity of the minimum is reached. Program GAUSHAUS can
be misleading, however. For example:

1. If the initial estimates are not in the neighborhood of the least sum of
squares, a convergence to a local minimum in some other region may be ob-
tained from GAUSHAUS.

2. GAUSHAUS puts equal weight on each data point unless otherwise specified.
Thus if many data points for one region ar.e fitted, the result will be
biased in favor of that region.

3. The technique of minimizing the sum of squares puts significantly greater
weight on data points which deviate markedly from the mean of a plot.

A detailed description of the equations, technique, and use of GAUSHAUS is con-
tained in UWCC documentation.

The apparent heat release rate curves, the computed rates-of-injection, and the
fitting obtained by the Wiebe smoothing function are programmed into a single com-
puter program. The program has been set up to process the data for more than one
run on each job submission. This proves to be a quite attractive economical proced-
ure as the compile time for the program is spread over many runs. For example,
Table 1 gives the actual results obtained on the CDC 1604 computer. The cost for
computer time per "production" run is less than one-half that per individual run.

The graphs which are part of the output of the data recording and processing
system appear in Figs. 4-6. These have been plotted by the Calcomp plotter, which
is the last item in the block diagram of the system shown in Fig. 2. In order to
maintain a one-to-one compatibility with the cycle simulation, 0 crank angle deg is
at BDC on compression and thus 180 crank angle deg corresponds to TDC fired. The
"X s" appearing in Fig..4 are the pressures averaged from 50 engine cycles. The
thin line connecting the X's is the curve fit by the computer program through the
averaged experimental points; the dashed line is the computed mass averaged gas tem-
perature times the given scale factor.

Table 1 Actual Results from CDC 1604 Computer

Job Number of Runs Total Time Time/Run

0651 1 4 min 9 sec 4 min 9 sec

1099 11 20 min 8 sec 1 min S1 sec

In Fig. 5, the irregular solid light line is the apparent heat release (HRR) as
computed and plotted by the system. The fine dotted line is the rate-of-injection
(ROI) as computed by the system and converted to a rate of heat addition by multi-
plication by the heating value of the fuel. The rate-of-heat addition (or rate-of-
injection) is multiplied by a scale factor of 0.5 to facilitate plotting. The rate
of-heat transfer, computed by Borman's (12) formula is plotted times a scale factor
of 10. It is seen that the rate of heat transfer computed by Borman's formula is
small relative to the maximum rate-of-heat release.
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If the spikes and dips in the apparent HERR curve are considered to be due to
some extraneous cause, then a curve can be faired through the mean of the apparent
HRR. The heavy dashed line is one such possible curve. it is perhaps the best sim-
ple curve which can be faired through the oscillations.

Figure 6 shows the ROI and a curve fit to the apparent heat release of Fig. 5
by program GAUSHAUS, using Wiebe's function as the model for the curve, This is the
same curve which has been faired through the apparent HRR in Fig. 5.

Computer Processing for Heat Transfer - From the HCL the cyclic temperature-
time history for several positions on the cylinder wall corresponding to a particu-
lar operating condition was obtained. From these data the cyclic heat flux can be
calculated as described below.

Recall that the thermocouples were installed in regions of the head and sleeve
where the heat transfer can be considered as one dimensional. Note that since the
coolant-wall interface temperature is constant, the wall behaves as a semi-infinte
solid to the cyclic variations in the gas-wall interface temperature T(0,8). The
governing differential equation for the temperature distribution in a one dimension-
al slab is:

T(Xe8) __T(___) (1)
88

where: e = Time
x - Distance from gas-wall interface

T(x,O) = Temperature at position x and time 8
a = Thermal diffusivity of the slab material

Carslaw (15) outlines a method of solution for this equation if the surfacetemperature variation, T(0,8) is expressed as a trigonometric series. Overby (5)
used a technique proposed by Sokolnikoff and Sokolnikoff (16) to express T(0,0) as
a Fourier series. The authors found this technique to be unnecessarily time consum-
ing when programmed on the computer, and therefore have developed a faster and more
flexible technique which is outlines in the Appendix F. Having obtained a Fourier
series representation of 7(0,8), the solution for T(x,6) and 4(0,e), the wall sur-
face heat flux, is straightforwArd and is presented by Carslaw (15) and Overbye (5).
Lanczos sigma factors (17) were used in the computation of Q(0,8) to correct for the
familiar Gibbs, or overshoot, phenomenon encountered in the summation of a Fourier
series. The solution was carried out by digital computer. A plotting subroutine
is available at the UWCC which provides a graphical output to complement the usual
printed output.

Figure 7 is a typical plot of the average temperature-time history for 'three
positions on the cylinder wall for a particular operating condition. The operating
condition is not the same as 'that associated with Figs. 1-6. The instantaneous heat
fluxes shown in Fig. 8 are computed from the temperature-time histories of Fig. 7
by the method outlined above.

Summary of Characteristics of Specific System - This section has outlined a
specific configuration of the system shown in concept in Fig. 1. It should be em-
phasized that one could develop many other specific systems from Fig. 1, for tasks
both similar and dissimilar to that of the authors'. The characteristics of each
system would be different. However, we feel that a short discussion of the perfor-
mance of the specific system detailed above may prove helpful to others who wish to
develop data systems based on the concepts shown in Fig. 1.

The more important characteristics of any instrumentation system include: fre-
quency response and phase shift; signal to noise ratio; accuracy; and time for cali-
brating, recording, and processing data. The performance of the system in any one
of these areas is generally governed by the weakest link.

1. Frequency response and phase shift - This work involved the handling of
two different types of signals. The time base was represented by a series of pulses
and attenuation was relatively unimportant. The critical feature for the timing
signals was phase shift relative to the data, or analog, signals.
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Attentuation, or distortion, of the analog signals was, of course, unacceptable.
The Astrodata amplifiers which were used on the wall temperature signals had a fre-
quency-phase relationship which was linear. This meant that each component: frequen-
cy in the analog signal within the amplifier bandwidth was delayed by the same time
interval upon passage through these amplifiers. That is, there was no wave distor-
tion, only time delay, in the amplifier. Such a delay introduces no error if either
of two conditions is met: every signal was delayed by the same amount, or the delay
time was negligible. For the temperature signals, the latter condition applied since
a phase difference between temperature and timing signals of about 0.8 crankangles
was considered to be a negligible error. However, a phase difference between the
cylinder pressure and timing signals would lead to an error in heat release. Since
insufficient amplifiers were available to handle the two timing signals, the cylin-
der pressure signal, and all eight thermocouple signals, only thermocouple signals
were passed through the Astrodata amplifiers. Phase shift of the pressure signal
in the variable gain amplifiers relative to the timing signals, which bypassed the
variable gain amplifiers was about 0.002 CA deg. As mentioned previously, the lin-
ear phase characteristic of the f.m. record/reproduce amplifiers ensured no relative
phase shift during the recording/reproducing process.

A limitation on frequency response is applied by the sampling, or digitizing,
process. According to Shannon (18), if the sampling frequency is N, one can gather
information only on frequencies up to N/2. In fact, if components of frequency high
er than N are present, they are reflected back into the spectrum below N/2, thereby
causing errors. This is the process of "aliasing".(19) For example, the authors
sampled at every crankangle, or 720 samples per period. Therefore, by Shannon, we
could not deduce information on harmonics above the 360-th.

2. Signal to noise ratio (S/N) - The Astrodata amplifiers were characterized
by very low noise, as mentioned previously. The tape recorder possessed inherent
noise in the high frequency spectrum, 1% of full scale at 40% modulation. The theo-
retically lowest overall S/N from the transducer output to the A/D converter input
was approximately 28 db. Experimentally, the actual S/N was measured at 32 db.
Since 50 cycles of engine data were generally averaged in the conversion process,
the actual overall S/N was improved by 1/I50 to 49 db. If one were interested in
studying individual engine cycles, low pass filtering prior to digitizing would be
advisable.

3. Accuracy - The pressure calibration values which were recorded on magnetic
tape were measured with an accuracy of at least ±0.2%. The temperature calibration
values were determined accurately to ±1%. The accuracy of the final results is also
dependent on the time and amplitude accuracy of the digitizing process. The A/D con-
verter had an amplitude accuracy specification of ±0.01% for full scale. The authors
found it convenient to work over half the full scale range, resulting in a conversion
accuracy of about ±0.02%. The time accuracy is affected by any phase relation be-
tween the timing pulses and the signal being sampled. Where time accuracy was criti-
cal, in the digitizing of the cylinder pressure data, the time accuracy was judged
to be ±0.15 CA from the transducer through to the digitized results. This does not
include error due to crankshaft windup, conservatively estimated at less than 0.2 CA
deg.(20)

4. Speed - Automatic recording equipment was used wherever feasible in the
complete system. For example, a multipoint chart recorder was used to record the
thermocouple outputs indicative of the temperatures on the coolant side of the com-
bustion chamber. However, due to the complexity of the program and the large quan-
tity of data being taken simultaneously, two operators were necessary both during the
recording phaseand during the digitizing phase. During the recording phase, the
limiting factor was the time necessary to attain operating equilibrium of the engine.
Time per run was on the order of 15 minutes. The data recording process, including
setting levels and gains, took 5-10 minutes. The use of the A/D converter instead
of human operator scaling greatly increased the scaling speed. The time necessary
for digitizing was governed by the time required to set levels and gains at the hy-
brid computer. The time to digitize the pressure and temperature data for 50 cycles
from one engine operating condition was about 30 minutes.
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CONCLUSION

Three factors which are important in any engineering study are: the quantity
of information obtained during the study, the quality of that information, and the
cost of the information. The instrumentation system developed from the conceptual
scheme shown in Fig. 1 is a tool which the authors have used in an attempt to opti-
mize these three factors. The amount of data which could be recorded has been in-
creased over previous studies using oscilloscope, cameras, and chart recorders by
the use of a high speed, multichannel tape recorder. By incorporating an analog-to
digital converter in the system, the conversion of this increased quantity of data
into a digital form for computer processing was fast and consistent. The judicious
choice of instrumentation hardware, including the tape recorder, has ensured that
the uncertainties in the data be kept at a minimum. The increase in processed data
output per time obviously has an effect on the cost per unit of processed data.
Another important cost feature is the flexibility of the two high cost components,
namely the tape recorder and the hybrid computer. The use of these two relatively
high cost items by many projects decreases the cost per project and unit of processed
data.
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APPENDIX A

TAPE RECORDER SPECIFICATIONS

Sangamo Model 4784
Drive Eddy current clutch ensures smooth and

accurate tape handling.
Reel to reel, reel to bin and loop oper-

ation selectable.
Eight speeds, electrically selectable.
Capstan speed ±0.01%

IRIG compatible magnetic
heads

Direct Record/Reproduce Variable input sensitivity
20,000 n input impedance
50 0 output impedance

Frequency response Signal/Noise

at 120.ips 500 Hz -) 600 kHz 28 db
at 15/16 ips 100 Hz -)- 4.7 kHz 24 db

Frequency Modulation
Record/Reproduce" Variable input sensitivity

20,000 n input impedance
50 9 output impedance

Frequency response Signal/Noise

at 120 Ips d-c --- 40 kHz ± 0.5 db 45 db
at 15/16 ips d-c --s 0.312 kHz ± 0.5 db 34 db

APPENDIX B

HYBRID COMPUTER SPECIFICATIONS

Operational amplifiers Solid state: chopper-stabilized;
Bandwidth: d-c to 75 kHz
Noise less than 15 mv p-p

Logic elements Change of state times 1 or 2
u jisec

Analog to digital
converter Successive approximation

Resolution: one part in 215
Accuracy: ±0.01%
Maximum sample rate: 30.9 kHz

Digital computer High speed, general purpose
8 K word storage
Memory cycle time 1.75 p sec
FORTRAN II included in soft-

ware
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APPENDIX C

LOGIC CIRCUITRY FOR A/D CONVERSION

Figure C-i shows the analog and logic circuitry used in the A/D process as de-
scribed in the second section of this paper, The figure is included for the bene-
fit of those interested in developing digitizing systems similar to that of the
authors'. The symbolism used is standard.(21) The interrupt line defines the begin-
ning and end of a period of the signal on the ADC line. Once the beginning of the
period has been signified by a change of state of the interrupt line, the A/D con-
verter samples the signal on the ADC line on command from the input flag.

APPENDIX D

COMPUTATION OF RATE-OF-INJECTION
FROM EXPERIMENTAL DATA

The injection nozzle tip needle valve lift is measured by a variable inductance
transducer, and the injection pressure is measured by a strain gage transducer in-
stalled in the nozzle body. In addition to these time-dependent quantities, the
physical measurements of the nozzle tip are known. The calculation is programmed
into the heat release rate program. Briefly, the flow area of the needle valve is
calculated, then the effective area of the nozzle is computed, this being a function
of the needle flow area and the orifice's hole area in series. Then the flow rate
is computed using Bernoulli's equation and the instantaneous experimental measure-
ments of injection pressure and cylinder pressure. This calculation is repeated at
.each crankangle that the effective flow area is non-zero. At the end of the injec-
tion period, the computed cumulative flow is compared against the experimentally
mqasured flow rate. A coefficient of mass flow discharge is defined as the ratio of
the actual measured flow to the computed (ideal) flow. Then the computed flow rate
is adjusted by this coefficient of flow, so that the flow rate at each crank angle
is reduced by the same coefficient and the cumulative flow computed now corresponds
to the experimentally observed flow.

A computation of the surface mean diameter or Sauter's mean diameter (SMD) is
also programmed into the rate of injection routine. The following form of Knight's
equation (22) is used:

SMD[p) - 220. (AP)- 0 . 58s(Q) 0
•

2 0 9
(v)*

2 5  A (2)

where:
= micron

A? - Pressure drop across nozzle, psi
Q - Instantaneous flow rate, ibm/hr
v = Kinematic viscosity of fuel, centistokes

A t eff = Instantaneous effective nozzle flow area, in. 2

Aorf - Orifice area, in. 2

SMD is computed at each crankangle during the injection period.

A computation of the penetration of the spray is also doqe.". A momentum balance
on the spray (23) is made. The resulting equation after some simplification is:

= 2*eLAO 2s/1.67-D 0o.fSlinches] - - k (I'(12)°(32.2 (3)
"N PA . tan RPM! (12).(32.2)

where:
S = Penetration
P - Pressure drop across nozzle, psi
A Density of combustion chamber air, lbm/ft'

Dor; - Diameter of injection nozzle orifice, in.
Half angle of spray cone

RPM = Engine speed, revolutions/min
and the numbers 12 and 32.2 are unit conversion factors.
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This expression gives the penetration of the spray during a ten CA period follow-
ing the injection of each increment of fuel, and is independent of vaporization,
droplet size, and so forth. It should be emphasized that the selection of 10 CA deg
as the time period for the penetration calculation is fairly arbitrary. The calcu-
lation is made simply to give a relative estimate of the spray penetration for the
quite different experimental injection conditions which were obtained by varying
the injection system components on the engine.

APPENDIX E

COMPUTATION OF HEAT RELEASE
FROM EXPERIMENTAL DATA

The calculation technique for obtaining heat release rates is basically that
used by Borman (12) and reported upon by Ktieger.(13) A thermodynamic system was
defined; the system is the mixture in the cylinder at any instant and this is as-
sumed to have the properties of air and combustion products only. The boundaries
of the system are the cylinder walls, the cylinder )iead (including valves), and the
top of the piston (which is moving up or down). Work is added or taken from the
system by the motion of the-piston, heat is transferred to or from the system
through any and all of the surface boundaries, and energy is added to the system
through the heat release process.

For the heat release computations, the heat transfer coefficient as used in the
cycle simulation (12) is used for the computation of instantaneous heat transfer
from the cylinder gases. The metal temperatures are obtained from experiment and
from the cycle simulation. The cycle simulation predicts metal temperatures corres-
ponding to those reported by McAulay (24) for the engine. The cycle simulation is
used in conjunction with the experimental data to determine trapped mass, residual
facction, and port pressures.

The equations have been programmed for numerical solution by a digital computer.
The result obtained is dm/dt, the rate of conversion of liquid fuel to products of
combustion, that is, the rate at which fuel is burned and becomes part of the de-
fined system. The rate of heat release is then obtained by multiplying the above
by the heating value of the fuel.

The result of this computation has been called the "apparent" heat release rate
(AROHR) by Borman. The term apparent is used because of the probable differences
between this computed result and the actual complex processes during the heat re-
lease in an engine. Even the actual heat release for the combustion chamber as a
whole differs from this AROHR because of:

1. The approximation of the internal energy of the mixture in the cylinder by
an expression which is an approximation for the internal energy of an equilibrium
mixture of the products of combustion of CnH2n and air.

2. . The assumption of homogeneity of mass, temperature, and pressure in the
cylinder and the approximation of the internal energy of the mixture of liquid fuel,
fuel vapor, air, and products of combustion by an expression for a homogeneous mix-
ture.

3. The difference between the computed heat transfer and the actual temporal
heat transfer.

4. The difference between the actual mass in the cylinder and that computed
and used by the program on the basis of the heat release.

5. The neglecting of changes in kinetic energy and potential energy.

The equations might be said to correspond to a homogeneous combustion or uniform
heat source model. One of the consequences of the assumption of homogeneity of tem-
perature is the prediction by the computations of very little dissociation, since
the computed mass averaged temperatures are not much greater than 2300 R. Borman
(12) has found dissociation to be negligible below 2300R. However, Uyehara and

Myers (25) have measured true flame temperatures of nearly 5000 R in diesel combus-
tion. The effect of dissociation on internal energy is quite significant at these
temperatures. The model is using an incorrect value for internal energy then, and
this is one of the things which makes it yield an "apparent" heat release.
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The items discussed above are a significant consideration in a detailed study
of the combustion process. However, for purposes of simulation of an engine, they
may not be so significant.

APPENDIX F

-FOURIER SERIES ANALYSIS OF
WALL TEMPERATURE FUNCTION

Sokolnikoff (16) outlines a method for getting the Fourier series representation
of a curve represented by a set of ordinate values. The ordinate values must be uni-
formly spaced along the abscissa. If one wishes to use small time (abscissa) incre-
ments, the computation time becomes prohibitive. One of the authors has developed

One of the authors has developed a technique to obtain a Fourier series repre-
sentation of a periodic function which permits variable abscissa spacing between
the ordinate values. This is particularly useful since the surface temperature
function is characterized by a high rate of change over only about one quarter of
its period. The key step in the technique involves making a piecewise linear approx-
imation to the temperature function. This is accomplished on a digital computer.
The temperature data is stored in memory as a 720 number array, one number corres-
ponding to each crank angle value. The machine determines the equation of a straight
line which passes through two ordinate values separated by 10 crankangle deg. The
sum of squares of the error between this line and each data point in the 10 crank-
angle deg interval is then determined and compared to an allowable error. If the
comparison test is passed, the machine stores the equation of the linear segment
and proceeds to the next 10 crankangle deg segment. If the comparison test is
failed, the machine tries a 5 crank angle deg increment, and if necessary a 2 crank-
angle deg increment. The allowable error is a function of the peak-to-peak ampli-
tude of the temperature curve. When the temperature function has been broken down
into a number of linear segments covering a complete period, the Fourier coefficients
may be found. Recall that the Fourier coefficients An and Bn are defined as:

A 1 2, f(e) cos (ne) de (4)
n VJ

0
2w

Bn f f(6) sin (no) de (5)

0

Using the piecewise linear representation of f(e), the above integrations can be
carried out exactly.
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DISCUSSION

G.E. FERRE
Caterpillar Tractor Co.

I want to congratulate Messrs. Le Feuvre and Shipins1rt, -and Professors Myers
and Uyehara on a very worthy contribution to the area of data acquisition applica-
tions. It is apparent from the papers presented here and the literature published
over a period of years that the hardware for automated data reduction is available,
and will continue to improve. The challenge ahead is for the users, test engineers,
field engineers and applied mathematicians to find the areas of applications where
automatic data reduction can be used most profitably and to educate themselves in
these areas. Automatic data reduction can be profitable in several different ways:

1. It reduces the amount of time used by high priced labor to perform repeti-
tive calculations, and in so doing makes more time for creative engineering by the
individual.

2. It can eliminate the tying up of valuable facilities. It does this by pro-
viding a test engineer with the calculated results of a particular test so he can
go on with ensuing tests or turn the test facility over to another project. Since
large scale tests are expensive to set up, it is not economical to dismantle it un-
til the engineer is sure he has all the information he needs to make an engineering
judgment.

3. It is a way of getting urgent information from the test to the designers in
a relatively short time. Project engineers and designers will have more information
with which to make engineering decisions earlier in their programs. This should en-
able them to turn out a better product. Designers many times must go ahead without
.the complete results from tests because of tightening schedules.

4. It is a way of getting information not practically available by any other
means. Information on random signals such as cumulative damage, power-spectral-
density, correlation theory and others cannot be economically obtained except with
the aid of computers.

With all of the benefits readily apparent in automated data reduction, however,
it is not a "cure-all" for all engineers and all facilities. The test procedure
must be sufficiently organized and the test engineer must thoroughly understand the
assumptions and limitations of the computer programs for the profitability in auto-
mated data reduction to be realized.

I would like to mention two instances where data reduction is easily.paying for
itself at Caterpillar Tractor Co. In the first instance, an on-site analog computer
is being used on vehicle transmission tests. The analog converts measured signals
such as torques, pressures, and speeds to such variables as horsepower, energy, and
friction coefficients which are necessary to make intelligent engineering decisions.
Previously, hand calculations took as much as two weeks on a series of these tests,
while an off-site digital took as much as two days because of transit time and job-
stack delays. Today this on-site computation provides answers as fast as the en-
gineer can read them. There have been considerable savings in facilities using this
system since more tests can be run.

The second example was on the calculation of cumulative damage information from
stresses recorded on an earthmoving cycle. On one study, we wanted to analyze 33
cycles, each about 10 minutes long. There were six channels pr" variables to analyze
on each cycle. Before we used automated data reduction on this work, we edited the
basic data manually and keypunched it for the digital computer. Had we used this
manual method on this study, it would have taken nearly one year to get the proper
data to the digital computer. Instead we went to an automated system involving an
FM tape recorder and analog-to-digital converter; using this system, it took only
one day including setup.

The kind of savings illustrated in these examples is typical when automated
data acquisition and reduction are used intelligently. If used indiscriminately,
however, this automation may produce some disappointing results.
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Table 6 Observed Engine Operating Conditions. Combustion Performance, and Wiebe Parameters

Lut  b b , ?b d A/E !1i Z IEk ZSc
063 .4050 19.96 172. .555 100. 36.5 1002 23.6 .68 266 1.00 220. .309
064 .7810 16.22 176. .142 33.4 38.5 ZOOO 30.1 2.1 172 .332 210. .286
065 .4701 14.77 168. .305 94.9 38.5 ZOOS 30.8 2.1 16Z .498 216. .267
066 1536 13.32 163. .622 100. 38.S 2005 30.4 2.1 253 1.00 210. .275
067 .4850 9. 200 167. .174 7t.6 38.5 2002 19.6 2.1 162 .417 270. .325
073 .5169 13.11 167. .272 200. 47.1 2025 33.3 2.0 162 .432 202. .260
074 . 3895 9.802 166. .295 97.5 47.3 1508 32.4 2.0 160 .664 203. .267
07S .9094 14.56 165. .180 100. 47.1 1002 31.9 2.0 162 .500 190. .278
076 .4159 10.63 167. .310 94.6 47.1 1991 33.6 2.0 161 .503 200. .257
079 .4685 6.079 166. .214 71.3 47.1 1999 21.2 2.0 162, .500 262. .306
062 .7064 18.74 170. .50 99.2 47.1 1997 32.9 Z.0 162 .666 155. .257
083 1.170 14.14 168. .125 36.5 47.1 ZOOS 2z.e 2.0 162 .499 199; .306
085 .9070 17.02 161. .139 72.1 47.1 2011 26.7 2.0 152 .74S 211. .287
086 1.088 13.26 166. .091 18.3 47.2 .2009 28.6 2.0 162 .332 ZOO. .305
087 1.300 12.00 170. .050 21.2 47.2 2016 29.0 2.0 168 .165 388 .324
088 .657S 12.72 1'8. .143 93.8 47.1 2008 28.8 2.0 147 .913 215. .278
089 . 3486 8.380 160. .256 86.4 47.1 2004 30.3 2.0 150 .832 198. .291
091 .0661 5.656 359. .417 100. 47.1 2001 29.7 2.0 143 1.34 192. .302
095 .4892 13.13 168. .293 86.7 47.1 1998 33.2 2.0 163 ,417 196. .267
096 .4568 10.28 168. .298 84.3' 47.1 2506 32.8 2.0 162 .400 192. .266
097 .4873 8.738 168. .212 73.5 47.1 2495 23.5 2.0 162 .401 240. .297
099 .4516 14.31 167. .347 300. 47.1 0997 18.2 .76 161 1.00 124. .354
to0 .4360 13.61 167. .439 100. 47.1 1002 19.2 .95 160 1.16 131. .354
302 .3718 6.565 166. .203 91.0 47.1 ZOOS 30.0 2.0 161 .416 212. .273
103 .5306 11.70' 167. .238 83.5 47.1 2546 30.9 2.0 161 .393 208. .256
104 .5503 8.979 166; .135 78.5 47.1 Z498 20.0 2.0 162 .267 191. .317
106 .9766 10.64 167. .195 65.4 47.1 2563 30.9 2.5 162 .325 253. .264
107 .5321 7.492 166. .141 64.9 47.1 2506 20.8 2.5 159 .466 322. .317
108 .6636 13.22 164. .136 65.3 47.1 1999 29.7 2.5 160 .332 261. .276
109 .4384 10.38 166. .206 81.7 47.1 1998 29.6 2.0 161 .417 218. .268
110 .6470 8.687 163. .083 71.9 47.1 Z013 20.1 2.5 159 .331 332. .322
311 .3824 15.63 167. .457 100. 47.1 2002 50.9 2.0 161 .500 116. .299
322 .7698 18.46 165. 157 90.0 47.1 2016 24.3 2.0 161 .331 226. .322
113 .6518 i0.53 164. .26 79.5 47.1 2007 18.8 2.0 160 .332 275. .340
114 .3937 16.27 168. .637 300. 47.1 2012 58.1 2.0 160 .663 113. .269
116 .6777 11.00 165. .127 95.3 47.1 200Z 20.6 2.0 161 .333 270. .321
317 .7023 11.53 15. *.136 75.0 47.1 2006 20.4 2.0 161 .332 27Z. .322
226 .6820 11.36 165. .145 76.0 47.1 1996 20.0 2.0 161 .334 275. .318
120 .7369 0.641 144. .106 83.4 47.1 2011 25.0 2.5 160 .331 305. .284.
121 .9917 8.641 164. .110 73.6 47.3 2013 ZOO 2.5 159 .414 337 .318

"a Identifying number h.Inlet manifold density

b Viebe parameters divided by standard
atmospheric density

Fuel percentage injected I CA a w Injection

before Ignition starts
d

Fuel percentage Injected In
before tdc sgnition delay in milli-Q Seeonds

Cetane number k
f EgnsMotored indicated mep (psi.)

Zngine ~epAd 4 Motored Indicated specific

Air-fuel ratio fuel consumption (lb/ihphr)
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APPENDIX V

A

The Effect of Heat Transfer
on the Steady Flow

Through a Poppet Valve

D.N. Kapadia and G.L. Borman
Mechanical Engineering Dept.

University of Wisconsin

ABSTRACT

A study was made to determine the effect of heat transfer from the backface of
a poppet intake valve on the flow rate through the valve. All tests were made under
steady flow conditions.

The results show that for the same lift and same pressure drop across the valve,
the flow rate through a hot valve is less than through a cold valve. This effect
increases almost linearly with the heat transfer rate and decreases rapidly with
lift. The results also show that the effective flow area is independent of pressure
drop through the valve.

A correlation of heat transfer from the back of the valve surface to the flow-
"ing air shows that the Nusselt number varies as the 1.27 power of the Reynolds num-
ber.

INTRODUCTION

The detailed mathematical simulation of engine cycles requires the computation
of instantaneous flow rates through the engine valves. Typically, these mass flows
have been computed by applying steady flow formulas at each instant even though the
actual flow is unsteady (1,2).* The flow coefficients which are needed in order to
apply such formulas can be obtained by measuring the pressure drop and mass flow
through the valve for steady flow at various fixed valve lifts. Such measurements
are normally made by using a laboratory apparatus which incorporates the actual
valve and port, but simulates the cylinder with a section of pipe. The valve is at
the ambient temperature for such tests and the flow is caused by either providing
pressurized air upstream of the port or by reducing the pressure in the downstream
pipe by means of a blower or ejector.

In measurements of the kind described above, the pressures measured are the
stagnation pressures before the port and after the valve respectively. In simula-
tion analysis on the other hand, the static pressure in the port close to the valve
is either measured or calculated and the pressure downstream is the calculated cyl-
inder stagnation pressure. In general, the mass flow through the valve can be shown
(3) to be given by

0- CA•VAFp . (1)
where:

C - Flow coefficient

AV - Valve flow area

S- 11 -,

AP = Area of the upstream section where pressure and temperature
are measured

*Numbers in parentheses designate References at end of paper.
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Pi = Static pressure at A
p

PV = Static pressure at AV

F P.i 2/k - (P/Pv)

k = Ratio of.specific heats

R = Specific gas constant

9C = Dimensional constant

T2i = Static temperature at A

Because it is difficult to measure py, the stagnation pressure downstream of
the valve, p is used in place of PV.. Similarly, the area AV is unknown so it is
more convenient to use an effective. flow area, Ae, which is equal to the product CAV.'
In calculating AF it is then necessary to use the approximation AV/Ap = AelAp. For
the experimental measurements where the upstream pressure is the ambient pressure
prior to the port, AF = 1.

It should be noted that the formulation of the problem in this way does not
follow conventional practice. All dissipation terms which appear in the steady-
state macroscopic mechanical energy balance equation are first neglected and the
equation is integrated assuming isentropic flow. Then the correction for the dissi-
pation terms is made by the inclusion of the coefficient C. This coefficient thus
includes all dissipation effects; that is, the sudden contraction entrance effect,
the friction losses in the straight pipe, the losses in the port bend, the valve
contraction and friction losses, and the sudden enlargement losses. The engine sys-
tem may thus have a slightly different coefficient since the sudden enlargement dis-
sipation may be different for the cylinder-piston geometry than for the large pipe
used in the tests.

The flow coefficient in Eq. 1 to be most useful should be only a function of
valve lift and thus the effective flow area Ae should be constant for a given lift
and various pressure differences across the valve. This has generally been found to
be true within the limits of the experimental accuracy.

In applying steady flow formulas and data to the cycle simulation, it was found
that the resulting computed volumetric efficiencies were a few per cent too high at
all speeds (1,2). A number of causes can be given for such differences, among these
being inaccurate calculation of heat transfer in the cylinder during the intake proc-
ess, the use of the quasi-steady flow approximation, inaccurate expressions for valve
lift as a function of crankangle, and the effects of heat transfer from the valve
and seat on the valve flow coefficients. Although any or all of these effects may
be important, only the last named is taken up in this paper.

TEST APPARATUS

The basic concept of the experiment was to run conventional, steady flow tests
on a given poppet valve and to then run the same tests but with the valve held at
an elevated temperature.

Figure 1 shows the schematic diagram for the flow system. A Jet-Vac 3 in. suc-
tion size single-stage steam ejector was used to draw air through the system at rates
up to 900 lbm/hr. The intake system consisting of the seat insert, the valve and
stem, and the port was mounted on a base plate which was attached to a 4 in. pipe
which simulated the engine cylinder. The port opened directly to the room. Figure
2 shows a schematic of this intake system. The seat insert and 2 in. diameter 1.52
in. long valve head were machined from mild steel according to specifications pro-
vided by the International Harvester Co. The seat insert was press fitted into a
1/2 in. transite plate. The valve head was further machined so that an electrical
heater could be attached to its lower surface by two small screws.
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As is shown in Fig. 3, the heater consisted of two identical units: a valve
heater directly beneath the valve face and a guard heater separated from the valve
heater by a layer of transite. The dimensions of the heater assembly were such that
after its installation, the overall dimensions of the original valve were closely
maintained. The valve head was screwed onto a hollow steel stem. A 1 in. long tran-
site section incorporated between the stem and head minimized heat conduction from
the head to the stem.' The intake port was simulated by a 90 deg copper elbow having
a centerline radius of 2-5/16 in. and an inside diameter of 1,5/8 in.

The valve lift was set by a fine-thread screw positioned above the stem by a
rectangular supporting frame. The motion of the screw was transmitted to the stem
by means of a link. A dial indicator was used to measure the link position.

INSTRUMENTATION

The valve lift, mass flow rate, pressure drop across the valve and port, heat
transfer from the backsurface of the valve, and the valve temperature at the center
of the face were measured for each data point.

The ambient pressure was measured with a laboratory, cistern manometer. The
downstream static pressure was measured at a point in the 4 in. pipe 4 in. below
the seat. The pressure was read on a 60 in. manometer graduated in 0.1 in. with a
fluid of specific gravity 1.00. It was found that for even the highest flow rates
(900 ibm/hr) the static and stagnation pressure at this point differed by only 1/2%.

The pressure drop across the orifice meters was measured with an inclined mano-
meter having a range of 10 in. graduated in 0.01 in. The temperature ahead of-the
orifice was measured with an iron-constantan thermocouple. Flow rates up to 150
lbm/hr were measured with a 1.05 in. bore flange-type orifice plate mounted in a
1.5 in. pipe. Flow rates between 150 and 400 lbm/hr were measured with a 1.65 in.
bore orifice in a 3 in. pipe and flow rates between 400 and 900 lbm/hr were measured
with a 2.10 in. bore orifice also in the 3 in. pipe.

The temperature difference across the transite layer between the valve and
guard heater was measured with a pair of calibrated iron-constantan thermocouples
fabricated from B&S No. 30 wires. The junctions were installed in fine grooves on
opposite sides of the transite. Each junction was about 1-1/4 in. long to insure
that the temperatures did not correspond to a point. The temperature difference was
monitored on a recording potentiometer but a Rubicon portable potentiometer was
used to measure the e.m.f. while nullifying the temperature drop across the tran-
site layer. The valve and guard heater power inputs were measured with a Weston
Model 310 wattmeter.

TEST PROCEDURES

First, a cold run was made. The lift was set by means of the fine adjustment
screw and the flow rate through the valve adjusted by means of the bleed valve
(Fig. 1) so that a predetermined pressure drop through the valve, AP, was obtained.
The flow was channeled through either the 1-1/2 in. pipe or the 3 in. pipe depending
on the flow rate.

Next, hot runs were made. Without disturbing the lift set for the. cold run,
the valve was heated by passing current through the valve heater. The energy in-
put was brought to a desired level by the fine adjustment rheostat in the valve
heater circuit. Current was then passed through the guard heater circuit. By means
of adjustments made in this circuit only, the temperature drop across the guard
transite was nullified. The flow rate was adjusted meanwhile so that AP was main-
tained constant. Readings were taken only when the steady state conditions remained
unchanged for at least five minutes.

The procedure described above for a cold run and a series of hot runs was re-
peated in that sequence for two more values of AP for this setting of the valve lift.

The entire procedure was then repeated for a number of lifts. From the data
thus obtained, the change in the effective flow area could be plotted as a function
of the rate of heat transfer from-the back of the valve, the pressure drop through
the valve, and the valve lift.
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ERRORS AND ASSUMPTIONS

It was assumed that under steady state conditions the rate of heat transfer
from the backface of the valve was equal to the power supplied to the valve heater
when the temperature gradient in the guard transite was zero. However, there were
radiation losses to the seat and to a portion of the port, conduction losses up the
stem, and conduction losses down the heater wires.

Radiation losses from the backface of the valve to the seat and the port could
be significant for high valve temperatures coupled with high flow rates; for under
these conditions the seat and port would be coolest and the temperature difference
between them and the valve surface the highest.* To estimate the maximum loss, a
black body sphere (emissivity = 1) at 700 F was considered enclosed in a black
sphere at room temperature (77 F). The surface area of the inner sphere was con-
sidered to be equal to the radiating surface, estimated to be 4 sq. in. The inside
area of the enclosing sphere was made equal to the area of the port and seat esti-
mated to be "seeing" the valve surface. It was found that for this case, the radi-
ation loss was 7.6% of the power supplied to the valve heater. In the actual case,
the valve head had oxidized after a few hot runs so that its emissivity was more
likely to be about 0.5. Further, the port and seat temperatures were about 30 F
higher than the room temperature under steady state conditions and the temperature
at the valve surface was probably about 100 F less than the temperature indicated
by the plug in the valve head. Changing the numbers accordingly, the calculated
loss fell to 1.74% of. the power supplied to the heater. This loss was considered
negligible for these tests.

Conduction losses up the stem could not be estimated with reasonable accuracy
since no data regarding temperature gradient in the stem were taken. In an attempt
to minimize this loss, a transite section was included in the stem. The thermal con-
•ductivity of transite is smaller than that of mild steel by a factor of 100. Fur-
ther, the stem was hollow. On the basis of the above, the conduction loss up the
stem was not considered significant.

The eight wires leading away from the heater assembly were each about 0.010 in.
diameter. Each wire was insulated for a distance of 2 in. below the valve by alumina
fish scales or single hore alumina tubes. The total heat conduction along these
wires was estimated to be about 0.1% of the power supplied to the valve heater.

It was concluded from the above that the assumption that the rate of heat trans-
fer from the back of the valve equaled the rate of energy input to the valve heater
was quite good.

It was found that the power required in the guard heater was generally 30% of
the power supplied to the valve heater. Some of this energy entered the flow by
heat transfer from the circular "wall" around the guard heater. The rest was car-
ried into the flow by heat transfer from the lid of the heater assembly, that is,
the lower flat surface of the valve. There probably was considerable swirling and
turbulence under the valve, so that reasonable estimates of the relative magnitudes
of the heat transfer coefficients on these surfaces could not be made. However, the
valve head with both the backface and the lower surface at elevated temperatures
simulated actual engine conditions; and if the change in the effective flow area is
correlated in terms of the measured heat transfer rate from the back of the valve,
then the results are usable when this particular quantity is known or calculated as
in the simulation model.

The linear expansion of the valve head and stem was calculated to be about
0.003-0.010 in. for the temperature ranges encountered in the tests. This linear
expansion was not indicated on the dial indicator because the valve was effectively
clamped at the upper end of the stem. The expansion therefore caused the actual
lift for hot runs to be greater than the lift of the corresponding cold runs. The
expansion of the head and stem from the top of the transite section to the valve
face was thus measured directly in a separate bench test. The test was run with
air flowing over the valve and the heat supplied by the valve heater. The coeffici-
ent of linear expansion was found to be 10.3 x 10- in./in./F.

am#
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DISCUSSION OF RESULTS

The effective flow area for each cold run was calculated from Eq. 1 with AF 1.
For A~P ranging 20-40 in. of water, the effective flow area wzithout heat transfer was
found to be independent of AP.

The values of the effective flow areas for the flows with valve heating w~ere
calculated also using Eq. 1. Thus the heat transfer 'effects were lumped along with
frictional effects into the effective area values, The hot and cold effective areas
were then compared after correcting the hot lift values for linear expansion. Figure
4 shows that the per cent change in flow area caused by heating was essentially in-
dependent of AP at a given lift and power input. Figure 5 shows the per cent change
in effective area caused by heat transfer. Figure 6 is a replot of Figure 5 with,
lines of constant lift. The lines of constant lift-are almost linear so that

(2)

where
A =Effective cold flow area
ec

A = Effective hot valve flow area

x A divided by the value of A at maximum lift
cc ec

Q=Heat transfer rate from the back of valve, Btu/sec

Although the experiment was designed to give data on flow rates, it also can
be used to obtain some crude estimates of convective heat transfer coefficients for
the back of the valve. 'Unfortunately, the valve surface temperature distribution
was unknown as was the local gas temperature. However, some estimates may be ob-
tained using a lumped parameter resistance for the valve and taking the valve sur-
face temperature, the gas temperature, and the convective heat transfer coefficient
each to be an average cons-tant value. An energy balance then gives

(K IA8 IL )(2' -2') (3)

where:

h =Average heat transfer coefficient

A* Area of the backface of the valve

2'a Average temperature of the surface area A

* ' Bulk gas temperature

X Thermal conductivity of the valve

=V Average conduction path between surface and valve face
center where temperature was measured to be

The bulk gas temperature is given by

7' 2' + Q/(2k0  (4)
9 0 P

where:

To Gas temperature upstream of the heated section
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Solving for h and eliminating Ta we obtain the Nusselt number,

Nu = = 1 Kg+ (5)
A a (T V 0.F 9) + 4L/X

where:

X Thermal conductivity of the air evaluated at the bulk
g gas temperature

DH = Ds - D 2

D1 = VD 2e- 4Ae/af
a eh

D = Diameter of seat insert at the entrance

A Reynolds number for the flow may be defined as

Re = DHvAeh (6)

where:

V Viscosity of the air evaluated at the bulk gas temperature

Figure 7 is a log-log plot of Nu versus Re. The data fall on a straight line

which was least square fit to give

Nu = 1.012 x 10-4(Re) 1 , 2 7  (7)

This result is unusual in that for most cases of turbulent flow over heated
objects, Nu is proportional to the 0.8 power of Re. The reasons for this differ-
ence may be attributed to the fact that the flow is accelerated as it passes over
the back surface of the valve and that the hydraulic diameter used here is smaller
than an average hydraulic diameter for the flow region. The data used for the cor-
relation are given in the Appendix.

Turning now to the cycle simulation, Eq. 2 was fit to the data and used in the
simulation program described in Ref. 1. A comparison of calculated volumetric ef-
ficiencies with and without the reduced effective flow area showed that the volumet-
ric efficiency was not changed by the reduction of flow area caused by heat transfer.
The pumping mean effective pressure was about 1% higher when the valve area correc-
tion given by Eq. 2 was used.

The cylinder pressure was reduced slightly during the first portion (about 40
engine crankangles) of the inflow but this. effect was overcome during the rest of
the inflow because the correction factor is unity for large lifts. One should also
note that the effect of backflow through the valve plays an important part in deter-
mining the effect of the correction factor. The correction factor is most important
during the low lift portion of the flow, but if backflow occurs during this time the
effect is negated since it was assumed that valve heat transfer had no effect on
backflow. For the case studied this was particularly true for the valve closing pe-
riod. The backflow started just slightly after the correction factor began to devi-
ate from unity so that the correction had essentially no effect on the flow during
valve closing.
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In the cycle calculation which was run the valve lift was corrected for dynamic
and thermal expansion effects. In particular the thermal expansion effects can be
most important in that they change the effective valve timing at least for overhead
valve engines. In the experiments conducted on the bench rig the expansion effects
were large enough to more than compensate for the effect of the heat transfer to the
air.

While the above results would tend to indicate that the effects. of valve heat-
ing on the flow are small, one must not make this hasty conclusion. The intake valve
for the particular engine simulated is somewhat oversized so that a reduction in flow
area had only a small effect. For an engine with a smaller than ideal valve, the
effect could be important.
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APPENDIX

DATA USED FOR HEAT TRANSFER CORRELATION

As = 6.0 in. 2.

op = 0,240 Btu/lbm,F

D = 1.625 in.

kg = 0.0154 Btu/hr ft, F

kv = 25 Btu/hr ft, F

210 =.77 F

p = 0.04624.lbm/ft hr

LV = Average length from valve centerto valve backface, estimated from
the design drawing to be 0.5 in.

Mm Ah T v
Run lbm/hr in.2  watts F Nu RDH

8.10 63.6 0.084 100 316 6.9 6530

8.22 98.1 0.130 100 305 11.1 10100

8.31 116.3 0.176 200 552 14.3 12080

9.02 132 0.175 100 301 15.2 13700

9.08 187.8 0.342 300 727 31.1 19900

9.11 224.9 0.339 200 471 34.1 23900

11.02 311 0.566 300 256 65.1 34200

11.07 374 0.563 200 397 73 41000

12.04 423 0.560 100 530 77.3 46300

13.15 420 0.760 100 245 96.9 47550

13.12 500 0.753 200 380 106.6 56500

13.09 569 0.754 300 477 123 64320

13.27 660 1.199 100 230 182.5 81300

13.24 800 1.193 200 337 219.3 98500

13.33 780 1.415 300 478 263.8 101400
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Experimental Instantaneous Heat Fluxes
in a Diesel Engine and Their Correlation

T. LeFeuvre, P.S. Myers and O.A. Uyehara
Mechanical Engineering Dept.

University of Wisconsin

ABSTRACT

By the use of surface thermocouples to measure instantaneous temperatures, the
instantaneous heat fluxes are calculated at several positions on the cylinder head
and sleeve of a direct injection diesel engine for both motored and fired operation.
Existing correlations are shown to be unable to predict these data.

An analysis of convective heat transfer in the engine leads to a boundary layer
model which adequately correlates the data for motored operation. The extension of
this motored correlation to fired operation demonstrates the need for instantaneous
local gas velocity and temperature data.

INTRODUCTION

The design of internal combustion engines is necessarily becoming more scien-
tific as the standards of performance, economy, and pollution control are increased.
One manifestation of this trend is the increasing use of mathematical simulation as
a design and development tool. However, an engine design based on a mathematical
model is no better than the assumptions in the model. Both Borman (l)* and McAulay
(2) noted that, along with other information, a knowledge of the instantaneous heat
transfer to the cylinder surface is necessary in order to formulate an accurate
model of engine processes.

The instantaneous heat fluxes at the surface of the cylinder wall (either head,
valve face, piston face,. or cylinder sleeve) have historically been expressed with
the use of surface heat transfer coefficients, that is.

where
t time

q(t) - wall surface heat flux

h(t) - heat transfer coefficient
(Tgt) - mass-averaged gas temperature

9
(t) - wall surface temperature

It should be noted that for a clean metal wall Tr(t) is relatively constant with
time and, therefore, is often considered constant. For simplicity the modifier (t)
will be dropped for all of the quantities.

Nusselt (3), Eichelberg (4), Pflaum (5), Annand (6), Woschini (7), and numerous
other authors' have presented expressions which can be used to determine h(t) in
Eq. (1). In general, these expressions, or correlations, have been ones which re-
lated the surface heat transfer coefficient, h to the properties of the working
fluid (that is, Pg,Tg,kp, etc.).
*Numbers in parentheses designate References at end of paper.
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The majority of the correlations proposed to date are not based on instantane-
out; data, either at a point or averaged over an area, but on time-averaged data
often obtained from an energy balance on the engine. Eichelberg did have access to
Hug's (8) data which was obtained using subsurface thermocouples from a large, low
speed, naturally aspirated diesel engine.

Nusselt showed that the pressure-temperature term in his correlation was .a free
convection relationship. Eichelberg, Pflaum, and others have used modifications of
this free convection form to describe the forced, convection heat transfer in an en-
gine cylinder. The analyses of Annand and Woschini are examples of several attempts
to characterize engine heat transfer by dimensionless parameters. However, the lack
of experimental data has precluded the construction of conceptual models of instan-
taneous heat transfer in engines.

In light of the previous discussion and as part of a continuing program of re-
search on the phenomena occurring in internal combustion engines, the authors have
conducted a study of the instantaneous surface-heat transfer in a direct injection
diesel engine. Since there was a severe lack of experimental data, instantaneous
heat fluxes were obtained at several positions on the cylinder head and sleeve under
both motored and fired operation. Part 1 of this paper summarizes the experimental
program and the data obtained.

The next logical step in the program was to compare the experimental data with
already proposed correlations. This phase of the program is covered in Part 2 of
the paper. Since the agreement found in Part 2 was not satisfactory, a detailed
theoretical investigation of the mechanisms of surface heat transfer was conducted
with the experimental data serving as a guide and comparison,

Part 3 of the paper reviews the theoretical considerations involved in correlat-
ing surface heat transfer in diesel engines and emphasizes the areas where further
study and data are needed.

EXPERIMENTAL PROGRAM AND RESULTS

The engine, instrumentation, and processing techniques used in this study have
been described in detail by LeFeuvre (9). Two other publications, Shipinski (10,11)
describe the results of a study of engine heat release run concurrently and employ-
ing the same instrumentation system. A brief review of this system is given in the
following paragraphs.

EXPERIMENTAL APPARATUS AND PROCEDURES ... Instantaneous wall temperatures were
measured using a Bendersky (12) type surface thermocouple. The instantaneous sur-
face fluxes were then calculated using the measured instantaneous temperatures,
Because of the spacial, temporal (during one engine cycle), and cycle-to-cycle vari-
ations in surface temperature (and hence surface heat flux), it was felt that a
large quantity of data (over 10' points) had to be examined if meaningful and sig-
nificant results were to be obtained. Thus a high speed, multichannel, data record-
ing, reduction, and processing system was developed. The block diagram of this sys-
tem is shown in Fig.. 1, while LeFeuvre (13) gives complete specifications.

The engine was a 4-stroke, direction-injection, single-cylinder diesel engine
with a 4.5 in. bore and stroke. Shipinski describes the engine, dynamometer, and
systems for obtaining performance data such as speed, power, air and fuel consump-
tion, heat balance, intake and exhaust temperatures and pressures, etc.

The primary transducers for the determination of surface heat flux are the sur-
face thermocouples as illustrated in Fig. 2. The thermocouples are of the plated
Junction design used by Overbye (14,15), Bennethum (16), and Ebersole (17). The
thermocouples used were in the form of a 2-56 screw. Since the major portion of
the thermocouple probe was iron, the disturbance to the heat transfer pattern was
kept to a minimum. When flush mounted, the thermocouple junction temperature was
considered to be the true surface temperature.

During the course of the work, thermocouples were installed in a total of nine
locations in the engine head deck and sleeve. These locations are shown in Fig. 3.
For all of these locations, except at TC-9, the heat flux in the cylinder wall could
with good accuracy, be considered to be one-dimensional. A schematic of a thermo-
couple circuit used is shown in Fig. 4. Since data from up to eight thermocouples
were recorded simultaneously, there are eight units in many of the blocks of Fig. 4.
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The temperature of the wall-coolant interface was constant during each test and re-
corded by the multipoint recorder 0-.* The time-averaged value of the instantane-
ous temperature difference through the wall was measured by a light beam galva-
meter C2)

The conditioning step of Fig. 1 consists primarily of amplification and biasing.The fixed gain amplifiers C) had low noise, wideband high-gain amplification. It
was desired to modulate the tape recorder with only the oscillatory component of the
surfdce temperature. Thus the average value was biased out ( . The variable gain
amplifirs 5 permitted optimum modulation of the tap-e recorder. A d-c calibration
signal was recorded at the start of each data recording.

The magnetic tape recorder was a fully transistorized, 14-channel, 8-speed,
high-performance machine of modular design and capable of frequency modulated (fin)
or direct (dr) record/reproduce operation with a maximum tape speed of 120 in./sec.
The data recorded during an engine run included cylinder pressure, crank angle (CA)
indication at every degree of crank rotation, a pulse indicating piston top-dead-
center (TDC), and eight surface thermocouple signals.

In most previous data handling systems it was necessary to manually scale the
analog data. This drawback was overcome in the authors' system by using the analog-
"to-digital (A/D) conversion capability of a hybrid computer.

The analog signal representing pressure or temperature was played back from the
tape recorder at 1/1G record speed to the hybrid computer and digitized at every CA
for 50 cycles. An average cycle of pressure or temperature variation was then de-
termined and written onto magnetic tape in digital form for subsequent processing.
The averaging of a number of engine cycles served two purposes. First, cycle-to-
cycle variation was eliminated to arrive at an average pressure-time or temperature-
.time curve. Second, random noise, introduced by the various electronic components,

* was attenuated by the factor I/VN, where N is the number of cycles averaged .from
Betinett (18). This was particularly critical for the heat release studies as out-
lined in Shipinski (10).

Since the heat transfer in the cylinder wall at the thermocouple locations was
one-dintonsional, the instantaneous heat flux was calculated as outlined by Carslaw
(19) and Ovcrbye (15). The method involves the representation of the surface tem-
perature by a Fourier series and the use of this series in a superposition solution
of the partial differential equation governing heat conduction through the cylinder
wall. This solution was carried out on the digital computer and the results ob-
tained in both tabular and graphical form.

EXPERIMENTAL RESULTS ... The following paragraphs contain a discussion of the
experimental data. Some results are presented graphically in this section, typical-
ly with data from TC-l. However the data are quite extensive and space makes it
impractical to put all the data in this paper. Table 1 shows the conditions studied.
Mass-averaged temperature-time data have been computed for the runs marked with an
asterisk (*). Copies of these digitized data, including instantaneous gas pressure
and temperature and heat fluxes at five thermocouple positions, may be obtained by
writing to the authors at the University of Wisconsin and paying a nominal reproduc-
tion fee.

One engine operating condition (Table 2) was defined as the standard operating
condition (SOC) and repeated several times during the course of the experiments.
For all subsequent figures, any variable whose value is not specified may be assumed
to be at the vd]ue shown in Table 2. A comparison of the data obtained during these
repeated SOC runs gives an indication of the reproducibility of the data. This is
illustrated in Fig. 5, which shows instantaneous surface heat flux at one position
on the cylinder head for five different engine tests at the same operating condi-
tions. In general, the reproducibility of the data was very good on the cylinder
head, whereas data from the cylinder sleeve indicated moderate scatter.

Figure 6 shows the surface temperature-time curves for five different thermo-
couples for SOC operation. Note that the temperature axis is broken at several
places to permit inclusion of all five curves on the one graph at a uniform scale,
namely 10 F/div. The temperatures at TC's 3, 4, and 8 at CA = 0 are in parentheses.
The surface heat flux histories corresponding to the temperature histories of Fig.
6 are shown in Fig. 7. Note that the peak instantaneous heat fluxes to the cylinder.
*Numbers in circles designate components shown in blockdiagrams, Fig. 4.
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head can be 10 times the time-averaged values. The peak instantaneous flux at TC-l
was typically twice that at TC-2 for fired operation. With the exception of the
time-averaged data from TC-3, the instantaneous and time-averaged heat fluxes de-
crease at lower positions on the sleeve for fired operation. The exception at TC-3
is attributed to the ineffectiveness of an improvised coolant passage near TC-3.

It is evident from Fig. 6 that the passage of the piston rings over TC's'4 and
8 cause rapid temperature rises. This effect was particularly interesting at TC-4
as shown in Fig. 8. Note that five spikes are generated during the compression-ex-
pansion process compared to six spikes during the exhaust-intake process. Theoreti-
cally the thitd piston ring should cover, but not go above, TC-4 at TDC. Six spikes
occurred during the compression-expansion process only when the intake density ratio
(P/P0) was reduced to unity, either for motored or fired operation.

The effects of four operating parameters on the surface heat flux were investi-
gated, where applicable, under both motored and fired operation. These parameters
are speed, equivalence ratio, injection advance, and intake density ratio. The
authors do not wish to imply that surface heat flux depends only on the levels of
these four parameters. These parameters were selected on the basis of the physical
capabilities of the equipment available. The variations of surface heat flux with
changes in each of the four parameters are discussed in subsequent paragraphs.

Over the speed range of 1.000-2500 rpm, both motored and fired, the instantaneous
and time-averaged surface heat fluxes generally showed an increase with increasing
speed. This trend is most evident near TDC during the compression and expansion
processes, as shown in Fig. 9. Note in Fig. 9 that the peak heat flux at TC-l is
higher at 1000 rpm than'at 1500 rpm. This is an exception to the above generaliza-
Lion on the heat flux-speed trend. This exception occurred for both motored and
fired operation but only at TC-I. The question as to whether this exception is phys-
ically significant, or whether it is due to experimental error, could not be an-
swered.

The effect of equivalence ratio on the instantaneous heat flux at TC-l is shown
in Fig. 10. Both instantaneous and time-averaged heat fluxes were increased by an
increase in equivalence ratio.

The cylinder head thermocouples indicated increased heat flux at TDC with in-
creasing injection advance, as shown in Fig. 11. However, the heat flux at about
20 deg CA ATDC decreased with increased injection advance, even though the mass-
averaged temperature and pressure increased. The effect of injection advance on
surface heat flux was shown to be small for the sleeve thermocouples. Most of the
thermocouples indicated an increased time-averaged heat flux as injection advance
was increased.

In general, an increased density ratio resulted in increased heat fluxes, as
shown in Fig. 12. This generality applied for both instantaneous and time-averaged
values at all thermocouples for several density ratios, with one interesting excep-
tion. At naturally aspirated (p/p0=1) operation, the instantaneous heat flux values
at both TC-l and TC-2 on the cylinder head were higher near TDC than those at higher
density ratios (see Fig. 13). Yet the time-averaged values followed the above-men-
tioned general trend. Apparent pressure oscillations (Fig. 14), which may have been
gas pressure oscillations, could account for the increased heat transfer, but the
origin of the apparent pressure oscillations could not be proven.

OBSERVATIONS ON THE EXPERIMENTAL RESULTS ... For fired operation the heat flux
was greater at TC-I than at TC-2. However, as shown in Fig.. 15, this situation was
reversed for motored operation. Notice that the thermocouple at the larger radius,
TC-2 at r, = 0.9 B/2, indicated a higher heat flux than TC-l for motored operation.
The existence of the relatively higher heat flux at TC-2 for motored operation is
shown in Part 3 to be compatible with a swirl-initiated-boundary-layer model of cyl-
inder head heat transfer.

since the gas temperature and pressure histories on a CA basis are not signifi-
cantly affected by a variation of engine speed, the increase in heat transfer with
speed must be attributed to velocity and rate effects. Certainly the average gas
velocity would be higher at increased engine speed. Moreover, the rate of compres-
sion of the thermal boundary layer is higher at the engine speeds. Since both of
these factors contribute to surface heat trnasfer, one would expect higher fluxes a
the higher speeds.
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One would expect that, during the intake stroke when the bulk-gas temperature
is less than the cylinder wall temperature, the direction of heat transfer would be
from the wall to the gas, or, negative heat transfer. Generally the thermocouples
on th.a sleeve show this effect. However, the cylinder head thermocouples show posi-
tive heat transfer throughout the cycle for fired operation. This indicates that
the mass-averaged gas temperature may not be representative of the gas temperature
for heat transfer calculations over at least part of the cycle during fixed opera-
tion.

PREVIOUSLY PROPOSED CORRELATIONS

As noted before, many previously proposed correlations were based on time-aver-
aged data. The extent to which these correlations can be used to predict the instan-
taneous heat fluxes in a modern, high-speed, supercharged engine as used in this
study is certainly of interest.

The cylinder hoad and piston surfaces are exposed to the cylinder gases through-
out the complete cycle. During the compression and expansion processes, particular-
ly near TDC, the cylinder sleeve is shielded from the high temperature gases by the
piston. Thus the heat fluxes on the sleeve surface are expected to be less than
those on the head and piston surfaces. This is confirmed by Fig. 7, which shows
that the heat fluxes are generally higher on the cylinder head than on the cylinder
sleeve. The correlations for surface heat transfer already proposed have considered
cylinder head heat transfer almost exclusively. Thus the experimental data from the
cylinder head thermocouples, that is T.C.'s 1 and 2, are used in evaluating presently
used correlations.

Annand gives a very good review of proposed correlations for surface heat trans-
*fer in engines. The extent to which several previously proposed correlations predict
the authors' experimental data is shown in Figs. 16-19. The exact forms of .the cor-
relations used are given in Appendix A. Obviously it would be impractical to com-
pare the experimental data with every correlation proposed heretofore. Those pre-
sented were thought to be the most popular ones.

Note that the existing correlations predict a single heat flux-time curve for
the whole head area. The experimental data from TC-1 and TC-2 show that there is
indeed considerable variation in the surface heat flux over the heat area. Figure
19 shows that the Eichelberg's empirical relationship does a poor job of predicting
motored heat transfer.

In general, none of the correlations used in Figs. 16-19 provides a good fit
of the data from either of the thermocouples installed in the cylinder head. It is
interesting to note that all of the correlations presented give a peak in the heat
flux-time curve at about 190 deg CA for fired operation. The experimental data,
particularly TC-I, show a heat flux peak around 200 deg CA, over a wide range of
operating conditions as seen in the figures of Part 1.

ANALYSIS OF ENGINE HEAT TRANSFER
AND DATA CORRELATION

Since none of the previously proposed correlations adequately predicted the ex-
perimental data, it was decided to next conduct a detailed, theoretical, study of
heat transfer in an engine. At the least, such a study should delineate additional
information needed and conceivably could lead to a new and better correlation.

Heat transfer in an engine is a complicated problem. Ebersole (17) presents
data to show that radiant heat transfer is important, while Woschini (7) argues .bat
it is negligible. Semenov (20) has experimentally demonstrated the existence of a
boundary layer on the cylinder heat but the relationship between this boundary layer
and ordered and random gas velocities has not been established. Appendix B contains
a discussion of ordered gas velocities in a motored engine and categorizes the ve-
locities as either intake or piston related. The boundary layer has thermal capaci-
ty and in addition is compressed and expanded by the piston and the combustion proc-
esses with a consequent effect on heat transfer, Wendland (21).
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An experimental investigation aimed at evaluating instantaneous radiant heat
transfer in a diesel engine is currently in progress at the University of Wisconsin.
Because of this and because of the disagreement as to the importance of radiant
transfer, this study concentrated on the conductive aspects of heat transfer in an
engine.

The heat transfer for motored operation is relatively simple compared to the
situation for fired operation. For motored operation, where there is no combustion,
the radiant component is negligible and gas motions caused by combustion are not
present. Thus the first step in correlating the experimental data is to formulate
a correlation of the motored heat transfer. If this motored correlation can be ex-
pressed in a correct fundamental form, it should be adaptable to fired operation.

As already noted, Fig. 7 shows that the heat fluxes measured on the cylinder
head are larger than those on the sleeve. In fact the time-averaged fluxes on the
cylinder head are generally four times the time averaged values on the sleeve even
though there is friction heating of the sleeve by the piston rings. The convective
heat fluxes to the piston should behave similarly to those on the cylinder head.
Thus in the following discussion, heat transfer to the cylinder head will be consid-
ered almosL exclusively. Comparisons between theory and experiment will utilize the
experimental data from the thermocouples in the cylinder head, that is, TC'S 1 and
2.

CONDUCTION-COMPRESSION MODEL OF HEAT TRANSFER IN THE MOTORED ENGINE ... In an attempt
to delineate the significance of the various factors, the authors used a one-dimen-
sional conductive-compressive heat transfer model, called the Adiabatic Plane model
by Wendland, are:

1. The system is one-dimensional.
2. The gas is ideal.
3. The cylinder pressure is a function only of time and not of position.
4. A plane midway between the piston and the cylinder head is an adiabatic

plane.

The gas mass between the head (or the piston) and the adiabatic plane is divided in-
to a nwumber of constant mass elements. Energy transfer between adjacent elements
is by work or conduction heat transfer. A system of energy balances, one for each
element, is solved to yield the temperatures of all the elements at some point in
time when the temperatures were known at the previous point in time.

A gas temperature profile was assumed at the intake valve closure (50 deg CA).
This assumed profile, in conjunction with the known trapped mass, and the experimen-
tally determined cylinder pressure were submitted to a computer program containing
the governing equations of the Wendland model. The choice of any reasonable initial
temperature profile was found to have a negligible effect on the resultant heat flux
at the gas-wall interface.

The results of using the conduction-compression model to predict surface heat
flux in the authors' engine are summarized in Fig. 20. The use of pure conduction
energy transfer between adjacent mass elements resulted in approximately 20-25% of
the peak experimental valve.

It was expected that in the engine the effect of free stream turbulence was to
increase the effective conductivity of the gas through eddy conductivity, from Bird
(22). The temperature gradient would be very low, not just at one plane (the adia-
"batic plane in Wendland's analysis) but over a region in the center of the gas.
Thus the "adiabatic plane" could be considered to be closer to the wall than in the
molecular conduction case. In an attempt to simulate free stream turbulence, the
gas conductivity was increased by a factor of five everywhere but at the gas-wall
interface. This resulted in a prediction of a peak flux 35-50% of the experimental
value.

The conduction-compression model does not provide a good fit of the motored ex-
perimental data as seen in Fig. 20. Apart from the fact that the predicted heat
fluxes are considerably lower than the experimental values, the model does not pro-
vide any means of predicting the different heat fluxes at TC's 1 and 2. Gas veloci-
ties parallel to the cylinder head surface are expected in the engine used in this
study. Moreover, these velocities may not be the same at the two thermocouple
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positions. Thus it is felt that the weak point in the application of this model to
the authors' engine is the ignoring of these gas velocities parallel to the head and
piston surfaces. The model does incorporate the effects of pressure work and vari-
able density in the boundary layer, but the thickness of the boundary layer is not
controlled by a gas flow parallel to the surface as in the engine. Figure 20 shows
that the conduction-compression model does predict the rapid decrease in surface
heat flux early in the expansion stroke which is evident at ryC-2. Negative heat
flux early in the expansion process (30 deg ATDC) was measured experimentally by
Wendland, and the conduction-compression model is the only one which predicts nega-
tive flux when the mass-averaged gas temperature is higher than the wall temperature.

Although the conduction-compression model predicted 50-75% of the experimental-
ly measured heat flux in Wendland's study, an essentially identical model predicted
al~most.100% of the experimental value in a study by Goluba (23). Goluba measured
the instantaneous surface heat flux at the stagnation point of a flow experiencing
high-amplitude pressure oscillations. Using the same first three assumptions men-
tioned above, Goluba formulated the model in a different mathematical expression and
achieved excellent agreement with his experimental .data.

BOUNDARY LAYER MODEL OF HEAT TRANSFER IN MOTORED ENGINE ... The concept of a
boundary layer existing bretween the free stream fluid flow and some relatively sta-
tionary object was introduced by Prandtl in 1904. This concept has proven to be an
extremely uscful one for the study of both laminar and turbulant convective heat
transfer. However, in general, the problems considered have been steady state ones,
that is, where the boundary layer thickness at a point is constant with time. In
the present case, the boundary layer thickness is expected to change throughout the
engine cycle. Thus, the first point to be considered is whether or not this steady
state type of model is applicable to the unsteady heat transfer in engines.

Moore (24) shows that the time for a change in the freestream conditions to
diffuse through a laminar boundary layer is approximately equal to 62 /v, where 6 is
the boundary layer thickness, and v the momentum diffusivity in the boundary layer.
If this diffusion time is small, relative to other significant times in the problem,
the boundary layer may be considered quasi-steady. That is, at any instant of time
the boundary layer would be that associated with the conditions existing outside the
boundary at that instant. For the present purpose, if this time is shown to be about
1 deg CA, the boundary layer was considered to be quasi-steady.

In Appendix B it is shown that the gas flow parallel to the head and piston
surfaces is generally turbulent. Also, it is shown that the most significant gas
velocity is probably a swirling one whereby the bulk of the cylinder gas can be con-
sidered to be in solid body rotation. Using this model, an analysis of Hartnett (25)
may be applied to determine the turbulent boundary layer thickness. This calcula-
tion yields a turbulent boundary layer thickness on the head and piston of approxi-
mately 0.01 in. near TDC during the compression and expansion process. The thick-
ness, which is representative of 6 for this turbulent boundary layer, is determined
by assuming a 1/7 power law velocity distribution and that the velocity achieves 50%
of its maximum value in the region of the boundary layer which presents the greatest
resistance to diffusion. Both of these assumptions are approximations, of course,
but suffice for present purposes. Having determined this effective value of 6, the
diffusion time is found to be approximately 0.5 deg CA at the SOC.

Alternatively, the conduction-compression model could be applied to furnish an
estimate of the boundary layer thickness. From this model one obtains an estimate
of the diffusion time of 10 deg CA at 2000 rpm. Since the model predicts less than
50% of the experimental heat flux, a reasonable estimate of the actual diffusion
time from the conduction-compression model would be about 2.5 deg CA if the model
predicted 100% of the experimental value.'

On the basis of the above two estimates of the diffusion time, the authors feel
that the assumption of a quasi-steady boundary layer is justified.

Either the partial differential energy equation or the Buckingham Pi theorem
may be used to generate the significant dimensionless parameters to be used in a
correlation for the surface heat transfer. The details of the former approach are
given by LeFeuvre (13). Both approaches give rise to rate dependent parameters
which distinguish the unsteady situation in the engine from the classical steady-
state situations. However, as shown above, the unsteady heat transfer in the engine
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from the classical steady-state situations. However, as shown above, the unsteady
heat transfer in the engine may be considered to be quasi-steady. Thus as a first
approximation, the rate dependent, dimensionless parameters are no't included and a
correlation of the standard form,

Nu = f(Re,Pr) (2)

is appropriate.

From Eq. (2) it is seen that if a correlation containing some special variation
is to be developed, the significant velocities and/or significant distances must be
spacially dependent. The other significant quantities involved are essentially all
functions of the gas temperature which must be determined from the cylinder pressure
and density which wu have assumed to be spacially independent.

For motored operation the instantaneous heat fluxes at TC-2 are higher than
those at TC-1 (see Fig. 15). On the basis of a boundary layer concept this differ-
ence in heat fluxes could result from different boundary layer thicknesses since sig-
nificant gas temperature gradients parallel to the cylinder head and piston surface
are riot expected in a motored engine. Thus, different boundary layer thickness re-
sulting from different velocities appear to be the only reasonable explanation of
the differences in the heat fluxes between TC-I and TC-2.

A detailed discussion of the significant distances and velocities to be used
Eq. (2) in the correlation of the motored data is given in Appendix B. Briefly, for
an open-chamber engine with moderate swirl, the significant distance for any posi-
tion on the cylinder head (or piston) is taken to be the radial distance from the
center of the bore. Also the significant velocity is considered equal to rw, where
w represents the angular velocity resulting from intake-induced swirl. The assump-
tion of a constant value for w throughout the cycle is discussed in Appendix B. The
Reynolds number in Eq. (2) is the same as that used in the correlation of friction
factors and heat transfer coefficients in rotating flow systems, namely:

Re = -- (3)
V

where:
S= radius, here measured from the cylinder bore axis,

w = angular velocity of the cylinder gases, and

v = kinematic viscosity

For rotating systems, Dorfman (26) has shown that

Nu = a Re • OPr * 3 (4)

Equation (4) may be rearranged to determine the film cooefficient h which may then
be substituted into Eq. (1) to calculate the surface heat flux as:

q(t) = a k Re(t) • SPr(t) S3(!g(t)-T() (5)

A least-squared error fit of the data from the motored engine using Eq. (5)
predicted a value of 0.047 for "a". The fit was made at the SOC (motored) and the
results are shown in Figs. 21 and 22. The gas properties were calculated at the
average boundary layer temperature, the significant gas velocity was the swirl ve-
locity, and the significant distance was the radius to the thermocouple position
from the bore axis.

The agreement between the experimental data and the prediction from the corre-
lation, Eq. (5), is quite good during the compression and expansion processes, al-
though there is a small phase difference near TDC as indicated in Fig. 22. However,
the fit is considered adequate since the motored correlation is not an end in itself,
that is, the object in correlating the motored data is to describe the convective
portion of the surface heat flux and then to apply this correlation to fired data.
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The correctness of the speed dependency, (r,)0 8, of Eq. (5) is evident from
Fig. 23 where the predicted and experimental fluxes are shown for four engine speeds
for four engine speeds for TC-l. The agreement between the model and the experimen-
tal data is better at TC-2 as the 1000 rpm singularity (Fig. 9) was not evident at
TC-2.

The mass-averaged gas tempoerature-time history is essentially independent of
p/Pa. Thus at any instant for two different values of P/Po, the ratio of the two
heat fluxes predicted by Eq. (5) is the same as the ratio of the two values of P/Po
to t|e. 0.8 power. Figure 24 shows the experimental and calculated (Eq. (5)) heat
fluxes at TC-i for four different intake density ratios. The calculated values at
P/P0 = 1, 1.5 and 2.5 were found from the values at p/p0 = 2 by using the ratios of
intake densities to the 0.8 power.

EXTENSION OF TIHE MOTORED BOUNDARY LAYER CORRELATION TO FIRED OPERATION ... The
correlation in Eq. (5) is shown to predict the motored data with moderate success.
Gas velocities arising from combustion and radiation effects are expected to augment
the predicted heat flux in the fired case. The correlation is for convective heat
transfer and thus would not be expected to predict the total heat flux under fired
operation. However, as an aid in furthering our understanding of heat transfer in
the .fired engine, the motored correlation, Eq. (5), was used to predict the fired
heat transfer at TC's 1 and 2, and the results are presented in Figs. 25 and 26.
The agreement between the correlation and the data is fair at TC-I and poor at TC-2.
The correlation predicts a convective flux greater than the total experimental heat
flux for portions of'the cycle, particularly at TC-2.

Note that the heat flux predicted by Eq. (5) is larger than the experimental
value in Fig. 25 from 15 deg CA ]TDC to 15 deg CA ATDC. Recall that many of the
previous correlations reviewed (Figs. 16-19)*show a similar tendency. From Fig. 27
.it is sten that thc motored and fired heat fluxes at TC-I are approximately equal
for CA < 185 dog. Note, however, that the mass-averaged gas temperature and pres-
sure for fired operation, are significantly different than the motored values for
CA > 170 dog. Thus the correlation, Eq. (5), as based on the mass-average gas prop-
erties, could not be expected to predict the apparent lag between the surface flux
and the mass-averaged gas properties. These remarks apply equally to the flux at
at TC-2 the flux prediction from Eq. (5) shows a greater error at TC-2 than at TC-I.

The combustion in the engine originates somewhere in the combustion chamber
raising the temperature locally and the pressure uniformly throughout the cylinder.
This is in line with the assumption of uniform pressure in the cylinder which is
valid for most operating conditions. The assumption of uniform gas temperature
throughout the cylinder and the use of this mass-averaged temperature as the source
temperature for heat flux to the cylinder walls is questionable. In fact,. until the
flame actually reaches the boundary layer, the boundary layer temperature history is
probably close to the temperature history under motored operation. However, the
temperature gradient at the wall in the fired case would be greater than in the mo-
tored case because of the increased compression due to combustion.

In order to test this theory, the correlation from Eq. (5) was used to predict
the surface heat flux for fired operation but the gas temperature used was that for
motored operation. The results are shown in Figs. 28 and 29. Poor agreement will
be noted for TC-1 and fair agreement for TC-2.

Due to the offset position of the combustion chamber and to the valve cutouts
in the piston, there should be considerable motion of the flame and unburned fuel
into the area between TC-l and the No. 2 pressure pickup hole. (see Fig. 3). This,
no doubt, produces appreciable gas velocities near TC-l. Figure 3 shows that TC-l
and TC-2 are approximately equidistant from the combustion chamber formed by the
cavity in the piston. While the flame is concentrated in the cavity both TC's
should receive equal heat flux by radiation. However, later burning is more likely
to be symmetrical about the bore axis and TC-1 should receive a greater radiant flux
than TC-2. Thus both radiation effects and gas velocity effects contribute to the
higher peak flux at TC-I at about 20 deg CA ATDC.

To be able to predict the total experimental heat flux for any position on the
cylinder head or piston, it apparently is necessary to use the actual gas velocities
and gas temperatures in Eq. (5). Furthermore, a separate term may be necessary to
account for radiation. At present the necessary data are just not available to make
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any more than the roughest estimate of these influences and thereby achieve a fit of
the data. A current study at the University of Wisconsin should provide the first
experimental data on instantaneous radiant heat transfer in the engine. With this
data one of the two presently unknown combustion related terms, that is gas velocity
and radiation, would be known. Then a more logical estimate of the gas velocity
term should be possible.

CONCLUSIONS

The comparisons between the experimental data presented in this paper and the
heat fluxes calculated using present correlations have shown that these correlations
provide at best only an approximation to the data. The use of average piston speed,
cylinder bore, and mass-averaged gas temperature in correlations for the instantane-
ous surface heat fluxes precludes the prediction of the spacial variation shown by
the experimental data.

A study of the spacial and temporal variations in gas temperature and velocity
(both motored and fired) is necessary if one wishes" to improve on the boundary layer

models proposed by Sitkei (27), Annand, Woschni, and the present authors. Given the
results of such a study, the authors suggest that this information should be incor-
porated into a boundary layer model as proposed in this paper. With an allowance
for radiation (hopefully forthcoming from a current study at the University of Wis-
consin) this improved correlation should furnish a better prediction of the data pre-
sented in Part 1 than is possible at present.

As mentioned in Part 3 the boundary layer models essentially ignore the effects
of compression work in the boundary layer. Thus even an improved correlation incor-
porating instantaneous local gas velocities and temperatures cannot be expected to
provide a complete picture. It may be necessary to combine the features of the con-
duction-compression and the boundary layer models. Some of the data of Part 1 sug-
gest this combination.

Recall that the conduction-compression model predicted a rapid decrease of sur-
face heat flux early in the expansion stroke as seen in Fig. 20. Note from Fig. 11
that the flux at 20 deg ATDC is much lower for the 30 deg injection advance run than
for the 10 deg advance run, even though the gas temperature and pressure are higher
at this point for the 30 deg advance run, LeFeuvre (1968-b). At 20 deg ATDC the 30
deg advance run has already experienced 35% of its pressure decrease (expansion)
compared to 15% for the 10 deg advance case. Hence, by application of the conduc-
tion-compression model a lower heat flux might be expected.

The above reasoning follows from a conceptual combination of the conduction-
compression and boundary layer models. Analytical work leading to a mathematical
expression of this combination should prove to be interesting and profitable.

ACKNOWLEDGMENTS

The authors thank the United States Army Tank and Automotive Command for their
continued interest in, and support of, diesel engine research. The scholarship sup-
port from General Motors Corp., Cummins Engine Co., and Caterpillar Tractor Co. is
appreciated. The National Science Foundation provided financial support for the
tape recorder, the hybrid computers at the U.W.C.C.

REFERENCES

1. G.L. Borman, "Mathematical Simulation of Internal Combustion Engine Proc-
esses and Performance Including Comparisons With Experiment." PhD Thesis, Mech.
Engr. Dept., University of Wisconsin, 1964.

2. K.J. McAulay, T. Wu, S.K. Chen, G.L. Borman, P.S. Myers and O.A. Uyehara,
"Development and Evaluation of the simulation of the Compression-Ignition Engine."
Paper 650451 presented at SAE-Mid-Year Meeting, Chicago, May 1965.

3. W. Nusselt, "Der Warmeubergang in der Verbrennungskraftmaschine." VDI
Forschungshaft, No. 264, 1923.

4. G. Eichelberg, "Investigations on Combustion-Engine Problems." Engineering,
Vol. 148, 1939, pp. 463, 547, 603, 682.



299

5. W. Fflaum, "Ileat Transfer in Internal Combustion Engines." Presented at
La Conferenze Internazionale di Termotecnia, Milan, November 1962.

6. W.J.D. Anriand, "Heat Transfer in the Cylinders of Reciprocating Internal
Combustion Engines." Proc. Inst. Mech. Engrs., Vol. 177, No. 36, 1963, p. 973.

7. G. Woschni, "A Universally Applicable Equation for the Instantaneous Heat
Transfer Coefficient in the Internal Combustion Engine." Paper 670931 presented at
SAE Combined National Meetings, Pittsburgh, October 1967.

8. K. Hug, "Messung and Bbrechnung von Kolbentemperaturen in Dieselmotoren."
Mitt. Inst. Thermodyn, Zurich, No. 1, 1937.

9. T. LeFeuvre, P.S. Myers, O.A. Uyehara, and JS. Shipinski, "A Tape Record-
ing and Computer Processing System for Instantaneous Engine Data." Paper 680133,
presented at SAE Automotive Engineering Congress, Detroit, January 1968.

10. J.H. Shipinski, "Relationships Between Rates-of-Injection and Rates-of-Heat
Release in Diesel Engines." PhD Thesis, Mech. Engr. Dept., University of Wisconsin,
1967.

11. J.11. Shipinski, P.S. Myers, and O.A. Uyehara, "An Experimental Correlation
Between Rate of Injection and Rate of Heat Release in a Diesel Engine." ASME Paper
68 DGP-11, to be published in ASME Diesel and Gas Power Proc., 1968.

12. D. Bendersky, "A Special Thermocouple for Measuring Transient Temperatures."
Mechanical Engineering, Vol. 75, 1953, p. 117.

.13. T. LeFeuvre, "Instantaneous Metal Temperatures and Heat Fluxes in a Diesel
Engine." PhD Thesis, Mech. Engr. Dept., University of Wisconsin, 1968.

14. V.D. Overbye, "Variation of Instantaneous Wall Temperature, Heat Transfer,
and Heat Transfer Coefficients in a Spark Ignition Engine." PhD Thesis, Mech. Engr.
Dept., University of Visconsin, 1960.

15. V.D. Overbye, J.E. Bennethun, P.S. Myers, and O.A. Uyehara, "Unsteady Heat
Transfer in Engines, SAE'Transactions, Vol. 69 (1961), p.- 4 61.

16. J.E. Bennethum, "Heat Transfer and Combustion Chamber Deposits in a Spark
Ignition Engine." PhD Thesis, Mech. Engr. Dept., University of Wisconsin, 1960.

17. G.D. Ebersole, P.S. Myers, and O.A. Uyehara, "The Radiant and Convective
Components of Diesel Engine Heat Transfer." Paper 701C presented at SAE Internation-
al Summer Meeting, Montreal, June 1963.

18. C.A. Bennett and N.L. Franklin, "Statistical Analysis in Chemistry and the
Chemical Industry." New York: John Wiley & Sons, 1954.

19. H.S. Carslaw and J.C. Jaeger, "Conduction of Heat in Solids." Oxford:
Clarendon Press, 1959..

20. E.S. Semenov. "Studies of Turbulent Flow." ed. L.N. Khitrin, 1959. Trans-
lated from Russian by Israel Program for Scientific Translations, 1963.

21. D.W. Wendland, "The Effect of Pressure and Temperature Fluctuations on Un-
steady Heat Transfer in a Closed System." PhD Thesis, Mech. Engr. Dept., University
of Wisconsin, 1968.

22. R.B. Bird, W.E. Stewart and E.N. Lightfoot, "Transport Phenomena." New
York: John Wiley & Sons, 1960.

23. R.W. Goluba, "The Effect of Periodic Shock-Fronted Pressure Waves on the
Instantaneous Heat Flux at the End-wall of a Tube." PhD Thesis, Mech. Engr. Dept.,
University of Wisconsin, 1968.

24. F.K. Moore, "Unsteady Laminar Boundary-Layer Flow." NACA TN2471, September
1951.

25. J.P. Hartnett, S.H. Tsai, and H.N. Jantscher, "Heat Transfer to a Noniso-
thermal Rotating Disk with a Turbulent Boundary Layer." Trans. ASME, Vol. 78, Series
C, No. 3, August 1965, p. 363.

26. L.A. Dorfmann, "Hydrodynamic Resistance and the Heat Loss of Rotating
Solids." Translated by N. Kemmer. Edinburgh: Oliver and Boyd, 1963.

27. G. Sitkei, "Beitrag zur Theorie des Warmeuberganges im Motor." Konstruk-
tion, 14, 1962, p. 67.

28. A. Stambuleanu, "Contribution to the Study of the Di~tribution of Heat Trans-
fer Coefficients during the Phase of the Working Cycle of an Internal Combustion
Engine." Third International Heat Transfer Conference, Chicago, 1966.

29. K. Lohner, E. Dohring, and G. Chore, "Temperaturschwingungen an der Innen-
wand von Verbrennungskraftmaschinen." MTZ, Vol. 17, No. 12, December 1956, p. 413-
418.

30. W. Pflaum, "Warmeubergang bei Dieselmaschinen mit und ohne Aufladung." MTZ,
Vol. 22, No. 3, March 1961; Translated in the Engineers Digest, Vol. 22, No. 7, July
1961.

31. N.A. Henein, "Instantaneous Heat Transfer Rates and Coefficients Between the
Gas and Combustion Chamber of a Diesel Engine. Paper 969B presented at SAE Automo-
tive Engineering Congress, Detroit, January 1965.



300

32. C.F. Taylor, "Heat Transmission in Internal-Combustion Engines." Proc.,
General Discussion on Heat Transfer, Inst. Mech. Engrs., London, 1951, p. 397.

33. C.F. Taylor and T.Y. Toong, "Heat Transfer in Internal-Combustion Engines."
ASME Paper No. 57-1IT-17, 1957.

34. A. N;agel, "Heat Transfer in Reciprocating Engines." Engineering, Vol. 127,
1929, pp. 59, 1.79, 279, 466, 626.

35. K. E]scr, "Der InstaLionaire Warmeubergang in Dieselmotoren." Mitt. 'Inst.
Thermodyn, No. 15, Zurich, 1954.

36. B. ILoeffler, "Development of an Improved Automotive Diesel Combustion Sys-
tem." SAE Transactions, Vol. 62, (1954), p. 243.

37. D. Fitzgeorge and J.L. Allison, "Air Swirl in a Road-Vehicle Diesel Engine."
Proc. Inst. Mech. Engrs. (A.D.), No. 4, 1962-1963, p. 151.

38. J.F. Alcock and W.M. Scott, "Some More Light on Diesel Combustion." Proc.
Inst. Mech. Engrs. (A.D.), No. 5, 1962-1963, p. 179.

39. T. Okaya and M. Hasegawa, "On the Friction to the Disk Rotating in a Cylin-
der." Jap. Journal of Physics, Vol. 13, 1939.

40. S.L. Soo, "Laminar Flow Over an Enclosed Rotating Disk." Trans. ASME, Col.
80, (1958), p. 287.

41. J.W. Daily and R.D. Nece, "Chamber Dimension Effects on Induced Flow and
Frictional Resistance of Enclosed Rotating Disks." Trans. ASME, Vol. 82, Series D,
March 1960, p. 217.



301

APPENDIX A

PREVIOUSLY PROPOSED CORRELATIONS

Many different expression have been proposed to correlate the surface heat
fluxes in diesel engines. Attention is focused on three correlations upon which
most other correlations have been based. The three correlations which are considered
in some detail are those of Nusselt, Eichelberg, and correlations based on the
Reynolds' analogy boundary layer theory. The modifications to these three basic
forms which have been suggested by various authors are al-so considered. All the cor-
relations discussed employ the mass-averaged gas temperature, Tg(t), to represent
the gas temperature.

NUSSELT'S CORRELATION ... Nusselt's work was based on measurements of the heat
loss from the combustion of quiescent, homogeneous mixtures in spherical bombs. He
determined the influence of radiation by using gold-plated or blackened, inside-sur-
face coatings on the bombs.

By incorporating a term to account for forced convection due to piston motion,
Nusselt adapted results from the bomb experiments to the situation in an engine, and
proposed that the surface heat transfer coefficient be expressed as:

7T (t) 4-T (t) 4 1

h(t) O.0278(l+0.38V )[P(t) 2T (0)]13 + 1.275 X lo-O 1 (t-T _
p T9 (t 7-T0 l

(A-1)

where:

P(t) = instantaneous cylinder gas pressure in psia,

T (t) = instantaneous cylinder gas pressure in R, and0
V = mean piston speed in ft/sec.

The first term on the right of Eq. (A-l) represents convective transfer and the sec-
ond term gives the radiative portion. The choice of 2/3 for the exponent of P(t)
was actually an average of several values ranging from 0.5-0.8. Jaklitsch quoted
by Stambuleanu (28) suggested values ranging from 0.44-0.90. Lohner (29) presents
a linear temperature function for this exponent.

Brilling changed the piston speed term of Eq. (A-l) from (l+0.38Vp) to (2.45 +
0.056V ) on the basis of tests on stationary Diesel engines. Figure 16 shows the
heat fluxes computed using the formulae of Nusselt and Brilling along with the ex-
perimental results from the cylinder head thermocouples.

EICHELBERG'S CORRELATION ... Although Eichelberg's correlation is actually a
modification of Nusselt's, it merits special consideration because of its wide usage
and. because of the related experimental work carried out by Eichelberg and his asso-
ciates. Eichelberg summarized several years of research using subsurface thermocou-
ples to study the instantaneous surface heat flux in large, low-speed diesel engines
under NA operation. He proposed the correlation:

hi(t)- 0.0565 V'/3(P MTg(t• / (A-2)

for the surface heat transfer coefficient.

Eichelberg stated that he expected a small heat flux due to radiation. Yet he
gave a relatively greater significance than Nusselt to gas temperature to account
for radiation and increased gas velocity during the intake stroke. Eichelberg pre-
ferred to omit the separate radiation term and to express the influence of speed by
the cube root of the mean piston speed, Vp.

Pflaum (30), on the basis of time-averaged heat flux data, has proposed modifi-
cation of Eq. (A-2) to account for the effects of higher engine speeds:and super-
charged operation. His most recent proposal is to replace Eq. (A-2) by the expres-
sion:

h(t) = f[P(t),T 0 (0)l f 2 (V•) " f 3 (P0) (A-3)
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where:

fa[PMt),T(t)] = 0.0399(P(t) T g(t)) 1/2 (A-4)

f 2 (V 6.2 - 5 *2 (5.7 )(OO305Vp) + 0.00762 V (A-5)

fs(Pi) = 1.175(Pl)1/4 for the cylinder head (A-6)

where P, is the intake pressure in psia. Note that at a fixed speed and intake pres-
sure, the Pflauin correlation reduces to the same form as the Eichelberg correlation
reducos to the same form as the Eichelberg correlation but with a different constant
term.

Henein (31) obtained poor results in applying Eichelberg's correlation to a pre-
chamber engin,! wlen the mean piston speed was used for V P. When he substituted esti-
mates of the swirl and squish velocities for V 1 he obtained reasonable agreement be-
tween the experiment and the correlation for the compression stroke but not for the
expansion stroke.

Figure 1.7 shows the degree to which the Eichelberg and Pflaum correlations fit
the authors' experimental results from the SOC.

CORRELATIONS BASED REYNOLD'S ANALOGY OF BOUNDARY LAYER THEORY ... A number of
authors have used the Nisse]t number-Reynolds number relationships of steady state
systems to correlate engine heat transfer data. Professor C.F. Taylor (32,33) advo-
cated the use of dimensionless quantities such as Nu and Re in correlating time-aver-
aged heat fluxes from several engines. However, apart from one brief reference,
Herzfeld in Nagel (34), it is only recently that correlations of instantaneous sur-
face heat transfer based on a Nu-Re relationship have been put forth in the litera-
ture.

Annand gave a rather extensive review of several correlations for h(t) and used
dimensional analysis to arrive at the relation:

Nu = (constant) * Re" (A-7)

to correlate the convective heat flux. He suggested that the radiant heat flux be
expressed by:

r(t) O(rg(t)4 -T (t)'•) (A-8)

where "c" is a constant.

From a reanalysis of Elser's (35) data from a low-speed, 4 stroke diesel engine,
Annand formulated the relation

q(t) a k-~t)(Rie)b(T (t)-T (fl) + O(Tg(t)4_.T (t)4) (A-9)

for the instantaneous surface heat flux.where:
Btu

k(t) - gas conductivity, hr ft deg R

D = bore diameter, ft

a = 0.49

b = 0.7
c3 - Btu

c (1.03 - 0.37)10- hr ft 2 deg R
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Annand chose to select the bore diameter and the average piston speed as the signifi-
cant distance and velocity to be used in Re of Eq. (A-7).

Woschni rcpeated some of the bomb experiments of Nussels and concluded that the
results of such experiments are not suitable for application to engine heat transfer.
Woschni proceeded to formulate a correlation for the heat transfer coefficient using
the w•..]-kLrown correlation of turbulent heat transfer in pipes, Nu c Re'0 as his
starting point. He chose bore diameter and mean piston speed as significant quanti-
ties in the Reynolds number but applied multiplying constants to the mean piston
speed. Woschni's correlation may be summarized as-

Nu = 0.035 Re'8  (A-10)

with cylinder bore as the characteristic length and the following expression for the
gas velocity in Re:

Vg = 6.18 cm scavenging

V = 2.28 cm compression

V = 2.28 c+ + (3.24)10-' p,-• (P -Pg )
9 P1 V1  go

combustion and expansion

where:

Om = average piston speed in m/sec

V. = total cylinder displacement

T1 ,P, and V, = cylinder gas temperature, pressure and volume
at some convenient reference state

(P -P ) = instantaneous pressure difference between the
g go fired and motored cycles.

Woschni determined the constants in the expression for vY by fitting the time-aver-
aged results of his correlation to heat balance data from the engine.

Figure 18 shows experimental data for the SOC compared to the heat fluxes cal-
culated by Eq. (1) when the Annand and Woschni correlations are used for h(t). The
term which Annand attributed to radiation is shown and see'n to be quite small.
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APPENDIX B

SIGNIFICANT VELOCITIES AND DISTANCES TO BE USED IN REYNOLDS NUMBER

To fix the functional relationship of Eq. (2) the significant quantities, par-
ticularly gas velocity and distance, are considered. The choice of a significant
velocity and distance, are considered. The choices of a significant velocity and a
significant distance are not independent, as pointed out in the following discussion.

SIGNIFICANT OR CHARACTERISTIC VELOCITY ... The gas velocities in the motored en-
gine are classified as being piston related or intake related.

Piston ReZated - The piston motion generates several gas velocities. One is
a velocity perpendicular to the cylinder head and piston which creates a stagnation
type heat transfer situation if the piston and head areas are flat and parallel.
This is the gas velocity which is incorporated into the conduction-compression model.
In reality, the piston and head surfaces are not flat but quite irregular due to pro-
truding valves, valve cutouts in the piston, and a combustion cavity in the piston.

Due to the presence of a combustion cavity in the piston (see Fig. 3), the pis-
ton motion introduces radial velocities parallel to the head and piston surfaces.
During comprression the flow is radially inward and during expansion it is radially
outward. These velocities, termed squish velocities in the engine literature, have
been considered by a number of authors, for example, Loeffler (36) and Fitzgeorge
(37). Fitzgeorge shcws the magnitude of the squish velocities to be highly depen-
dent. on the h.'ad-to-piston clearance at TDC. The authors have calculated a peak
squish velocity in the engine at TC-l of about 50 ft/sec based on a radial flow into
the combustion cavity from the lip area. However, the actual squish velocity is
significantly less than this value due to squish flow into the valve cutouts in the
piston. Moreover, as reported by Alcock (38), several attempts to determine experi-
mental evidence of squish in a motored engine have yielded inconclusive results. On
this basis the authors consider squish velocities to be relatively insignificant in
the motored engine.

Intake ReZated -- During the intake process the intake port and valve combina-
iich can introduce significant gas velocities. In many engines, part of the design

intent is to impart a swirling gas motion about the bore axis. Shipinski (10) has
determined the mean angular velocity of the swirl motion in the engine used in this
study to be approximately twice the angular velocity of the crankshaft. Strictly
speaking, this swirl ratio, that is, swirl angular velocity divided by crankshaft
angular velocity, applies only at the closing of the intake valve.

At intake valve closure (50 deg CA) the gas is swirling about the axis of the
cylinder with diameter equal to the bore B. At TDC the major portion (aboiut 80%) of
the gas is in the combustion chamber which has a diameter of approximately 0.55 B.
The axis of the combustion chamber is 0.5 in., or 0.11 B, from the bore axis. Thus,
there is a movement of the center of mass of the swirling gas during compression and
expansion. Because of the conservation of angular momentum, the angular velocity in
the combustion chamber near TDC is approximately four times its value at BDC in the
presence of negligible viscous dissipation.

Okaya (39) presents a method whereby the swirl deceleration due to viscous ef-
fects may be calculated. Using these results the authors have determined changes in
swirl velocity during one engine revolution of approximately 10% and 20% of the value
at intake valve closure for the BDC and TDC cases mentioned above.

The changes in the angular velocities in the lip area at •TC- and TC-2 are in-
fluenced by the motion of the center of mass, the acceleration or deceleration due
to the conservation of angular momentum, and the deceleration due to viscous effects.
The viscous effects in the lip area near TDC are higher than in the combustion cham-
ber but are counteracted by the acceleration necessary to conserve the angular momen-
tum. As a first approximation the authors consider the swirl velocity to be constant
throughout the engine cycle.

Semenov has published the only experimental results known to the authors on tur-
bulence in engines. He used an 8 micron resistance wire in a 3.25 x 4.50 in. CFR en-
gine under motored operation. The engine was an open chamber one with a flat piston
and head. Semenov's results included: during intake considerable temporal and
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spacial variations in the gas velocity exist with peak values being as much as 10
times the mean piston speed; significant gas velocity gradients are found within
2-3 nun of the cylinder head; and the fluctuating component of the gas velocity de-
creases rapidly after intake valve closure. The turbulence which exists throughout
the compression stroke is essentially isotropic,

Semenov indicates that lie did not use a shrouded intake valve and gives no indli-
cation of determining a swirl velocity. Since Semenov's engine was so dissimilar to
the engine used in this project, many of the trends in Semenov's results may not be
applicable in the present instance.

From the above discussion on gas velocities in the motored engine it is apparent
that both squish and swirl velocities would be expected to vary with position in the
cylinder. It in concluded that squish velocities are relatively insignificant in
the motored engine. Moreover, the calculated squish velocity at TC-l is greater than
that at TC-2. This is opposite to the trend expected from the motored heat flux re-
sults. Thus the local squish velocity is not a good choice for the significant or
characteristic velocity.

Thus swirl velocities are considered as the predominant velocities in the mo-
tored engine during compression and expansion. Certainly there are gas velocities
related to the intake process, often referred to as jet velocities, which are signi-
ficant for that portion of the cycle. However, for present purposes attention is
focused on the velocities during the compression and expansion process.

SIGNIFICANT OR CHARACTERISTIC DISTANCE ... Accepting the significant velocity
as the swirl velocity, the selection of the significant distance must be compatible.
The gas flow pattern dud to swirl flow can be looked upon as having many similarities
to the flow near rotating discs. An excellent review of the fluid flow and heat
transfer problems associated with rotating systems is found in Dorfman. The flow
pattern close to the cylinder head and piston would resemble that near a casing which
encloses a rotating disc, if the effects of the irregularities in the engine cylinder
surfaces are considered small. That is, the tangential velocity increases with the
radius and a secondary radially inward flow exists on the head and piston. This
secondary flow is radially outward in the bulk gas in the engine whereas it is radial-
ly outward near the disc for the enclosed rotating disc. Soo (40) and Daily (41)
present extensive studies of this type of flow. In general the flow Reynolds number
characterizing the flow in rotating systems is defined as:

Re = r2W (B-l)
V

As a result of the success achieved in correlating friction factors and heat trans-
fer coefficients with this definition of the Reynolds number in rotating systems,
the authors consider the'local radius to be the significant distance in Eq. (2).

Using Eq. (B-l) flow Reynolds numbers are found to be in the range 10 to
6 x l1s. Dorfman gives Re = 3 x 10s as a transition Re for rotating systems. Due
to the irregularities in the cylinder head and piston surfaces and the turbulent
nature of the intake process, the flow is taken to be turbulent.
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DISCUSSION

J.F. ALCOCK
Ricardo & Co. Engineers (1927) Ltd.

This extruiiemely interesting papor contributes much to our understanding of the
heat-transfer process in engines. There are some points on which I should like to
commoiiLL.

1. Squish: In his Appendix B he mentions that Mr. Scott and myself could not
find any squish in a motored engine. As regards inward squish during compression
this is correct, but our paper (Authors' Ref. 38) showed, in our Fig. 9, a strong
outward "unsquish" on the expansion stroke even when motoring. In a firing engine
this "unsquish" would be even greater, due to the pressure rise in the bowl where
combustion starts. From the photographs in Fig. 3 of our paper the radial "unsquish"
velocity appears to be of the same order of magnitude as the tangential swirl veloc-
ity appears to be of the same order of magnitude as the tangential. swirl velocity.
In a firing engine this "unsquish" gas is hot, and its radial velocity must increase
the heat transfer. This may account for somn of the flux difference between couples
1 and 2.

2. Swirl: The authors say "Also the significant velocity is considered equal
to rw, where w is the angular velocity" and r is th6 radius, in other words a forced
vortex. In near spherical prechambers we have found a "semifree" vortex, with linear
velocity independent of radius. We have also found much the same relationship in
other types of chamber.

Allowance for this would reduce the calculated heat-transfer at TC2, and thus
the discrepancy between theory and experiment shown in Fig. 26.

AUTHORS' CLOSURE
TO DISCUSSION

We appreciate Mr. Alcock's kind remarks and conunents on our paper. Regarding
our interpretation of his studies, Ref. 38 of the paper, our statement was that the
results were inconclusive for the motored engine. Mr. Alcock's remarks above essen-
tially enforce this statement since it is difficult to rationalize the existence, in
the motored engine, of outward squish without the presence of inward squish.

Figures 21 and 22 of the paper show that the heat fluxes measured in the motor-
ing engine are essentially symmetrical about TDC at TC-l and peak about 3-5 deg BTDC
at TC-2. During motoring, one would not expect appreciable instantaneous property
differences of the gas from one position to the other. Thus, the different heat
flux-time curves may well be due to different gas velocities at these two points.
The symmetry of the flux-time curve at TC-l may not result from a constant gas ve-
locity, rw, as assumed in the authors' model, but rather from a combination of veloc-
ities, one of which is the squish velocity. The experimental evidence gathered by
Alcock and Scott (Ref. 38) on the predominance of outward squish over inward squish
might then explain the difference in motored fluxes between TC-l and TC-2, since
squish velocities would be higher at TC-l than at TC-2. The authors do not feel
that the experimental data currently available on instantaneous gas velocities in a
motored engine warrant the use of this complex model of the gas motion.

The increased outward radial velocity in a firing engine (termed unsquished by
Alcock) is certainly expected to contribute to the different heat fluxes measured
at TC-l and TC-2. However, Appendix B pertains to the selection of a significant
velocity gas velocity for the motoring engine.

The authors' have some difficulty understanding the term "semifree" vortex in
a spherical prechamber. Thus, we are unable to speculate on its usefulness in a
conceptual model of surface heat transfer in a motoring engine.



307

Table 1 - Summary of Operating Conditions

Nominal Nominal Intake
Motored-M Nominal Equivalence Injection Density

Run or Speed, Ratio Advance Ratio
No. Fired-F rpm f (deg CA BTDC) P/Po

1420 M 1000. --- 2.0
1410 M 1500. -..- 2.0

140" M 2000. --- 2.0
1390 M 2500. --- -. 2.0
136" F 1000. 0.45 20. 2.0
137' F 160 0. 0.45 20. 2.0
W135 F(SOC) 2000. 0.45 20. 2.0
l38r F 2500. 0.45 20. 2.0
144 F 2000. 0.22 20. 2.0
134 F 2000. 0.37 20. 2.0
143 F(SUC) 2000. 0.44 20. 2.0
133 F 2000. 0.53 20. 2.0
145* F 2000. 0.72 20. 2.0
150* F 2000. 0.45 10. 2.0
148 F(SOC) 2000. 0.45 20. 2.0
151' F 2000. 0.45 80. 2.0
157' M 2000. ..- -- 1.0
147' M 2000. ..- .. 1.5
146' M 2000. --- .. 2.5

152 F 2000. 0.45 20. 1.0
15e F 2000. 0.45 20. 1.5
156 F(SOC) 2000. 0.45 20. 2.0
132 F(SOC) 2000. 0.45 20. 2.0
1540 F 2000. 0.45 20. 2.5
155 F 2000. 0.72 20. 2.5
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Table 2 - Operating Conditions Defined as Standard
Operating Conditions (SO()

Compression 15.4:1
Speed 2000 1 20 rpm
Dynamic Injection Timing 20 1 1 dcg CA BTDC
Intake Temperature 100 A 3 deg F
Intake Tank Pressure 60 A 1 in lig abs
Exhaust Tank Pressure 60 k 2 in Hg abs
Intaie Valve Opens 520 deg CA
Intake Valve Closes 50 deg CA
Exhaust Valve Opens 310 deg CA
Exhaust Valve Closes 560 deg CA
Coolant Inlet Temperature 190 & 10 deg F
Fuel 50 - 50 blend U-9 and T-16

ASTM Secondary Cetene
Reference Fuels

Equivalence Ratio 0.45
Fuel Flow 9.6 lb /hr
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An Experimental Determination
of the Instantaneous Potential
Radiant Heat Transfer Within

an Operating Diesel Engine

P. Flynn, Masatake Mizusawa, O.A, Uyehara and P.S. Myers
Mechanical Engineering Dept.

University of Wisconsin

ABSTRACT

An instrument was developed to measure absolute monochromatic infrared emission
rates within an operating diesel engine. The instrument and data reduction system
were developed for use in obtaining potential instantaneous rates of radiant heat
transfer within an operating engine. Data are presented for variations of: engine
speed, fuel-air ratio, fuel injection timing, intake air pressure, fuel injector
nozzle spray patterns, fuel cetane numbers, fuel family, and fuel additives (tetra-
eythl lead and amyl nitrate).

Also presented is an empirical correlation for instantaneous radiant heat trans-
fer rates and some conclusions regarding radiant emission sources within the engine
and their relationships to combustion processes.

INTRODUCTION

If designers are to increase engine performance while, at the same time, satis-
fying the needs of society for low air pollution and noise requirements, innovative
forms of today's powerplant systems must be developed. Cycle simulations are play-
ing an important role in such developments. However, if simulations are to predict
engine characteristics accurately at conditions remote from those in a present-day
engine system, the simulation must be based on widely applicable fundamental formu-
lations of the basic thermodynamic and gas dynamic process involved.

With this goal in mind, the University of Wisconsin in cooperation with United
States Army Tank-Automotive Command (USATAC) has carried out a research program to
investigate basic phenomena which operate within a running engine. The subject of
this presentation, radiation heat transfer, is one of many such studies (1-10).*

The information presented herein is the result of a three-phase program to
study radiative heat transfer phenomena operating inside diesel combustion chambers.
The first phase, involving the design of the experimental setup and the development
of the system and technique for data analysis, was the responsibility of P.F. Flynn
(11). The equipment and data reduction system was subsequently used by P.F. Flynn
(11) and M. Mizusawa (12) to analyze the radiant emissions. Flynn focused upon the
effect of engine operating variables, while Mizusawa dealt with the effect of fuel
variables.

Heat transfer in engines has been investigated by many researchers. Eichelberg
(13) and Pflaum (14) presented correlations for diesel engines which were based on
engine thermocouple measurements. Neither author allowed for the effect of radia-
tion except in an implicit manner. Correlations with explicit terms for radiant
heat transfer were presented by Nusselt (15), Sitkei (16), Annand (17), and Woschni
(18). These correlations, except in the case of Ref. 16, used the same mass-average
gas temperature to correlate both radiant and convective heat transfer. Sitkei (16)
used both a flame temperature and a gas temperature for his correlation for radiant
transfer.

*Numbers in parentheses designate References at end of paper.
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Ebersole (19) in the only published measurement of the apparent steady-state
radiant contribution to total engine heat transfer, estimated that up to 40% of the
heat transfer was by the radiation mechanism. Myers and Uyehara (20) and Lyn (21)
demonstrated by optical means the existence of radiant temperatures much higher than
the mean gas temperature within the engine. Myers and Uyehara (29) reported a study
of flame temperature measured with an optical pyrometer when using different fuels.

Thus, previous experimental work presented no clear cut picture of the radia-
tive heat transfer mechanism as it operates within a diesel engine. Recent data by
LeFeuvre (6) have shown total instantaneous heat transfer rates within an operating
engine. With these two facts in mind, the authors set out to obtain quantitative
data on instantaneous radiant heat transfer rates.in a diesel engine similar to the
one used by LoFeuvre. It was hoped that this information, combined with LeFeuvre's
results, would explain more clearly the relative importance of the radiative and
convective heat transfer modes in a diesel engine. The aata of LeFeuvre will be
discussed in later comparisons with the data obtained in this study.

In summary, the authors undertook a study to fulfill the following goals:

1. Design and develop to a reliable state, a system for the determination of the
potential rates of instantaneous radiant heat transfer* with a sensitivity high
enough to determine the relative importance of the radiant heat transfer mode.

2. Obtain experimental data on potential instantaneous radiant heat transfer rates
on a realistic diesel combustion system over a wide range of engine loads,
speeds, and inlet manifold pressures for comparison with previously obtained
data on total rates of heat transfer.

3. Determine the effect of variations in fuel structure, cetane rating, additive
concentration, and additive type on the infrared emission within the combustion
chamber.

4. Correlate the experimental data with pertinent engine parameters so that it
might be used for analysis and predictions on other diesel combustion systems.

EXPERIMENTAL SETUP

RADIANT EMISSION MEASURING APPARATUS ... A complete description of the test en-
gine and its associated instrumentation will be found in Ref. 11.

After a survey of the different methods of obtaining data on radiant heat trans-
fer, a photodetector and infrared monochromator were chosen for intensity'measurement
and wavelength identification. The photoconductor sensor was chosen for its high
frequency response and sensitivity. The choice of a photon counting device for a
sensor necessitated the incorporation of the monochromator in the system to provide
wavelength identification. Figures 1 and 2 show the modifications made to the en-
gine and the layout of the optical system used.

Many attempts were made to develop a window viewing system which would remain
clear of sooty combustion chamber deposits. After all attempts failed, the system
shown in Fig. 1 was designed. Its unique feature is that it circumvented the need
for keeping the combustion chamber window completely clean by the ability to change
the combustion chamber window while the engine was operating at a loaded condition.
This feature allowed the removal of the window from the engine and calibration of
the transmissivity of the window and deposits.

*NOTE: The phrases potential rates of instantaneous radiant heat transfer and radi-
ant emission rates are used interchangeably throughout this paper. The
emission by the combustion chamber walls at a maximum temperature of 450 F
(6), was insignificant compared to the combustion products emissions. Be-
cause of this fact, the portion of the radiant transport equations involving
the wall emission has been dropped in all analysis presented. Potential
radiant heat transfer rates are obtained by assuming emission of the inten-
sity measured is input to the surface over the full hemispherical field of
view available for any surface element.



319

Many attempts were made to develop a window viewing system which would remain
clear of sooty combustion chamber deposits. After all attempts failed, the system
shown in Fig. 1 was designed. Its unique feature is that is circumvented the need
for keeping the, combustion chamber window completely clean by the ability to change
the combustion chamber window while the engine was operating at a loaded condition.
This foature 1].low0:d tho removal of the window from the engine and calibration of
the Lr.insm issivity of the window and deposits,

Figure 2 sihows the optical !ystemn1 that served as both a radiation detection
syst,-m and a window transmiiision calibration system.

The movable mirror allowed the selection of radiation from either the engine or
the calibrttLion source. Also included in the systexn was a variable diameter iris to
attenuate the radiant input to the monochromator, The optical system was designed
such that the reduced images of the radiation viewing holes were imaged entirely be-
tween the edges of the entrance slit opening of the monochromator. This allowed
clearance between thu OD of the image and the edge of the entrance slit and rendered
the system relatively insensitive to minor vibrations.

The wide ribbon tungsten filament lamp was calibrated for emission intensity
versus wavelength against a black body radiation source. The emission from the lamp
was modulated with a light chopper to supply the tecurring zero level signal re-
quired for accurate calibration' Figure 3 illustrates the detector and cathode fol-
lower electronics used in the detection system. It also shows how a precision ther-
mocouple potentiometer was connected to supply a stepping voltage of a precise known
magnitude for use in measuring the amplitude of the chopper generated calibration
lamp output.

A lead selenide photoconductor operating at room temperature was the active
-element in a half-bridge detection circuit. This element was sensitive over the
1-4 pm wavelength range investigated.

In order to obtain the instantaneous monochromatic emission intensity within
the engine combustion chamber, the optical bench was set to view the combustion
chamber emission at the desired wavelength. The signal from the photo-detector cir-
cuit was set at approximately 200 mV peak-to-peak by attenuating the image intensity
with the variable diameter iris. Using these settings, approximately 250 consecu-
tive cycles of the engine emissions were recorded together with a zero level input
and a known voltage level for later data scaling purposes. When the recording proc-
ess was completed, the petcock was immediately closed and a new window rotated into
place. The window which had been used for data recording was then placed in the
window which had been used for data recording was then placed in the window calibra-
tion block. Thus, the photodetector's response to the calibration lamp emission
after passing through the window and deposits was measured without changing the mono-
chromator or iris setting. The value of the absolute emission intensity at any time
was then obtained by the following formula:

detector response to

Monochromatic emission intensity engine signal (lamp intensity)
detector response to

lamp

DATA RECORDING AND REDUCTION ... The tape recorder and hybrid computer data
scaling system used to record data were developed by LeFeuvre (6) but modified to
meet the special needs of this project. Figure 4 shows the entire data acquisition
and reduction system in block diagram form. The system may be logically divided
into three subsystems which functioned independently of one another and used analog
and digital data tape as data storage devices for interfacing the system.

The signal conditioning and recording system includes engine sensors to obtain
signals for instantaneous emission intensity, cylinder pressure, crankshaft rotation,
and crank top dead center (tdc) position. The signals from all of these sensors
were conditioned so as to be compatible with the permissible ± 1 V d-c input to the
FM tape recorder. Cylinder pressure was measured with a piezoelectric transducer
and charge amplifier system. Crank rotation was sensed with a magnetic pickup re-
sponding to marks on the flywheel periphery every degree of crank rotation. The
magnetic pickup output was conditioned with a high-frequency Schmidt trigger circuit
which converted the output to a square wave pulse train with each rise separated by
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1 dog of crank rotation. This square wave provided a more definite loqic pulse for
use in data sampling. The tdc position was sensed with a magnetic pickup whose re-
sponse was recorded directly All signals were recorded using a Sangamo 4784 tape
recorder at a tape speed of 120 in/s.

When scaling the data, the tape was played back at 7-1/2 in/s to a hybrid com-
puter. Digital values were scaled at .each degree of engine crankshaft rotation.
Individual digital values were stored in 720 individual registers of the digital
section of the hybrid computer (a description of this device, its accuracy, and the
required analog and logic circuiting for scaling the data has been presented in
Ref. 6). This scaling process continued for 50 consecutive cycles with the value
at each crank angle being added to the appropriate accumulating register. After
accumulating values for 50 cycles, the totals were divided by 50 to obtain average
values at each time during the cycle. This digital listing was then printed and
written on a digital magnetic tape for further analysis on a large-scale digital
computer. The need for such a scaling and averaging technique is illustrated by
Fig. 5, which shows approximately nine consecutive cycles of radiant emission versus
crank rotation at 1 and 3 pm wavelengths.

In order to define the spectral emission envelope, seven wavelength values, (1,
1.5, 2, 2.5, 3, 3.5 and 4 pm) at each engine operating condition were chosen for
data recording. These emission. data plus pressure data were recorded in a consecu-
tive manner on the digital data tape.

Emissivity - WavcZengths Models - To reduce the emission data further,. it
was necessary to develop a means of determining the total radiant energy represented
by these seven distinct measurements. To illustrate the problem, Fig. 6 represents
experimental values of average monochromatic emission intensity for three different
crank positions during the cycle.

Since the emission was a continuous function of wavelength, integration'over
all wavelengths was required to obtain the entire energy under the spectral emission
envelope. Thus, it was necessary to develop a means of interpolating between and
extrapolating beyond the range of the data points. To accomplish this, various emis-
sion models were postulated and fit to the data.

The first model tested was a grey-body model. The fit to this and all subse-
quent models was made using a nonlinear least squares subroutine. This routine al-
lowed the specification of the form of the emission model and then extracted by an
iterative technique the parameters which provided the best fit to the experimental
data. The attempt to fit a grey body emission model to the data provided a fitted
curve with a consistent skew with regard to the data. Furthermore, the statistical
output from the subroutine indicated an unreliable result.

Data by Hottel (22) and Liebert (23) indicate that emission from very small par-
ticles obey an emissivity variation described by:

=1 - e-kL/10 '0 5  (1)

Attempts to fit an emission model incorporating the above wavelength variation of
emissivity provided very good fits of the model to the experimental data as shown in
Fig. 6. Also shown in Fig. 6 is the variation in monochromatic emissivity with wave-
length for the fitted model.

The resulting parameters were the apparent radiant temperature (TR) and the ap-
parent optical thickness (KL) of the radiating medium. Thus, the information con-
tained in seven monochromatic emission values at any given time was reduced to two
parameters which could be used to represent the emission.

It is worthy to note that the data so obtained represent a temperature and op-
tical thickness typical of average emission values and not a temperature and optical
thickness which was the average of individual cycle temperatures and optical thick-
nesses. There may be differences between values obtained by these two types of, aver-
aging techniques; but since it was impossible to obtain data to accomplish averages
in the latter manner, the difference could not be determined.
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The above described technique was used to obtain an analytical representation
of the emissi6n as a function of wavelength. However, to evaluate the power repre-
sented by such an emission envelopeo, it was necessary to integrate this model over
all wavelengths. Several unsuccessful attempts were made to obtain a closed form
solution for the integral of this emission model. Consequently, the total heat
transfer and the pseudo grey-body emissivity were evaluated using the following ex-
pression: . 0

Sa _ _s (2)

Q5l

and:

qR = aOTR (3)

The evaluation of the pseudo grey-body emissivity (E ) was accomplished numerically.

In summary, the data analysis technique allowed the extraction of an apparent
radiant temperature, an apparent optical thickness, a pseudo grey-body emissivity,
and a total potential radiant heat transfer rate at each crankangle during the cycle.
These data, together with apparenL heat release rate computed by the method of
Kreiger (2), are presented in the following section for the engine conditions studies.

EXPERIMENTAL RESULTS

This section presents the time variation of selected parameters within the en-
gine cycle when selected engine operating parameters were varied. The operating
parameters varied for this group of tests included speed, fuel-air ratio, manifold
pressure, injection timing, injection nozzle hole pattern, and fuels.

In the study of the effects of engine operating conditions, an attempt was made
to vary each of the parameters one at a time while holding all others constant.
For example, the tests at different speeds were run at approximately the same fuel-
air ratio, nominal injection timing, and manifold pressure. All tests were run in
groups containing a standard operating condition as a common point of reference.
This standard operating condition (SOC) had 60 in Hg absolute manifold pressure, an
equivalence ratio of 0.459, a 20 deg btdc nominal injection timing, and a 2000 rpm
engine speed. Table 1 presents an abbreviated summary of the independent variables
changed during the tests plus the estimate cetane rating for the fuel.

In the studies to determine the effect of fuel variations, tests were run with
all engine operating conditions held constant and only the fuel characteristics
varied. Table 2 summarizes the operating conditions and the fuel variations for
those tests designed to determine the effect of fuel characteristics. The cetane
numbers shown are estimated values.

REPEATABILITY OF DATA ... In order to establish the repeatability of the exper-
imental data and the radiation heat release parameters determined from the analysis
of the experimental data, two identical test runs (118 and 140) were made at SOC
using a secondary reference fuel blend. Data from these two runs are presented in
Fig. 7 showing that instantaneous potential heat transfer rates varied only slightly
between the two runs. The time average potential radiant heat flux was also nearly
identical for the two runs at about 25,850 Btu/h-ft 2 . This time average rate is
evaluated by integrating the area under the heat flux curve and then solving for the
steady heat flux which, when applied over all 720 deg of crank rotation for an engine
cycle, would yield the same integrated value.

Heat release rAtes are presented together with the radiation data, since it was
felt that the information was significant in the presentation of the experimental
data.
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Note in Fig. 7 that the apparent potential radiant heat transfer rate has ap-
proximately the same shape and time span as the engine apparent heat release rate.

The peak ýmaghitude of the radiant heat flux, 0.42 million Btu/h-ft 2, was a sig-
nificant fraction of the total engine heat flux previously reported by LeFeuvre (6)
which ranged from 0.9 million to 1.25 million Btu/h-ft 2 . The radiant emission
reached this high value through the combination of an apparent temperature of approx-
imately 4100 R and an emissivity of approximately 0.86. The radiant temperature was
1.71 times higher than the calculated mean gas temperature of 2400 R.

In order to obtain data exhibiting the repeatability shown in Fig. 7, it was
necessary to observe the following precautions:

1. The engine operating conditions must be maintained at a stable state during
the entire data collection process. It was found that those data collected
from runs; when the engine was stopped or any other operating condition was
varied between the collection of data at the various wavelengths, would not
give repeatable or consistent results. However, data from runs where stable
conditions were maintained showed the reproducibility and consistency of the
data in Fig. 7.

2. The deposit thickness on the observation window could not be allowed to increase
to a point where its transmittance was much below 0.7. If the transmittance of
the window and deposit are allowed to deteriorate, radiation from outside the
field of view normally accepted by the window can be reflected and diffracted
by the window deposits into the instrument's field of view. This phenomena
inflates the value of inferred in-cylinder radiant intensity. This relatively
high overall transmittance requirement presented no particular problem, as the
deposit buildup rate under all conditions tested was very slow after the engine
operating conditions had stabilized. A more complete discussion of the above
affects can be found in Refs. 11 and 12.

EFFECT OF SPEED ... Data shown in Fig. 8 present the radiation heat release
parameter variation observed when the speed was varied holding all other factors
constant. Note that the heat flux and heat release occur later as the speed in-
creased. Also, a delay of between 4 and 6 deg CA occurred between the start of heat
release and the start of significant emission. This same phase lag was noted between
the peak heat release and the peak emission values.

The values of apparent temperature and optical thickness built up very rapidly.
The maximum apparent temperature attained was again of the order of 4100 R except
for the 2500 rpm run. Some of the variation in peak temperature and optical thick-
ness values may have occurred because the 1000 rpm test (run 54) was inadvertently
run with a equivalence ratio approximately 15% below the other three runs. The decay
of the radiant heat flux rate, on a crankangle basis, was slower as speed was in-
creased. This effect would be expected if one associated a more or less fixed time
interval for combustion and carbon particle formation and destruction processes..

Two phases of radiant emission seemed to exist in Figs. 7 and 8 as well as in
similar plots. The first phase, where relatively high emission values were attained,
appeared to be associated with events pertaining to or caused by the rapid heat re-
lease rate combustion reactions. The second phase, occurring later in the expansion
stroke, seemed associated with the portion of the combustion process occurring after
most of the heat release had been completed.

The first phase of emission was characterized by relatively large constant val-
ues for the apparent flame optical thickness and high values of apparent temperature.
One might speculate that the events controlling these values are the reaction kinetics
and temperatures existing around the individual fuel droplets as they burned on in
a very dense spray. It is believed that carbon particle production and destruction
reactions would both be occurring at this time and that the emission noted would
then be the result of some combination of these effects plus the corresponding reac-
tion zone temperatures.

The second phase of emission occurred later in the cycle and was accompanied
by an apparent increase in the net carbon particle concentration. To illustrate
this, Fig. 9 presents a family of curves that indicates how the observed optical
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thickness paramenter varies as the piston changes position assuming a f ixed mass of
carbon particloss of fixc-d size. Figure 9 assumes a fixed physical path length, that
is, sighting across the bore.

When comparing the shape of tin' curve front run 84 with Ihe family of plot-s in
Fig. 9, it appears th 'at tho optical t.hi~ckness wan. increasing during the init 'ial por-
tion of tho ,;ocond phase~ ciiss;ion (390-440 CA) . Wheon the miult ir.l ah model (which is
describe~d lat Cr) was useCfl, it was conclude-d that this result could have been Caused
by at least two factors; an actual increase in the mass of carbon particles caused
by net carbon particle formation, and a change in the relative. temperatures of the
cat-bon particles in the field of view in such a way as to cause a change in the ap-
parent optical thickness,

Figure .8 shows large values for the apparent optical thickness and apparent emnis-
sivity at 540 deg atdc exhaust. These large values were caused by the relative in-
stability of the model fitting technique at very low emission rates. When emission
was low, a small amount of noise on any one of the monochromatic emission values
caused a large percentage change in the residual sum of squares which results in
relatively large shifts in the optical thickness and emissivity. This instability
was exhibited only at very low emission rates and thus did not present a serious
problem in the data analysis. This type of variation also appeared in the data for
the equivalence ratio variation tests, and in the initial portion of some of the
tests on fuel variables.

During the second phase of emission, the apparent temperature of the carbon
particles was maintained at values that would infer some net energy addition to the
particles as noted by comparing the temperature curve from run 84 with the f-imily
of temperature curves in Fig. 10. The family of temperature curves in Fig. 10 rep-
resents the temperature that should bc observed if the combustion products were be-
ing adiabatically expanded, and the carbon particles being viewed were following
that adiabatic expansion temperature. As can be noted by comparing the curves,
tho apparent radiant temperature decreased at a rate slower than that expected from
front adiabatic expansion. This trend usually existed during the period between
390-450 CA.

The time-average heat flux rate increased as speed increased, but this rate of
increase was not proportional to speed. This means that radiation losses should
have a larger effect on engine efficiency at lower speeds, but that its effect would
not be as the inverse relationship with speed that has been suggested.

EFFECT OF FUEL-AIR.RATIO (FA) ... Plots 'of the radiation heat release parameter
variations for different equivalence ratios are shown in Fig. 11. Vote that the
highest peak emission values were recorded during the lowest equivalence ratio run
and the minimum peak emission values during the high equivalence ratio run. This
result was entirely unexpected. If the apparent heat release rates for the runs are
compared, it will be found that the peak heat release rates observed were almost di-
rectly proportional to the equivalence ratio. The combination of these two results

* was difficult to reconcile. From Fig. 11 one sees that the apparent radiating tem-
perature was significantly lower for the high F/A run. one possible explanation is
that there was an actual decrease in reaction zone temperatures caused by the higher
overall F/A. A second possible explanation could have been the passage of carbon
particles through the reaction zone in significant numbers followed by a subsequent
cooling of the particles. These particles would then have masked the view of the

4 1 hotter particles in the reaction zone. However, the apparent temperature for the
high F/A run was lower even in the early pairt of the emission before one could jus-
tify the buildup of a cold carbon particle layer.

A third possibility for the lower emission at the high F/A is penetration of
* the fuel into the viewing access passage. Fuel droplets burning in this passage are

relatively unaffected by the vigorous air swirl present in the main combustion cham-
ber and might burn in a different rate or manner than those in the main chamber and
thus have different heat losses.

The apparent time averaged radiant heat flux rate as a function of F/A appeared
to increase with increasing F/A until some maximum value was reached, and then de-
creased sharply as the F/A was increased further.
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There seemed to be little consistency in the optical thickness observed in the
high emission portion of the curves. Although the values observed for each run were
relatively constant during this phase, the level of the values could not be corre-
lated with the overall F/A. The values of apparent optical thickness observed later
in the cycle did seem to be directly related to the overall F/A, with runs having a
higher F/A exhibiting a higher value for the apparent optical thickness. The same
trends noted for the optical thickness were also noted in the apparent emissivity.

The same trends regarding the apparent buildup of carbon particles, and addi-
tion of heaL to the carbon particles during the period between 390-450 deg CA were
noted in these runs as they were in runs 54, 62, 70, and 84, with the possible ex-
cepLion of the low A/F run. During the low A/F run the observed rate of temperature
decrease followe*d quite closely thaL which would have been expected with an adiabat-
ic expansion. The apparent optical thickness also followed quite closely the trend
that would have been predicted with a fixed mass basis carbon particle concentration.

The results of this series of tests indicated that there was no obvious direct
correlation between the rate of radiant heat transfer and the rate of heat release.
However, the previously noted trends with regard to the timing of the start of
significant emission and the peak emission in comparison with the start of heat re-
lease and the peak heat release rate seemed to hold for these tests.

The high F/A run also produced a great deal of exhaust smoke. Whether this
smoke production is directly related to the lower radiant emission values is un-
known.

EFFECT OF MANIFOLD PRESSURE ... Figure 12 presents data where the inlet and ex-
haust manifold pressure were varied from 30-75 in Hg abs with the F/A, injection
.timing, engine speed, and inlet air temperatures all maintained constant. The char-
acteristic shape of the heat release rate curve changed.drastically in Fig. 12, as
would have been expected when the manifold pressure was increased. The low manifold
pressure run exhibited a heat release rate that started late as a result of a long
ignition delay. The long delay period was followed by a high heat release rate which
is normally associated with the combustion of the fuel and air mixture premixed dur-
ing the delay period. .However, this rapid heat release rate did not cause a signifi-
cant amount of radiant emission. As Fig. 12 shows, the emission during the low mani-
fold pressure run builds up at a rate only slightly faster than that noted for the
runs at higher manifold pressure where much less premixed-type combustion occurs.
This lack of radiant emission from the premixed portion of the combustion products
is judged to be associated to the decreased tendency for carbon particle formation
in premixed flames. Thus, even though very high local temperatures would have been
expected in these premixed burning regions, they contributed little to the radiant
heat transfer.

The two runs at the higher manifold pressure were characterized by heat release
rates showing little or no premixed fast burning and subsequently followed the same
trends noted in the earlier runs.

The peak radiation temperature for all three runs was again between 4000-4100 R.
For the low manifold pressure run, the apparent temperature during the expansion
stroke followed quite closely the trend which would be expected from expansion of
the products of combustion. For the two runs at higher manifold pressures, the tem-
perature again showed the effect of apparent heat addition to particles between 390
and 450 deg CA. The run at 75 in Hg manifold pressure indicated a larger amount of
this late heat addition effect.

Thu dat.a on apparent flame thickness indicated the same trend for an apparent
increase in mass basis carbon particle concentration during the period between 390
and 450 deg CA for the 60 and 75 in Hg manifold pressure runs. Part of the differ-
ences in concentration, level may have been associated with the variation in cylinder
gas densities caused by changing the manifold pressures.

A comparison of the time average radiant heat transfer rate showed the rate at
this F/A to be almost directly proportional to the manifold pressure with the value
ranging from 14,893 Btu/h-ft 2 for run 98 to 28,441 Btu/h-ft 2 for run 91.
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"EFFECT OF INJECTION TIMING ,,. Data are presented in Fig. 13 for a series of
tests in which all variables except fuel injection timing were held constant. The
start of fuel. injection ranged 10-30 deg btdc.

These variable injection advance runs were made using a blend of secondary ref-
erence fuels, and a nozzle with the hole pattern rotated 36 deg in the plan view,
relative to the combustion chamber axis. However, the tssts run to ascertain the
effects of manifold pressure, efigine speed, and F/A were run using No. 2 diesel fuel
and a nozzle having one hole which sprayed directly to the radiation viewing hole.
It was felt that the change in injection nozzle and fuel for these tests should in
no waiy invalidate them in terms of their comparison with each other, but caution is
required when drawing comparisons between these. runs and those runs in which the
original. nozzle (No. 1) and the No. 2 diesel fuel were used. The effect of the
change in injcction nozzle hole pattern is illustrated in the next section. The dif-
ferences observed between runs using No. 2 diesel fuel and the secondary reference
fuel. are also reported in a following section.

The heat release rates shown in Fig. 13 illustrate that as the injection timing
was increased beyond 20 deg btdc there was an accompnaying increase in ignition delay
with a changed mode of combustion. The 30 deg btdc injection timing test was charac-
terized by a significant amount of premixed combustion similar to that observed at
low manifold pressure conditions. The radiant emission from this premixed flame por-
tion of the heat release was negligible as it had been in run 98.

Comparison of thb apparent temperature values showed that as the injection ad-
vance was increased the peak apparent temperature increased significantly. A peak
temperature difference of approximately 600 R was observed between the 10 and 30 deg
btdc injection timing runs. These temperature differences were originally thought
to be explained by the difference in preflame gas temperature caused by the higher
combustion pressure observed as injection was advanced. However, this explanation
proved inadequate, as the predicted differences in preflame temperatures were only
of the order of 300 R. An additional analysis was made to estimate the potential
temperature variation in the products of combustion. The calculated variation in
this temperature more nearly equaled the 600 R temperature differences observed.
Because of the fourth power effect of temperature the peak emission rate for 30 deg
injection timing was approximately 1.65 times the peak emission rate for 10 deg in-
jection timing.

A comparison of time-average radiant heat transfer rates showed that the time-
average radiant heat transfer rate increased from 23,498 to 31,466 Btu/h-ft 2 as the
beginning of injection was advanced from 10 to 30 deg btdc.

The large changes in apparent temperature and apparent optical thickness be-
tween 360-400 deg CA for the 30 deg btdc injection timing is also of note. The au-
thors feel that these apparent temperature decreases and optical thickness increases
were the result of a portion of the fuel-air charge being trapped in the area of the
piston that was removed to allow viewing access to the combustion chamber. It was
thought that the fuel-air mixture trapped in this area was likely to burn at a slower
rate and thus effectively block the instrument's view of the emission from the main
portion of the combustion chamber. This effect would have been most pronounced dur-
ing the time shortly after 360 deg CA for the 30 deg btdc injection timing run be-
cause the major portion of the combustion induced air motion had already taken place
and the low piston velocity existing near tdc would not have been contributing to
mixing of the air and fuel.

EFFECT OF NOZZLE HOLE PATTERN ROTATION ... Inspection of the carbon deposits on
the piston after initial test runs indicated that one of the nozzle spray holes was
pointed directly toward the passage which had been machined in the piston to gain
viewing access to the combustion chamber. In order to determine the effect of this
specific position of the nozzle spray pattern relative to the radiation viewing hole,
a second nozzle with the hole pattern rotated 36 deg in the plan view was obtained.
This second nozzle sprayed fuel such that the spray impinged on the combustion bowl
on both sides of the viewing access hole. Figure 14 shows the relative positions of
the nozzle spray patterns and the viewing hole for the nozzles used in these tests.
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The data obtainod from engine tests with these two nozzles are plotted in Fig.
15. As shownaby Fig. 15 the fuel rate for the tests using the No. 1 nozzle was ap-
proxim.ately 5% higlcr than that for the No. 2 nozzle.

The apparent temperatures observed were virtually equal for both nozzles, while
the apparent optical thickness of the flame was slightly increased with the No. 2
nuzzle. This difference in thickness was most important during the early portion of
the emission where it caused an increase in the flame emissivity and a corresponding
increase in potential radiant heat transfer.

Also of note was the relatively smaller increase in tha apparent optical thick-
ness during the period between 390-430 deg CA when using the No. 2 nozzle. This
change might have been associated with the fuel placed in the cavity formed by the
viewing access hole, especially if that portion of the fuel was not completely burned
and was left to participate in the carbon formation or combustion processes late in
the burning period.

The observed difference in the time average radiant heat transfer rate was sig-
nificant. The time average emission value obtained with the No. 2 nozzle was 27,531
Btu/h-fL2 compared to a value of 22,957 Btu/h-ft 2 for the No. I nozzle. This differ-
ence represented a 20% increase in apparent radiant heat transfer for the case when.
the viewing hole looked between the sprays, compared to a 5% difference in fuel in-
put rates.

EFFECT OF FUELS USED BY PREVIOUS INVESTIGATORS ... To obtain preliminary data
on the effect of fuel structure-and to enable comparisons to be made with other in-
vestigators who used different fuels, tests were run at the standard operating con-
dition with three different fuels. The three fuels tested were:

1. Commercial No. 2 diesel fuel.

2. A blend of equal volumes of U9 and T16 secondary reference diesel
test fuels.

3. Commercial grade'normal heptane.

This combination of fuels was chosen because the authors felt that the most
generally used commercial diesel fuel (No. 2 diesel) would yield results with the
broadest practical application. At the same time a combination of the secondary
reference fuels was chosen so that a comparison might be drawn between these data
data and the data formerly obtained by LeFeuvre (6) when using secondary reference
fuels. The third fuel, normal heptane, was chosen so thai results from a fuel which
could be duplicated at any time would be obtained and also to supply a correlation
with results obtained by Ebersole (19) using normal heptane.

The data from these three fuels are presented in Fig. 16. Figure 16 shows that
the heat release rate for the runs using the No. 2 fuel and the secondary reference
fuel were nearly identical in shape. The heat release curve for the normal heptane
differed slightly from the other two fuels in that it exhibited a slightly longer
ignition delay and a very small amount of premixed burning associated with the fuel
prepared to burn during the delay period. This increased ignition delay was inter-
esting in light of the fact that the cetane number for normal heptane is 55, while
the cetane ratings for the No. 2 diesel fuel and the secondary reference fuel were
approximately 40 and 44, respectively.

As in previously reported results where an ignition delay was encountered, there
was also a subsequent delay in the beginning of radiant emission. This late start,
coupled with a temperature slightly below that observed for the No. 2 fuel and the
secondary reference fuel, yielded a lower time averaged radiant heat transfer rate
from the normal heptane.

The time average radiant heat transfer rate for the normal heptane run was
23,072 Btu/h-ft 2 compared to 27,531 Btu/h-ft 2 for the No. 2 diesel fuel. This re-
sult is in agreemenkt with the result previously reported by Ebersole (19). He re-
ported lower time average radiant heat transfer rates when using normal heptane as
a fuel compared to those obtained using No. 2 diesel fuel.
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EFFECT OF CETANE NUMBER VARIATION USING SECONDARY REFERENCE FUELS ... Data for
this series and other series of runs in which fuel composition variables were studied
are summarized in Table 2.

The effect of cetane number variation (for cetane numbers of 30, 40, and 50) on
infrared emissions was measured under naturally aspirated and simulated turbocharged
conditions at a speed.of 2000 rpm, a beginning of fuel injection at 20 deg btdc, and
an equivalence ratio of approximately 0.459.

The data for the runs made under naturally aspirated condition (Fig. 17) show
there is an increase in ignition delay with decreasing cetane number. A significant
decrease in peak radiant heat transfer rate was observed as the cetane number de-
creased. The peak rate for the 50 cetane fuel was 0.468 million Btu/h-ft 2 compared
to 0.399 million Btu/h-ft 2 for the 40 cetane fuel, and 0.346 million Btu/h-ft2 for
the 30 cetane fuel.

Also of note is the tendency for larger values of kL as the cetane number in-
creased and diffusion burning became more important. The magnitude of the differences
in the kL parameters are larger than the percentage differences of heat transfer rates
because of the nonlinear way in which kL enters the emission model. When the value
kL goes above 4.0, further increase in kL becomes relatively unimportant because the
overall emissivity has already begun to approach unity.

Again, the lack of any significant contribution to radiant heat transfer by the
portion of the fuel that burns in a premixed mode is observed.

The peak cylinder pressures observed during the runs show a lower peak cylinder
pressure at higher cetane number. This again indicates the lack of a relationship
between the precombustion gas temperature and the final observed radiant temperature.

The time average radiant heat transfer rates followed the trends of the peak
radiant heat transfer rates with the values ranging from 14,288 Btu/h-ft 2 for the
30 cctane fuel to 19,474 for the 50 cetane fuel.

Figure 18 presents data from a series of test runs at simulated turbocharged
conditions. Note that the effect of the cetane number variations on the shape and
timing of the heat release rate distribution is not nearly as significant as during
the naturally aspirated runs. A smaller effect of cetane number differences on ig-
nition delay under simulated turbocharged conditions was also noted in Fig. 16. The
data indicate a higher peak radiant heat transfer rate for both the 30 cetane and
50 cetane fuel than the 40 cetane fuel (0.470,.0.479 and 0.430 million Btu/h-ft 2 ,
respectively). Thus, cetane number variation by varying the relative percentage of
the two. secondary reference fuels used shows the lowest emission from fuel of mid-
range.

EFFECT OF CETANE NUMBER VARIATION USING PARAFFIN FUELS ". Since the cetane
number variation with the secondary reference fuels was obtained by changing the
relative concentration of fuel components, an attempt was made to determine the ef-
fect of cetane number variation while keeping fuel character variations to a minimum.
To accomplish this task, isooctane and normal heptane were chosen as the fuel con-
stituents. Thus, the fuel cetane number was varied between 30 and 50 while maintain-
ing the overall carbon to hydrogen atom ratio between 0.438-0.442. However, some of
the physical characteristics of these fuels, such as viscosity and density, are quite
different from those of normal diesel fuels. The effects of these variables on such
significant parameters as fuel droplet size, spray penetration, and injection dura-
tion were beyond the scope of this study.

As Fig. 19 indicates, all runs for this group of paraffinic fuels showed a great-
er portion of the heat release occurring in the premixed flame mode than occurred
with the blends of secondary reference fuels. The runs for the fuel of 40 and 50
cetane rating produced quite similar radiant heat transfer rate curves, while the
run from the 30 cetane produced considerably lower values. The parameters which pro-
duced the same overall heat transfer rates for the 40 and 50 cetane runs were a higher
temperature and lower kL value for one run and the converse for the other run. Also
of note is the variation in kL value during the early portion of radiant emission;
this is liktely the result of signal nosie associated with low level signals as dis-
cussed with reference to Fig. 8.
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EFFECTS or FUEL. FAMILY VARIATION AT FIXED CETANE NUMBER ... In order to doter-
mine th,. l.' [.ct or ruel family c:h;,racteristics at a given cetane number, three,Ž fuels
wo.r' csll;('n, an alroniltic, a pariff in, aln(] an olefin.

Toluene was chosen a! an aioimatic fuel, isooctane as a paraffinic fuel., and
isooctane as an olefinic fuel. To obtain a cetane number of 40, each of these fuels
was inodified by the addition of 50-58.7% by volume of normal heptane. Thus, these
tests compare fuels having a cohumon constitutent, normal heptane, with additions of
the other hydrocarbon (HC) families. The carbon-to-hydrogen ratio for this series
of fuels varied from 0.442 for the octane-heptane mixture to 0.608 for the toluene-
heptane mixture.

Figure 20 portrays the results obtained from-this series of runs. Some differ-
ences may be noted in the shape of the heat release curves and the ignition delay,
even though an attempt was made to match cetane rating for the fuels. It is obvi-
ous thaL, although cetane rating as defined by a naturally aspirated engine test
may be equal, the ignition delay can vary significantly under simulated turbocharged
conditions.* These variations in ignition delay may be part of the explanation for
the lowt.r radiant heat transfer rate of the isooctane-normal heptane blend. The in-
creased ignition delay changes the entire pressure-time history encountered in the
engine.

There was also a significantly higher heat transfer rate for the toluene-
normal heptane combination as compared to the other two fuels. Since the observed
radiant temperature Aistories were similar for the octane and toluene tests, the
reasons for these differences can be associated with the larger value of kL obtained
from the toluene-normal heptane fuel run. One explanation is that there is a sig-
nificant increase in carbon particle concentration within the reaction zone as a
result of the high carbon-to-hydrogen atom ratio of this fuel.

Aromatic fuels produce increased amounts of exhaust smoke in diesels. This ob-
servation agrees with the above conclusion and also with the fact the exhaust smoke
values were measured to be higher with the toluene fuels.

EFFECT OF ADDITIVES CHOSEN TO GIVE SAME CETANE RATING ... Since tetraeythyl
lead (TEL) and amyl nitrate are widely used additives for modifying the ignition
character of fuels, a series of tests were run to determine their effect of radiant
emission. To try to maintain constant overall combustion characteristics, secondary
reference fuel blends were used with the addivites to give the same cetane numbers.
Test data are shown in Fig. 18 for the undoped 30 and 50 cetane numbers blends in
which the additives were used.

TEL was added to the 50 cetane blend to reduce its cetane rating to 40. Amyl
nitrate was added to the 30 cetane blend to increase its cetane rating to 40.

Figure 21 shows the result of the radiant emission measurements. As the heat
release rate curves indicate, the rate of burning for all three fuels was nearly
identical. Thus, the variations in emission that were noted are likely the result
of modifications of the reaction zone processes.

When comparing the data in Fig. 21 with that in Fig. 18, one notes that the ad-
dition of the amyl nitrate to the low cetane fuels brought about an increase in radi-
ant transfer over that previously observed with the 30 cetane fuel. This increase
was larger than the increase expected from a simple increase in cetane rating. Also,
the addition of the TEL brought about a large decrease in the, radiant heat transfer
rate. This decrease in radiant heat transfer rate was also larger than that which
would have been expected from the comparison of the 40 and 50 cetane curves in Fig.
18. Thus, it appears that the carbon and radiant emission aspects of the flame re-
action are not directly controlled by the overall heat release rate.

COMPARISONS WITH OTHER INVESTIGATORS RESULTS

The tests in the first phase of this program were run at engine test conditions
similar to those by LeFeuvre during his determination of total instantaneous heat
transfer rator. at various positions in the cylinder head and sleeve. Table 3 pre-
senLs a sumnary of the results obtained by LeFeuvre and results obtained at the same
conditions by the present authors.
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Although the operating conditions used by LeFeuvre were maintained during these
authors' tests, additional factors must be considered when comparing the results of
the two sets of tests. Although the same engine was used, the combustion chamber
bowl used for the radiation tests was considerably larger in diaxmetor than that used
for LeFeuvre's tests. Also the thermocouples used by LeFeuvre were all mounted in
locations such that their view of the combustion chamber was completely obstructed
during the period close to tdc when high values of radiant emlission would have been
expected. Since the hot running piston--to-head clearance for this engine was of the
order of thousandths of an inch, LeFeuvre's data might not include a significant
amount of the potential radiant heat transfer but they might, on the other hand,
contain inflated values for the convective portion of the heat transfer.

Even with the above-mentioned difficulties, some interesting conclusions can
be drawn from data comparisons. Under all operating conditions, the peak values
for the radiant heat transfer were significant compared to the peak values of total
heat transfer measured by LeFeuvre. The time-average values for the radiant heat
transfer amounted to approximately 20% of the integrated time average values re-
ported by LeFeuvre.

An additional interesting comparison with the data of LeFeuvre can be'made by
further analysis of the data for injection timing variations. Figure 22 presents
data from LeFeuvre in which total heat transfer rates were measured as the injection
timing was varied. The data have been replotted to the same scale'used in Fig. 13
for the radiant emission data. When the corresponding curves for the various'injec-
tion timings are compared, it appears that there is indication of a possible addi-
tive combination of radiative and conduction heat transfer effects. To depict this
possibility more clearly, Fig. 23 presents a plot of the difference between the ob-
served total heat flux of LeFeuvre and the potential radiant heat flux measured in
this study, that is, if the data were directly comparable, the convective heat trans-
fer. Note that during the high heat transfer rate portion of the curves there does
appear a tendency towards a similar convective heat transfer rate. The major
deviations occur during the time between 370 and 390 deg for the 30 deg btdc timing
runs. As explained earlier, it is expected that the values of radiant heat trans-
fer rate during this time period might have been attenuated by the viewing access
passage. Thus, inflated values in the difference curve might be expected during
this time.

The values obtained by this study appear at first not to substantiate the re-
sults obtained by Ebersole (19). Ebersole reported that radiant heat transfer should
account for up to 40% of total diesel engine heat transfer at high F/A while this
study yielded values for time average radiant heat transfer rates equivalent to ap-
proximately 20% of LeFeuvre's total heat transfer rates. Part of this difference
might be explained by the differences in the combustion chambers employed by LeFeuvre
and Ebersole, as well as their specific observation points in the combustion chamber.
Ebersole's measurements were taken over the combustion bowl of a low-air-swirl, wide-
bowl diesel combustion chamber. As a result of its placement, the sensor had full
view of the combustion chamber during the period of the cycle in which high radiant
emission would have been expected. Also because of the sensor's placement over the
bowl, one would suspect that it was not subject to large combustion-induced gas ve-
locities parallel to the head deck surface. This factor could have reduced the con-
vective portion of the total heat transfer resulting in a higher percentage of the
total heat transfer being caused by radiation. On the other hand, the placement of
LeFeuvre's surface thermocouples was such that they were out of view of the bowl
during the high emission period and they were subject to-very high combustion-induced
gas velocities parallel to the surface where the heat transfer was measured. Since
the two factors mentioned regarding LeFeuvre's thermocouple placement caused oppos-
ing effects on the assessment of what portion of the total heat transfer was caused
by radiation, no definite conclusion may be drawn with regard to this point,

ANALYSIS OF DATA

INTEGRATED EMISSION MODEL .. , As stated earlier, attempts to obtain a closed
form solution for the integral of the emission model used proved unsuccessful. How-
ever, the analysis did suggest the following approximate function for Ca which yields
a closed form solution and pointed out the parameters to be used in an approximate
evaluation. Changing the power to which A was raised in the monochromatic emissivity
expression to unity rather than 0.95 the following approximate expression for Ca was
obtained:
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Jolley (24) presented a solution to the above integral as follows:
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Since r(4) is equal to 6:
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Therefore to a good approximation, emissivity is a unique function of the TRkL prod-uct. To check this result on the actual formula for ca used in the analysis, anumerical integration of the model was performed over the range of 0.5-10 Jim.
Values of temperatures between 2000-5000 R were used in conjunction with values ofkL between 0.1 and 6.4. The data points plotted in Fig. 24 indicate that the actualca of the model was essentially also a unique function of the TRkL product. Plotted
along with the integrated data points is a function obtained with a least squares
curve fit to the data points. The function was:

= -10.04 + 6.092 ln(TRkL) - 1.360(ln(TRkL)) 2

a R
+ 0.1315(in(TRkL))' . O.004546(ln(TRkL)) 4 (10)

As can be noted in Fig. 26, this formula accurately describes the apparent grey-bodyemissivity of the model over the range of TRkL between 200 and 32,000.

Using the approximate solution for ca, the potential radiant heat transfer
can be evaluated directly knowing values of TR and kL.

POTENTIAL EMISSION SOURCES ... The experimental data obtained by this and other
studies indicate very large variations in temperature must exist at times in thecombustion chamber of a diesel engine due to stratification. Since the apparent tem-perature of the carbon particles was on the order of 4000 R while the mean (massaverage) gas temperature was less than 3000 R, an analysis was made to determinewhether the observed temperature and monochromatic emissivity variations could beused to infer a specific temperature and spatial distribution of the carbon particles.

Lyn (21) and Liebert (23) have presented data showing that the size of carbonparticles in diffusion flames are of the order of magnitude of hundreds of angstromsin diameter. Analysis of particles of this size indicates that they would equilibrate
thermally with the surroundings in less than 0.1 ms.
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To test for any restraints the observed data might put upon the spatial carbon
particle distiibutions, a 20 slat) monodirectional flux* emission model was mechanized
for solution on a digital computer. This model allowed the assignment of any arbi-
trary temperature and carbon particle distribution to the individual slabs and solved
for the emitted monochromatic monodirectional fluxes. After analyzing several tem-
perature and carbon particle distributions within the 20 slabs, it became evident
that a great number of combinations of temperature and carbon particle distributions
could be used to obtain the monochromatic intensity distribution emitted by the en-
gine.

The analysis of the multislab model did indicate, however, that the range of
* combinations of TR and kL values that were observed during the engine tests could be

produced only by a grouping of the carbon particles in such a manner as to have an
* increarieng temperature and a decreasing carbon particle concentration as one moved

toward the obscrvation point. This fact would indicate that the carbon must be formed
on the cool fuel-rich s;ide of th'2 reaction zone and be consumed as it moves into the
reaction zone with no significant concentrations of particles passing through the
zone to the much cooler gases outside. This situation has been observed in labora-
tory diffusion flames (25).

Another point of interest was that the radiation emitted was of a continuous
wavelength distribution with no absorption minima in the region of the 3.4 ilm C-H
stretching bond frequencies. Data presented by Lyn (21) also show this phenomena.
This observation, combined with the slab analysis, indicates that during the high
heat release diffusion burning period the radiant emission viewed *by the instrument
is that generated within one reaction zone thickness. Thus, the observations must
represent events in the reaction zone interface between the fuel rich and oxidant
rich portion of the combustion chamber space. This means that the radiating mass of
burning fuel can be treated as a surface with the emission characterics measured by
the instrument.

If this interface burning is the controlling factor in combustion chambers of
turbocharged diesel engines, it appears that some rethinking and reanalysis of com-
bustion processes and pollutant fixation processes must be done on the basis of dif-
fusion reaction zone type models. Work by Tuteja (26) indicates a highly localized
nitrogen fixation region in such diffusion flames.

If no accumulation of carbon particles occurs during the rapid heat release por-
tion of the burning around the exterior of the burning fuel mass, one is forced to
conclude that the carbon appearing in the engine exhaust as smoke must be associated
with a leftover unburned fraction that has been trapped during the expansion stroke
and, thus not allowed to react before the temperatures become so low as to prohibit
completion of combustion. Breaking of the flame surface could also result in un-
burned carbon particles.

A correlation between exhaust smoke and kL values occurring late in the expan-
sion stroke seems logical and was observed in preliminary data. However, exhaust
opacity levels and combustion chamber radiation signal levels were both relatively
low. Thus, no detailed analysis was attempted.

TIME VARIATION OF APPARENT RADIATING TEMPERATURE ... The variation of the ap-
parent radiant temperature with crank rotation is plotted in Fig. 25. Along with
this plot are two other curves. One curve indicates the adiabatic compression tem-
perature assuming compression of pure air from the engine manifold condition. It is
apparent that the observed variations in the radiant temperature are of a larger mag-
nitude than the variation expected due to the pre-reaction compression of the combus-
tion air. The second curve was obtained by multiplying the adiabatic compression
temperature value by a constant such that a value equivalent to the apparent radiant
temperature was obtained at 360 deg crank position. This curve represents the poten-
tial temperature variation of a fictitious packet of the products of combustion with

*Even though this attenuated monodirection flux method was not exact in terms of ac-
tual heat flux calculations, it does represent closely the situation as observed in
the engine. This -aqreement was caused by the fact that the engine instrumentation
accepted only a monodirectional beam with a small divergence. Thus, the off-normal-
incidence radiation which causes the errors in the overall heat flux calculation was
not present in either the engine measurements or the analysis.
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subsequeont adiabatic compression and expansion caused by the combustion chamber pres-
sure variations. This variation more nearly describes the instantaneous variation
in apparent radiant temperature.

Since an extensive analysis of the data uncovered no basic method for obtaining
values of apparent radiant temperature and optical thicknesses as a function of time
during the engine cycle, the authors were forced to resort t9 an empirical correla-
tion of the observed data with the engine operating variables.

EMPIRICAL DATA CORRELATION ... As stated earlier, the potential radiant heat trans-
fer rate as a function of time during the engine cycle exhibited a shape and dura-
tion similar to that noted for heat release distributions. With this fact in mind
the authors chose to use the Wiebe function (27,28) for a correlation function to
describe the potential radiant heat transfer rate as a function of time.

This Weibe function takes the form:

)(720) b_ (ll1

Several of the terms in Eq. 11 which had previously been assigned a physical signif-ican~ce in the heat release analysils no longer have such a physical significance.

The Weibe function as used here serves only as a distribution function with the
shape desired for correlation. The combination of t,, At, and t serve to yield anormalized time function within the duration of the radiant heat transfer. The a
and b parameters, which previously had been associated with the combustion efficiency
and shape of heat release curves, have become arbitrary shape factors.. The productof (qR x 720) was equivalent to the area under the curve representing q• as a func-
tiok of crankangle. Thus, it established the size of the area block that was to be
distributed by the Weibe function. For heat release analysis, this area correspondedto the total fuel energy input per cycle, but it has no such physical significance
in the heat transfer correlation.

To fit the Weibe function, it was necessary to correlate five parameters(qR,a,b,t1,,M) with engine operating variables. The correlation of qR had already

been obtainead from an analysis of the instantaneous heat transfer rate data. To ob-
tain the otier parameters, the nonlinear least squares model fitting technique wasagain used. The emission versus crank rotation curves were represented by 39 equally
spaced ordinate points located at 5 deg intervals from 15 deg btdc to bdc. Initial
attempts extracted the four remaining parameters from the data, but the statisticaloutput from the subroutine indicated that only two parameters were needed for the
correlation. To utilize only two parameters, the start of. emission was fixed at the
experimental start of emission and correlated outside the fitting subroutine. Theduration (At) was also fixed at 360 deg as it was shown to be the least important of
the model parameters and the experimental data had shown no cases in which the dura-
tion of emission was more than 360 deg of crank rotation.

An additional problem with a unified data representation was the fact that there
had been a change in nozzle hole pattern between runs. Since this change yielded
higher emission rates for the later runs, it was necessary to multiply the values ofS~qR for the runs in which intake manifold pressure and A/F were varied by a factor of

1.11 to bring them into relative agreement with the later runs.

After doing this, the parameter values from all runs were fit with an interpo-
lation formula including first and second order terms in each of the independent
variables used in the test runs. The formulas so obtained are:

qR = 27070 + 2.603(S R-1995) - 0.005893(SR-1995)2 + 291.9(pm-59,8)

- 1. 4 4 (pM-59.8) 2 + 401.1(t n-20) + 4.620(t. -20)2

+ 26270(F-0.459) - 101200(F-0.459)2 + f(r ) + f(T M)C m (12)
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a 0.3835 - 0.00008177(S R_1995) (+ 0.000000592(S R_-1995),

-
0 .0 0 2 1 4 6 (p m_5 9 .8 ) + 0.0001565(p-M_59.8)' -

- 0.03017(t. n-20) + 0.00009224(t in-20 )2

- 0.5037(P-0.459) + 0.6062(P-0.4 59) 2

+ f(r)C+ MT) (3

b =21.54 -
0 .0 1 5 1 3 (S R - 99 5) + 0.00003804(SR_ 1995) 2  0 . 8 5 7 6 (p -_59.8)

+ 0.0454(pm-59.8) 2 
-1.396(t. i-20) + 0.0216(t.in ~20) 2

-145.5(F'-0.459) + 328.5(F-0.459 )2 + f(r ) + fMM)(4

ti 349.7 + 0.00 41 31(SR 1995) + 0.0000000001992(SR 1995) 2

- 0.l 3 9 5 (p-_5 9 .$) + O.OO0lS6 5(pM-59.8)2

- 0.5258(t. i-20) + 0.01022(t in-20)2

- 8.309(F-0.459) + 3.345(F-0.45 9) 2

+ f(r 0) + f(TM

Combining these parameters:

=(24~ (b) (cz+1) ex360)ti (16)

Thus the interpolation formulas and the correlation function allow the generation
of an approximate potential radiant heat transfer rate as a function of time during
the cycle.

Figures 26-29 show the correlation function generated by using the test condi'-
tions as independent variables in the interpolation formulas. A comparison of these
figures with the corresponding figures for the experimentally measured data indicate
that the correlation does indeed present a function with trends similar to that ex-
hibited by the experimental data. The major deviance of the correlations from the
experimental curves occurs when experimental curves possessed two humps. Since the
correlation function was incapable of generating this shape, these characteristics
are shown only implicitly in the overall shape and width of the correlation function.
This was judged to be adequate since there was no assurance that this intermediate
dip was not caused by the changes in the system introduced for viewing access, and
the incorporation of enough parameters to generate such a two-humped curve would
have made the correlation function very cumbersome.

To obtain an estimate for the radiant heat losses from the products of combus-
tion, one need only to estimate the size and location of the flame as a function of
t ime during the cycle and assign values for the area and absorptivity to each of
the parts of the comibustion chamber structure.

Figure 30 shows the results of a sample calculation using the correlation for-
mulas. Plotted are the rate of radiant heat transfer to the cylinder head surface.
the piston surface, and the cylinder sleeve.
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To generate these values tho flame was assumed to extend throughout the conibus-
tion chaimbur. The absorptivity of the head and piston top were assumed to be 0.85,
and the absor ptivity of the sleeve to be 0.2. The effective area of the cylinder
head was assumed to be the plan area of the engine bore. The effective piston area
was assumed to be 115% of cylinder head area and the sleeve area was considered to
be that area exposed above the piston top at any instant. Note the very low values
of radiative heat triinsfer for the slepvc caused by .the fact that little sleeve area
is exposed during period of high emission.

One will note that the correlation functions include terms for changes caused
by intake air temperature changes and compression ratio changes. Although the test
setup used would not allow the variation of these .two parameters, it appeared from
a review of the results that these two parameters could have significant effects on
the radiant( emission. Thus, they were included as a warning.

SUMMARY AND CONCLUSIONS

This study has demonstrated the capability of the infrared detection system de-
veloped. The system was used to obtain a large amount of data on an operating en-
gine. Approximately 15 million data points were collected by the system and used
in subsequent scaling, digital averaging, and analysis.

Analysis of the -data obtained indicated that the radiant emission from the
combustion chamber of a diesel engine was well described by a small particle model.

Engine data were collected over a wide range of engine loads, speeds, intake
air pressures, and fuel injection timings. Data were also obtained with different
fuels and fuel additives.

The engine observations show radiant emission from the combustion process with-
in a diesel engine to be significant. Radiant temperatures as high as 4311 R were
observed. The optical thickness kL during the period of high emission rate was ob-
served to rise to near 6.0, yielding an emission nearly equivalent to that of a
black body at the radiant temperature. These combinations of high radiant tempera-
ture and large optical thickness yielded peak emission rates up to 0.52 million
Btu/h-ft 2 . The apparent time-averaged radiant heat transfer rate was found to in-
crease with increased inlet manifold air pressure at a fixed F/A. This increase
was at a rate nearly directly proportional to the manifold pressure. Data taken
from runs where injection timing was varied showed a large increase in emission rates
as the injection timing was advanced. This increase in radiant emission appeared to
be associated with corresponding changes in the engine cycle temperature history.

Data from runs in which engine speed was varied yielded increasing apparent
time-averaged rates of radiant heat transfer as the engine speed was increased up to
2000 rpm. Above this speed the emission rate ceased to increase. Tests varying the
F/A while holding other variables constant indicated a sharp rise in emission as the
F/A was increased to an equivalence ratio of 0.514. At an equivalence ratio above
0.514 the emission rate was observed to drop sharply. Tests with No. 2 diesel fuel
and a 50/50 blend of secondary reference diesel fuels yielded nearly equivalent emis-
sion' rates, while a test run with normal heptane produced lower emission rates, as
had been previously shown by Ebersole (19).

Rotation of the nozzle hole pattern relative to the viewing access port indi-
cated that observed emission rates were higher when no fuel was'deliberately directed
into the viewing port hole. Tests in which significant portions of the fuel injected
was burned after a sizeable ignition delay (presumably in a partially premixed mode)
demonstrated the lack of carbon particle formation in such flames and the correspond-ing lack of carbon particle formation in such flames and the corresponding lack of
infrared emission from such flames.

Fuel cetane number variations using secondary reference fuels were found to
yield the expected trends in ignition delay under naturally aspirated conditions
with th,,so eftects being attenuated to a great degree at simualted turbocharged con-
ditions. Radiant heat transfer rates were found to decrease with decreasing cetane
number under naturaIlly aspirated conditions. This same trend was not evident under
simulated turbocharged conditions.
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Changes in cetane rating by variation of the percentage of isooctane anci.normal
heptan, in a fuel mixture yieldud similar radiant emission rates for the 40 and 50
cetane blends and lower emission rates for a 30 cetane blend.

T!;Lts run at the same cetane rating with fuel containing blends of toluene,
isooct.an,, and isooctene with norn:al heptane showed larger radiant emission rates
from the Loluene blend as well as increases in exhaust smoke opacity.. These tests
also showed a considerable variation in ignition delay with fuel of the same nominal
octane rYating.

The addit.ion of amyl nitrate to a secondary reference fuel blend caused an in-
crease in the radiant heat transfer rate beyond that expected from the change in
fuel celan. rating. Addition of TEL caused larger decreases in radiant heat trans-
fer rate than would have been expected with simple cetane number changes resulting
from variation of secondary reference fuel blends.

An empirical function for the instantaneous radiant emission was fitted to the
engine observaitions using a form similar to the Wie'be function used for heat release
rate correlation. The correlation function was as follows:

q= (2q)(b)(a+l)(t--N) exp t)

The values for the qR, a, b, and t, parameters were fitted to second order interpo-
lation functions in the test parameter spaces. Parameters which were included in
the interpolation formulas included: engine speed, inlet manifold pressure, fuel-
air equivalence ratio, and fuel injection timing. Also included in the formulas
for the! sake of completeness were terms for inlet air temperature and engine com-
pression ratio since the analysis of the data indicated the potential singificance
of these two terms even though the engine test hardware would not allow the explicit
evaluation of their effects.

NOMENCLATURE

E monochromatic emissivity

k = absorption coefficient/unit path length

L path length

Swavelength

T = radiant temperature, R
R

Ca pseudo grey-body emissivity as defined by Eq. 2

SC1,C2 constants in Planck's radiation equation

a Stefan-Boltzman constant

aa- j= radiant heat flux, Btu/h-ft
2

r(4) = gamma function

C(4,0) = compound zeta function

time average radiant heat transfer, Btu/h-ft 2

b shape modulation factor

a shape modulation factor

t time during cycle for which qR is being calculated expressed as
crankangle degrees
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1= time o[ start of radiant heat transfer, crankangle dog

At duration of radiant heat transfer, crankanylg. deg

expil = e[]

SR = engine speed, rpm.

PM = manifold pressure, in Hig abs

t. = beginning of fuel injection, crankangle deg btdc

F = fuel-air equivalence ratio, actual fuel-air/stoichiometric fuel-air

f(r ) = unevaltiated function of compression ratio

f(Tm) = unevaluated function of inlet air temperature
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Table I - Summary of Engine Parameters when Operating Variables were Studied

Manifold
•Prriaure, Injection Advance

Run Rpm in US ahs Equivalence Ratio deg CA bide Fuel Nozzle Cetane No.

20 2000 59.8 0.514 20 No. 21 No. 100 40
27 2010 60.2 0.230 20 No. 20 No. 1 40.
54 1010 60.7 0.398 20 No. 20 No. 1 40.
62 1505 59.9 0.469 20 No. 20 *No. 1 40
70 2490 60.0 0.463 20 No. 20 No. I 40
77 2000 59.6 0.749 20 No. 2D No. 1 40
84 1995 59.8 0.459 20 No. 2D No. I 40
91 2005 75.4 0.469 20 No. 2D No. 1 40
98 195 30.1 0.438 20 No. 2D No. 1 40

III 2W30 60.2 0.4O 5 20 No. 2D No. 2 40
118 2005 59.7 0.439 20 50/50 SRF* No. 2 44
12S 1995 59.9 0A55 30 50/S0 SRF No. 2 44
132 1995 59.9 0.457 10 50/50 SRF No. 2 44
140 1980 60.4 0.434 20 50/50 SRF No..2 44
148 2000 60.3 0.445 20 N-Ileptane No.2 5S

"50/50 SRF speclfiec equal volume. of L19 and TI6 recondiry reference diesel.
-*Refer 1o FIg. 14 for difference between No. I and No. 2 no7.7le spray patterns.

NOTE: Intake manifold air temperature was maintained at 100 F for all nrns reported in this study.

Table 2 -Engine Paramelers and Fuel Specifliation

Inlel Pressure, Cefane Volume. Equivalent
Run No. In lip abs -Fuel No. % -Formula

M26 60.6 SRF 30 18.2 CnH2n
M 130 30.5 (TI6 + U9) (T16)
M 119 60.2 SRI' 40 38.2 CfH2n
M 159 30.2 (T 16 .U9) (T"16)n
M34 60.2 SRF 50 58.2 CnH2n
M 137 30.1 (TI6 + u9) (T16)
M13 60.8 Isooctane + 30 75 . C1.7 3HI7.5

n-heptane (octane)
M53 60.6 lrnerlane + 40 50 C7,47HI6.9

n-hrphane (octane)
M65 60.6 Isonclane + 50 20 C7.118 16.4

n-aleptane (octane)
M442 60.2 . nhiene + 40 41.3 C71t1 L.

nsheritane (toluene)
MR7 60.6 Io.n rtne (I)1D) 40 50.8 C7. 4 91116

4 n-heplane (oclene)
M94 60.6 SRI + 40 (N30 SRI: * Amyl nitrate

mrnyl nitralt 0.3% vol.
MI406 60.5 SRl: 4. TI'.L 40 CN0 SRI: 4. TEL

3 er/Ial
Itolrune %peed - 2W300 rpm
Nolnlnsl Ihsilsle tliming - 20 dteil hide
No,ifr - No. 2
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Table 3 - Comparihon of Radiant to Overall Ileat Transfer Rates

Radiant lheat Transfer -Total Ileat Transfer'

Run "Intintaneous Avernge Run Instantancous Average
No. Peak Ratc" Rate" No. Peak Rate** Rate**

20 3R8000 27297 133 N.A. 137950
27. 391155 14729 144 560000 69190
54 337435 15009 136 1080000 83250
62 414507 23362 137 930000 99460
70 334663 24747 138 1540000 134060
77 214531 23254 "145 1650000 167570
84 366360 22957 132 1270000 119790

* 91 416445 28442 154 1420000 138170
98 407392 14893 152 1100000 88000

125 524143 31467 151 780000 122060
132 306001 23498 150 1250000 121090

*Data from the work of LeFeuvre. Information from runs at
, engine conditions similar to those of this author. Data presented
represents LecFeuvre's data for thermocouple I located in the

cylinder head deck.
• *ltu/h.ft2 .
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ENGINE VIEWING ACCESS
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Fig. 1 Engine modifications for ob- Fig. 2 Schematic diagram of detection
serving radiant emissions, and window transmission calibra-

tion system.
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"Phadtco So Itd Magnetic -Digital Data Tape _

1512 K L~rge Scale Digital Computer
300K Thermocouple Digital Data Manipulation System
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Fig. 3 Schematic diagram of radia- Fig. 4 Block diagram of data Acquisition
tion detection electronics. and reduction system.
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Emmission vs Wavelength
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heat flux from engine. lease rates when engine speed

is varied.
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Variation in Optical Thickness 
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Nozzle Spray Pattern Comparison
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"Fig. 13 Radiant emissions and heat Fig. 14 Plan view of spray patterns of
release rates when injec- nozzles 1 and 2.
tion timing is varied,

ijj: ,- tij[

Sij~

I!.

Fig. 15 Radiant emissions and Fig. 16 Radiant emissions and heat re-

heat release rate lease rates for fuels used by
when nozzles 1 and 2 previous investigators.
were used.
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Temperature Variation during the Cycle
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Interpolated Model Fit at Various Injection Timings
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APPENDIX VI

A

The Computation of Apparent Heat Release
for Internal Combustion Engines

R.B. Krieger and G.L. Borman
Mechanical Engineering Dept.

University of Wisconsin

ABSTRACT

The equilibrium thermodynamic properties of the products of combustion of CnH2n
and air as calculated by Newhall and Starkman are used to obtain mathematical ex-
pressions for the internal energy and gas constant as functions of temperature, pres-
sure, and equivalence ratio. The lean side formulation is in terms of a single equa-
tion for internal energy which covers the region of normal interest in diesel engine
practice. The rich side formulation is in terms of a single equation for each of a
selected number of equivalence ratios. The equations for the properties are com-
bined with thermodynamic analysis to predict heat release rates from experimentally
obtained engine pressure diagrams. The models and computer methods used for these
computations for both compression and spark ignition engines are given. Both models
for heat release include the effects of instantaneous heat transfer. A homogeneous
mixture with instantaneous burning of incremental fuel masses is assumed in the
diesel computations. The spark ignition model utilizes a division of the combustion
chamber into a burned and an unburned portion. The heat transfer from each of these
two gas systems is computed independently. The computation gives a volume, tempera-
ture, and mass of the burned portion as a function of crankangle. Calculation re-
sults for different input data are discussed and compared. The various assumptions
incorporated in tho models are discussed in relation to the actual physical processes
and to the use of the calculations in cycle simulation programs.

INTRODUCTION

The mathematical detailed simulation of engine cycles has been the subject of
numerous investigations during the past ten years (1-9) 1. In such detailed treat-
ments, the equations of change for a fluid are applied to the engine cycle and solved
step-by-step on a computer to give calculated pressures, temperatures, compositions,
heat-transfer rates, mass flow rates, and so on as a function of engine crankangle.
Comparisons of these calculated values with experimental data (1) have shown that it
is feasible to simulate an engine in detail and that the computer results may be used
to help design engines. Unfortunately these simulation cycles are least detailed in
their description of the combustion process and thus give a minimum of information
concerning the combustion aspects of the design problem. Furthermore, the basic
models ne6ded to simulate the nonhomogeneous diesel combustion process and the homo-
geneous spark-ignition combustion process are quite different.

In the case of diesel combustion, some effort (10,11) has been expended in try-
ing to relate the fuel-injector diagram to the heat-release curve on a quasi-empirical
basis. More fundamental studies (12,13) of the droplet vaporization and combustion
mechanism do not seem to be far enough advanced to allow their use in calculating the
burning rates. Until these more detailed approaches are successful, it is thus nec-
essary to obtain the heat-release curves from an analysis of experimentally obtained
prevsure di.tcrams. This paper proposes such a method of calculation which includes
both the• effects of heat transfer and the dissociation of the products of combustion.
While the model does not shed much light on the details of the combustion phenomena,
it does give some quantitative information on the overall process. From a practical
viewpoint, it also allows one to fit the combustion process into a detailed cycle
simulation.

lNut-tbers in parentheses refer to References at end of paper.
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"TABLE 1

Prlo•s sur(e-Tcmiperature! Range for Lcan-Side Fit

P, psia T deg -R maximum

10 4200

20 4400

30 4600

40 4800

60 5000

!00 5200

200 5400

300 5600

400 5600

600 5800

1000 5800

2000 6000

3000 6000

5000 6000
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in the case of homogeneous spark-ignition combustion, the phenomena seem more
amenable to analysis and various theoretical models have been proposed (14-16).
Patterson (8) applied the laminar flame-velocity theory of Semenov (17) with a cor-
rection factor for turbulence effects. Generally the factor for turbulence is not
known and its value must be estimated from an experimental pressure-time diagram.
Because of the many unknown factors caused by chamber shape, spark-plug location,
quench, turbulence, and so on, Hiuber and Brown (9) have suggested that a highly sim-
plified mass-burned curve be used with empirical adjustment based on the unpublished
data of Mosher, Robison, and Ojala. Since both of these methods ultimately rely on
experimental data, it would seem reasonable to obtain the burning rates directly
from experimentally obtained pressure-time diagrams without recourse to any theories
of flame velocity.

As is well known (18), the spark-ignition engine-pressure diagrams vary consid-
erably from cycle to cycle. Thus if the ultimate simulation cycle is to represent
a time-averaged cycle, an appropriate time-averaged pressure diagram must be used
in the burning rate calculations. This paper proposes such a method of calculation
which includes both the effects of heat transfer and dissociations of the products
of combustion. The model does not account for prereactions in the end gas although
such reactions may be quite significant (19).

Both heat-release models proposed here are similar in that they require:

1. An experimental pressure-time diagram.
2. Expressions for the internal energy and gas constant of the products and

unburned mixture.
3. A correlation for gas-side heat-transfer coefficient.
4. An estimate of metal temperatures for the exposed cylinder surfaces.
5. An estimate of the initial composition and mass of the gas in the cylinder

just prior to combustion
6. Data which describe the geometric design parameters pf the engine.

Both models are also similar in that their main utility is their use in con-
junction with a detailed cycle simulation. The results of heat-release calculations
may, however, also prove useful in obtaining empirical correlations between various
design parameters and the heat-release shape.

Because both heat-release models require expressions for the thermodynamic
properties of the combustion gases, the first part of this paper gives mathematical
equations for the dissociated products of combustion of CnH2, and air. The rest of
the paper then discusses the combustion models and some resu ts obtained from cal-
culations based on these models.

INTERNAL ENERGY OF PRODUCTS OF COMBUSTION

The equilibrium thermodynamic properties of the products of combustion of CnH2n
and air were calculated by Newhall and Starkman (20,21) using the data from the JANAF
tables (22). The reference temperature used for these calculations was 298 deg K
which is the reference used in the JANAF tables. For purposes of the computer pro-
gram and in order to check against the calculations of reference (23), these values
were converted to 0 deg R reference temperature.

The internal energy of the combustion products as used here is the absolute
internal energy. The absolute internal energy is the sum of the sensible energy
(at T deg R above that at 0 deg R) and the heat of formation (at T = 0 deg R from
elements in their standard reference states at T = 0 deg R). For a fixed hydrogen-
carbon ratio, the internal energy will be a function of temperature, pressure, and
fuel-air ratio. The correction to 0 deg R reference was accomplished by use of the
formula

""54u -(0K) -U (2980K) (1)

6u 1800 X- 11  -H8(0 -( - H " (2)
" "a8 (298) O298 988 (0)i IF(I.4j
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The mole fractions, xi, were frozen at the 1600 deg R values computed by Newhall and
Starkman.

The internal energy per pound of original air for undissociated products is a
linear function of equivalence ratio. Thus at a particular pressure, lines of con-
stant temperature are straight lines on a plot of internal energy versus fuel-air
ratio below 2600 deg R where the effects of dissociation are negligible. The effect
of dissociation on such a diagram is to shift the lines upward at higher temperatures
and to cause some deviation from straight lines near the equivalence ratio of F = 1.
In general, the effects of dissociation are largest at low pressures, high tempera-
tures, and equivalence ratios near unity. It should be noted that the derivative
au/aF changes sign from negative to positive as F increases from less than one to
greater than one. For no dissociation, the first partial of u with respect to F has
a finite discontinuity at the value F = I.

EQUATIONS FOR LEAN-SIDE INTERNAL ENERGY AND GAS CONSTANT

The internal energy of CnII2n as calculated by Newhall and Starkman is in the
form of tables or graphs. A great saving of computer time can be achieved by having
the data in the form of equations. The internal energy and gas constant were thus
fit as a function of T, p, and F. For F 4 1, the following procedure was used.

The first step was to compute the internal energy and gas constant assuming no
dissociation

u* = A(T) - B(T).F BTU/lb original air (3)

where

A = 0.16528 T + 5.1979(10)-$T' + 3.9016(10f'T3  - 9.3632(10)- 1 3 T 4 + 6.3156 (10) -1 7TI

(4)

B = 1311. - 1.3623(10)-2T - 1.2605(10)-'T 2 + 1.587(10)"T' - 8.2022(10)-14T4

(5)

R* = .0685548 + .004788 F BTU/ 0R-lbm original air

(6)

The second step was to limit the range of T and p to those values encountered
in combustion engines. The ranges are listed in Table 1. The values of pressure
listed correspond to those pressures for which Newhall calculated points.

The third step was to fit the deviations, u - u*, from the nondissociated
values as a function of T, p, and F using a least-squares routine. Graphs of the
deviations at constant pressure versus 1/T on a semi-log plot give essentially
straight lines. The final equation for the intetnal energy was thus found to be
given by

u = u* + exp(C1 +C2 +CS)

Ce = 10.41066 + 7.85125 F - 3.71257 F3

C2 = (-27.00107-28.5087 F+17.30375 F3 ) (1000/T)

C3 = [0.154226 FP - 0.38656 F - 0.10329 + (.21289 F -. 026574)(1000/T) In(p)

BTU/lbm original air

(7)
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The model first assumes thermodynamic equilibrium at each instant. As part of
this assumption, it is thus assumed that the entire cylinder contains a homogeneous
mixture of air and combustion products at each instant. Phenomena such as tempera-
ture gradients, pressure waves, nonequilibrium compositions, fuel vaporization, mix-
ing, and so on are thus ignored in this model.

The burning is assumed to take place incrementally as a homogeneous combustion
and thus acts as a uniform heat source. With these assumptions, the equation of
energy becomes

d - =- dV + + hf dM(9

i

In order to use this equation, it is convenient to write

du Du d2 + 42. + (10)
dt3Tdt W p dt aF dt

dR DR dT + ._ + (1i)
dt DR dt ap dt aF dt

Using the functional forms of u and R given by equations (3) to (8), the partial de-
rivat-ives can be written explicitly in terms of T, p, and F. The time derivative
of the equation of state, pV = MRT, gives an expression for dT/dt which can be used
to eliminate that quantity from the energy equation. The equivalence ratio at any
instant is given by

+(e+ - (1 +fo (12)

dF 1+ fa dM (13)
3t fsMo dt

The equation of energy can thus be solved for N, the mass burning rate

"-RT dV •3 u d_[
1 d M V a t a 3 d t M . " i

=dt C D o3)? (14)
, at u - h + D B-• • + a

f BF R t

where - l2 3 a i )

p dt Rap dtV -tj

au /(+ T R

D L (l+-L_)_M

These equations can be solved numerically to obtain M as a function of time (or
crankengle) provided that the initial values of mass in the cylinder and equivalence
ratio are specified with p and p supplied from experimental data.

Obtaining the pressure derivatives from pressure data is not a particularly ac-
curate process since a good deal of smoothing of the pressure data is necessary in
order to obtain roasonably smooth pressure-derivative curves. In most cases, naturally
aspirated engines give pressure diagrams which contain high-frequency components of
considerable magnitude. While some of the oscillations are introduced-spuriously
by the instruiw'entaijon, most of the waves are actually produced by the combustion
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process. It is reasonable to expect, however, that these pressure oscillations are
local pressure changes (waves) and that the mass average pressure is a smooth curve.
Supercharged engines (or single-cylinder engines run with boosted tank pressures)'
on the oth•,r hand, normally give fairly smooth pressure-time diagrams so that little
or no smoothing is required.

The instantaneous heat transfer from the gas was computed from the Annand (24)
correlation. Five metal-surface areas representing the head, piston, sleeve, and
valves were each assigned a different constant temperature. These surface tempera-
tures must be either estimated from experimental data, or computed by use of a cycle
analysis program (1,2).

The equations of energy and mass continuity together with the equations of
state, internal energy, and gas constant are integrated using the modified Euler
technique to obtain the mass of fuel burned during each crankangle increment. A
running integral of the mass rate gives the total mass of fuel added up to a-y given
crankangle. The pressure values which are needed at each step are calculated from
a smoothed pressure-crankanqle table by using a second-degree Lagrangian interpola-
tion formula. Thius it is not necessary to tabulate the pressures at equal intervals.
The values of the pressure derivative are computed from the differentiated form of
the interpolation formula. Considerable care must be exercised in handling the data
if the derivative curves are to be reasonably smooth. Spurious derivative values
may cause the mass rate of burning curve to oscillate and even go negative for short
intervals. Such oscillations are particularly apt to occur near the extremes of the
burning periol when the values of the burning rate are very small. Some "negative
burning" should, of course, be expected if the calculation is started during the
portion of the cycle when significant fuel vaporization but no combustion is occur-
ring. The causes of "negative burning" near the end of the combustion period are
more difficult to explain. In either case, however, negative mass rates cannot be
allowed as they cause the following positive rates to start at invalid conditions.

The total CDC 1604 compile and computation time for one heat-release diagram
using an increment size of one crank degree is less than 2 min.

RESULTS OF DIESEL HEAT-RELEASE CALCULATIONS

Calculations of apparent heat-release rate have been carried out using pressure-
crankangle data supplied by International Harvester (1) and Continental Aviation
Engineering (2). IH obtained their data from an open-,hamber liquid-cooled single-
cylinder research engine and CAE from a single-cylinder air-cooled engine. Calcu-
lation results shown here are based on the IH data although similar trends and quali-
tative behavior were found to hold for the CAE data. A description of the IH engine
and its performance are to be found in reference (1).

All IH data were taken with a point-by-point balanced diaphragm indicator (28).
While the balanced diaphragm method gives very accurate pressure readings, it also
necessitates an undesirable sampling technique. Ideally, the heat release should be
calculated from a pressure trace which results from averaging a large number of in-
dividual cycle pressure diagrams. The balanced diaphragm method, on the other hand,
samples individual points from various cycles. Furthermore, since the method is
tedious, it is difficult to obtain a large number of points.

Figure 3 shows the cylinder pressure and rate of change of pressure for 3200
rpm full load as obtained by IH. Figure 4 shows the resulting mass rate of burning
curve obtained from the data of Fig. 3. The first peak in the burning curve corres-
ponds to the peak in the pressure derivative. The flat portion of the derivative
at about 183 CA0 causes the downward dip in the burning curve. The second peak in
the burning curve was exhibited in all data studied for both the CAE and IH data.
It is, interesting to note that small waves in the derivative such as that shown at
about 200 CA0 are greatly magnified in the burning curve. Thus, any erratic be-
havior in ' causes large oscillations in the calculated ft curve. The solid line in
Fig. 5 shows the same curve as in Fig. 4 but expanded to show the behavior at larger
crankangles. The burning rate, M, goes negative at 250 CA0 (70 CA* ATDC) and then
goes positive again. The exhaust valve opens at 290 CA0 so that some burning might
still be going on at that time. The negative and then positive late burning has
also been calculated by Lyn and others at CAE. Typically for purposes of cycle sim-
ulation, th.. hurninq rate curve would be terminated at the point of first negative
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M, i.e., at 251 CA* in Fig. 5. At 251 CA0 the total fuel burned was calculated to
be 3 Perc-,it less than the experimental value of fuel burned per cycle. At 280 CA*
the calculated fUel burned equaled 100 percent of the experimental value and the
calculation was stopped. About 60 percent of the fuel was burned during the first
l/3.of the heat-release period.

In order to study the effects of various parameter changes, a number of cal-
culations were carried out using the 3200 rpm, full-load data. The first effect
investigated was that of translating the pressure curve backward or forward with
respect to crankangle. Such shifting may be inherent in the data because of experi-
mental error. Shifting the pressure curve (and its derivative) by ± 2 CA0 caused
the heat-release curve to be shifted by about the same amount in the same direction.
The magnitude of the curve was also changed by such shifting, but the general shape
did not change. Figure 5 shows the three heat-release curves calculated in this way.
The two i 2 CA0 pressure-shifted curves have been translated by + 2 CA* in Fig. 5
so that thu effect on shape can be more clearly seen. The higher dashed curve cor-
responds to the case of shifting the pressure curve forward, i.e., so that peak pres-
sure was at 189.5 CA0 instead of 187.5 CA0 . The lower curve corresponds to shifting
the curve back 2 CA0 . Thus shifting the pressure forward causes the calculation to
show more fuel burned and shifting backward, less fuel burned. Shifting forward
cor::esponds to a delay in the balanced diaphragm response.

The second effect investigated was that of translating the pressure curve up
or down by 5 psi. Such a shift does not change the derivative curve. The effects
of the ± 5 psi shifts on the heat-release curve were negligible for the portion
prior to 190 CA0 . Comparing the amount of fuel burned up to the first negative
burning rate, the shifted-pressure calculation showed 3.5 percent more fuel burned
than the unshifted pressure. All of this extra fuel was burned between 190 and 254'
CA0 . In other words, the pressure shift caused a slight upward shift in the late
burning portion of the heat-release curve.

Another parameter considered was the effect of the heat-transfer rate. Two
calculations were made, one with the heat-transfer coefficient reduced by 50 per-
cent and the other with it increased by 50 percent. The shape of the mass rate of
burning curve was unchanged except for a slight change in the height of the peaks
and the maagnitude of the late burning portion. The total fuel burned at the point
of first negative burning was 4.8 percent less for the reduced heat transfer and
4.8 percent greater for the increased heat transfer. Again the largest change was
in the portion of the curve after 190 CA0 .

One of the important factors in the process of iterating between the heat re-
lease and cycle simulation programs is th@ choice of initial conditions. Since the
calculated mass in the cylinder and thus, the calculated pressure at the start of
the heat release are primarily dependent on tne intake and exhaust processes,
these values do not necessarily agree with the experimental data. In order to de-
termine the magnitude of this effect, the heat-release program was run with the
initial mass changed from that estimated from the experimental air-flow data. As
would be expected, increasing the initial mass decreases the final temperature,
fuel-air ratio, and mass of fuel burned. The final temperature was reduced by 4.5
percent, the final fuel-air ratio by 6.24 percent, the total mass of fuel burned by
1.8 percent, and the peak of the rate of burning curve by 1.73 percent when the
initial mass was increased by 5 percent. Thus, the two burning rate curves are
simply proportional, the proportionality factor being given approximately by the
ratio of the total fuel mass burned for the two cases. The fact that the heat-
release calculation is not sensitive to changes in initial mass is significant since
the iteration process might otherwise be unstable.

The effect of dissociation of the products was found to be negligible. If
equation (3) is used instead of equation (7) to represent the internal energy, the
oeffect, is to reduce the calculated total fuel burned for 3200 rpm, full load by
I percent. The peak of the if curve is not changed. Dissociation in this case
caused only a 10 deg F reduction in peak temperature.

One further concluding observation may be made concerning the late burning
portion of the heat-release curves. In all cases for the parameters varied, the
rate curves showed a shallow dip starting at about 250 CA0 . In most coses, this
dip caui;ed negative values of M, but even when M did not go negative, the burning
continued at a low level out to the time of exhaust valve opening. One can
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speculate that the existence of nonequilibrium in the chemistry may be the cause of
this apparent energy absorption and the continued release of energy which is calcu-
lated at late crankangles. The existence of "negative burning" is, at any rate, a
signal that the model is failing to represent the actual physical process.

No attempt was made in this study to correlate heat release with basic combus-
tion phenomena. Calculations for various speeds at full load showed the same charac-
teristic heat-release shape. Figure 6 shows the effect of speed on the percent mass-
burned curves. The percent mass burned is calculated from

06 f
M(O) = 100. f (di/dO) dO / f (dc/dO) dO (15)

00 00

Similar curves calculated from the CAE data are given in reference (2). No easily
recogniz,.d pattern is discernible.

EQUATIONS FOR RICH-SIDE INTERNAL ENERGY AND GAS CONSTANT

For F > 1, the internal energy and molecular weight were fit as functions of T
and p for various values of F. The gas constant was then calculated from the uni-
versal gas constant and the molecular weight. To do this, the internal energy was
first fit versus temperature for each of the four F values: F = 1.1, F = 1.2,
F = 1.4, F = 1.6 at a pressure of 8000 psi. A fifth-degree polynomial with two ad-
ditional terms was used for this purpose. The resulting form was

u4 = a, + a 2T + asT2 + aT, + a5T1 + a 6 Ts + a 7 TS/2 + as+ a101 + T13000 (6

where u* was an intermediate variable equivalent to the nondissociated internal ener-
gy. A set of constant coefficients ai was obtained for each F value using a least-
squares computer program and the tabulated data of Newhall and Starkman.

At lower pressures, this form of equation fit the tabulated data up to 3800 deg
R vhere the effects of dissociation began to set in causing a deviation between the
least-squares fit and the tabulated data. The deviation increased with increasing
temperature. The deviations between the tabulated values and u* were calculated and
fit for pressdres between 100 and 1000 psia and temperatures between 3800 and 6000
deg R. The form of the equations used to fit these data was

A u = A(T) + C(T)(17)
U B(T) PD(T)

where

A = b1 + b 2T + baT 2 + b.T3 + b5T4

B = b 6 + b7T

C = b 8 + b9T + bjoT 2 + bjjT3

D = b 1 2 +.bl 3 T + b 1,T
2

A set of bi values was obtained for each of the four values of F by use of a computer
program which performed a nonlinear least-squares estimation of parameters by the
method of steepest descent (29). The values of the ai and bi coefficients areI .

given in the Appendix.

The molecular weight was fit in much the same manner as the internal energy.
Below 3800 deg R, the molecular weight did not vary with temperature and the base
vQuos w- re con;Ltant for each Y value. Above 3800 dug R the effects of dissociation
became import~ant. To got base values for the entire range of temperatures and pres-
sures, the differences between the tabulated molecular weights at 8000 psia and the
constant molecular weights below 3800 deg R were fit using either a second or third-
degree polynomial. The second-degree polynomial was more accurate for F= 1.2
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and 1.6 and the third degree was more accurate for F = 1.1 and 1.4. The resulting
form of the base or intermediate values was

0niT
2 + 0 2T [F=l.l,l.4] (18)

k()constant
below 3800 (dTs + d 2 T 2 + d3T [F=1.2,1.6] (19)

At lower pressures the deviation associated with dissociation was calculated using
the relation

k= - ktable (20)

This final deviation was then fit using the same form as that used for the internal-
energy-deviation fit. The coefficient values are given in the Appendix.

To obtain tie properties for values of equivalence ratio intermediate to those
fit, interpolation was used. For values of equivalence ratio between F = 1.0 and
F = 1.2, a second-degree Lagrangian interpolation formula was used. For values of
equivalence ratio between F = 1.2 and F = 1.6, linear interpolation was used.

The resultant fitting equations are accurate to within 2 percent of the tabu-
lated internal-energy values for temperatures below 3800 deg R for all equivalence
ratios which were fit. Above 3800 deg R the internal-energy fit is within 2 per-
cent of the tabulated values for internal-energy values greater than or equal to
100 BTU/lbm and has an absolute error of less than 3 BTU/Ibm for internal-energy
values less than 100 BTU/lbm.

The fitting equations for the gas constant are all within 2½ percent of the
tabulated values.

EQUATIONS FOR FUEL VAPOR-AIR MIXTURE INTERNAL ENERGY AND GAS CONSTANT

The fuel vapor-air mixture absolute internal energy may be connected to the ab-
solute internal energy of the products of combustion with a hypothetical constant-
volume combustion process. Dissociation does not occur in the reactants and there-
fore, the reactants are a function of only temperature and equivalence ratio. The
internal energy of the reactants is given by the following equation:

TOR
Uair-vapor(T'F) UProducts(537°RF) + f reaction + AU sensible BTU/lbm-air

S0R ref. air-vaporJT 537 0 R

(21)

Note that all internal-energy terms in this equation are based on 0 deg R reference.
To use measured heats of reaction, a temperature of 537 deg R was chosen for the
combustion process.

The first term on the right in equation (21) was obtained from the Newhall-
Starknan tables. No dissociation occurs at 537 deg R and therefore, this absolute
internal energy of the products at 537 deg R is a function of equivalence ratio
only. This function is

Uprodu cts(537°R,F) -1208.4949 + (F-1.) * 299.61685 (22)

As is customary in internal-combustion engine work, the lower heating value of the
fuel at 77 dug F was used for Qreaction- The third term in the right side of equa-
L. ion (21) w!hii•! is thei chanqe in sensible internal energy of the air-vapor mixture
was obtaitied by combininc! the changes in the sensible internal energies of the air
and fuel vapor using ideal mixture rules. The change in sensible internal energy
of the air was obtained from the lean-side fit equations for an equivilence ratio of
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zero. The change in sensible internal energy of the fuel vapor was obtained from
a fit of data obtained from Rossini (30). The particular fuel chosen as being repre-
sentative of gasoline fuel was 1-octane, CeH16. The equation representing this fit
is

U v (T)r (15.791+3.4765(10)-2y + 3.6285(10)-'T 2 - 4.5032(10)-12T

- 5.4331(10)- 1 2T4 + 1.5757(10)-'TS)f

BTU/lb m-ain

(23)

The final expression for the absolute internal energy of the air-vapor mixture as a
function of temperature and equivalence ratio is obtained by calculating the sensible
u for the iir-vaor mixture at 537 and T deg R using equations (4) and (23) and then
substituting these values and the appropriate value from equation (22) into equation
(21). The units for temperature are deg R and for u, BTU/]bm air. Again, division
by 1 4 (0.067623)Y is necessary to convert to units of BTU/lbm air-vapor mixture.

The r:actanzs also contain residual combustion products from the previous cycle.
To obtain th!e absolute internal energy of the complete air vapor, residual mixture,,
the ideal mixture rule gives

Urtants (T,) = mfair vapor Uair vapor (TF) + mfresidual residual(TF)

total

BTU/lbm mixture
51 (24)

where the mf are the appropriate mass fractions.

The gas constant for the total reactants mixture was also obtained from the mix-
ture rule and the known molecular weights of the three constituents.

MODEL FOR SPARK-IGNITION HEAT RELEASE

One of the basic problems in determining the heat-release diagram for spark-
ignition engines is the determination of the shape of the flame front and burned
volume. This problem can be alleviated by formulating the model in such a way as to
reduce the importance of the shape of the combustion products volume. In the model
proposed here, the exact shapes of the burned and unburned mixture volumes is only
important insofar as these shapes determine the heat transfer from the gases to the
metal surfaces of the combustion chamber and the heat transfer across the flame
front from the burned to the unburned mixture.

The model assumes that at any instant during combustion, the chamber volume can
be divided into a burned and unburned volume separated by an infinitesimally thin
flame front. Each volume is assumed to be in thermodynamic equilibrium and both
systems are assumed to be at the same pressure at any instant. The subscript u is
used to indicate the unburned system consisting of fuel vapor, air, and residual
products. The subscript b is used to indicate the burned system consisting of the
products of combustion.

The total volume, V, is defined by the geometry and speed of the engine as a
function of the crankangle 0. Thus

V =Vb + V (25)

The total mass can be assumed constant if blowby and valve leakage are neglected,
thus giving

M Mb + M (26)

or

Mb -M (27)
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Since the pressure is assumed uniform, the equation of state, assuming ideal gases,
gives

P = JMbRbTb/Vb = JMuRuTu/Vu (28)

Differentiation of equation (28) with respect to crankangle gives

,b,+ kb ýbp Mb Rb + b b (9

k R- Tu V
U U U U (30)

UU U U

If engine pressure data are available, the left-hand sides of equations (28), (29)
and (30) are known functions.

We turn next to the energy equations for the two systems. By assuming thermo-
dynamic equilibrium, we have neglected the thermal gradients in the two systems and
may thus write

- pv n
"uUu = (+ u 31)

• i=l

MbUb . + + ub (32)
• i i=l

The hcat-transfer terms are summed over the heat-exchanging surfaces. For the
gas to metal heat-transfer surfaces, we write

!ui uAui(Twi-Tu) (33)

for the unburned system and a similar expression for the burned system. The heat-
transfer coefficients, Wb and are calculated using the Eichelberg (31) formula.
The metal-surface temperatures, Twi, are assumed constant over each of five surfaces;
the head, piston crown, exposed sleeve area, intake valve, and exhaust valve. The
temperatures assigned to each of these areas must be obtained from experimental data
or from a detailed cycle simulation. The difficulty in calculating the heat trans-
fer comes in selecting the fraction of each area which is exposed to the burned sys-
tem. In order to determine that fraction, some burned volume shape must be assumed.
It can be seen from examination of the equations that fortunately, this is the only
part of the calculation which requires a knowledge of this shape. In order to sim-
plify the calculations, it was arbitrarily assumed that the fraction of the piston
area exposed to the burned gas is equal to the volume fraction, Vb/V. The exposed
sleeve area was considered to be exposed to the unburned gases for the entire period
of burning. For most of the calculations, the heat transfer across the flame front
was neglected.

The system of equations can be solved for TU# assuming that RU is constant, to
give

Tup /p + ý Qui/(Mu~u)) U + (34)

Similarly, we may solve for M b. we first assume that aRb/aTb and aRb/ap are negli-
gible as can be supported by numerical investigation. Thus

J) + Lv( -1'/ Ob +1 y. b Hb# + Y

kb R aub. (35)(Su uuT
(ub-uU) + R b 3T

""b b. b
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Having calculated Tu and then kb, the rate of change of burned volume can be obtained
from

Vb = V u[Mb/Mu - /uT +pý/p] + V (36)

The initial temperature of the burned gas is taken to be the adiabatic flame tempera-
ture obtained from solving

hb(Tb) = hu(TU) (37)

for Th. The initial crankangle is set at the spark crankangle.

Equations (34), (35) and (36) were solved using the Runge-Kutta third-order
formulas with a one CA* increment size. Calculation time for one set of data was
about 1 min on thu CDC 1604 computer using a precomplied binary program.

It was found that the third-order Runge-Kutta method gave oscillations in the
burned gas temperature for about the first ten crankangle degrees. This was remedied
by iterating at the center of each interval using a modified Euler formula to obtain
the slope at this center point. This procedure gave smooth burned gas temperatures
without changing the values of the other computed quantities as compared with the
standard Runge-Kutta calculation results.

RESULTS OF SPARK-IGNITION HEAT-RELEASE CALCULATIONS

The experimental pressure diagrams given in reference (32) were used to cal-
culate mass barning rates. These data were obtained on a Waukesha RDH Engine. All
data used were for an engine speed of approximately 1830 rpm with a fuel rate of
5.08 Ibm/hr. The compression ratios ranged from 7:1 to 12:1. In each case the
equivalence ratio was 1.2 and the residual fraction was estimated to be 0.05. The
RDIi engine has a bore of 313/16 in. and a stroke of 31/8 in. The lower heating
value of the fuel was 18600 BTU/lb.

Figure 7 shows the pressure and pressure-derivative data for the 7:1 compression
ratio. The calculated mass rate of burning is also shown in Fig. 7. As in the com-
pression ignition calculations, small ripples in the pressure derivative caused
similar amplified ripples in the burning rate. For example, the small wave in dp/dO
at 183 CA0 showed up as a similar wave in dMb/de.

Figure 8 shows the computed values of Tb, Tu, and Vb/V as a function of crank-
angle as obtained from the 12:1 compression ratio data. The burned temperature
reaches a peak several crankangle degrees before the unburned temperature does. The
shapes and general magnitude of the temperatures agree with the experimental data
given in reference (33).

Figure 9 is a compilation of the computed mass-burned fraction curves for the
various data investigated. The rather odd shape of the 9.7:1 compression ratio
curve was compared to data given in reference (33). Examination of Fig. 18 of
reference (33) shows that when experimental pressures and temperatures were used to
calculate the mass-burned fraction, curves similar to that shown for 9.7:1 were some-
times obtained. The 12:1 compression ratio calculation did not reach the 100 percent
burned point because "negative burning" was predicted at 200 CA0 (about 5 CA0 after
peak pressure). Examination of the pressure curve showed that a rather rapid de-
crease in pressure occurred at this point. Similar decreases in pressure are some-
times observed in combustion bomb data where they are usually attributed to the in-
creased heat transfer which occurs when the burned gas comes into contact with the
bomnb tvalls.

One of the standard plots used in spark-ignition heat-release work is a plot
of mass fraction burned versus volume fraction burned. It has been found (34) that
this curve is (,snentially universal in that data for various operating conditions
and various engines all fall on this curve. Figure 10 shows such a curve as obtained
from the computer calculations. All compression ratio data fell within the band
shown. The computed curve agrees with the "universal curve" as obtained from anal-
ysis of flame pictures.
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Various calculations were performed to investigate the effects of charge-mass
changes, pressure magnitude shifts, heat-transfer magnitude changes, and shifting.
the pressure data with respect to crankangle. Increasing the charge mass by 5
percent caused the burning rate to decrease and thus prolonged the burning period.
Thus the nass of the charge must be known accurately if duration of burning is to
be predicted accurately. Shifting the pressure curve upward by 5 psia did not cause
any significant changes in the burning rate. Increasing the heat-transfer coeffi-
cient by 50 percent caused the burning rate to increase slightly so that the dura-
tion of burning was decreased very slightly. The general effect was negligible
however. Shifting the pressure curve to the right or left by 2 CAQ caused a change
in burning rate. Figure 11 shows the mass fraction burned curves again shifted
back in the opposite direction in the same manner as was described for Fig. 5.
Figure 11 shows that the first 70 percent of burning was essentially unchanged ex-
cept that the curves were shifted about 2 CA0 in the same direction as were the pres-
sure curves. The duration of burning, nevertheless, was unaffected by these shifts
because of the change in burning rate during the last 30 percent of burning. When
the pressure was shifted to the right, the burning was completed 2 CA0 before peak
pressure •.-hich is clearly impossible. When the pressure was shifted to the left,
burning continued for 2 CA* beyond peak pressure. It should be remarked in this re-
gard thaL for all but the 7:1 compression ratio, the unshifted "basic" calculations
showed burning beyond peak pressure. For example, 93 percent of the mass had burned
at peak pressure for the 8:1 compression ratio, 86 percent for the 9.7:1 data, and
only 80 percent for the 12:1 data. Returning to the data of Fig. 11, it was found
that these data also fell on the plot of Fig. 10 but that the data for the right
shifted pressure fell slightly below the band shown. The curve of Fig. 10 was in-
sensitive to all of the various changes in the calculations.

CONCLUSIONS A14D SUGGESTIONS FOR FUTURE STUDIES

The methods presented here for calculating rates of heat release are particularly
useful when applied to complete cycle simulations. They allow for the simulation of
combustion without requiring'a detailed knowledge of the phenomena, but are particu-
larly sensitive to the pressure-derivative data and thus require excellent quality
pressure diagrams. The methods are also limited further by the rather severe assump-
tion of thermodynamic equilibrium. They should nevertheless provide a basis for
more detailed studies of engine combustion-chamber design. Since one of the most
promising uses of cycle simulation programs is to predict performance for engines
not yet built, it is imperative that a considerable effort be made to either replace
the programs given here with more basic models which do not require pressure input
data, or to correlate various design and operating variables with the heat-release
curves as predicted by the present models. In fact, a great deal of practical knowl-
edge might be obtained by using the heat-release and cycle programs in conjunction
with a comprehensive experimental study of the effects of design variations.
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NOMENCLATLIRE

A. = area of surface i, sq in.

CA* = crankangle degrees

f = fuel-air ratio

fo = initial fuel-air ratio prior to fuel addition

fa = stoichiometric fuel-air ratio

F = f/f., equivalence ratio

hb = enthalpy of products, BTU/lbm

hf = enthalpy of fuel, BTU/lbm

lhu = enthalpy of reactants, BTU/Ibm

S= heat-transfer coefficient, BTU/sq in-deg R-sec

H ) = enthalpy of formation at T deg R for species i, kcal/mole

ls(Tl)) = sensible enthalpy T deg R reference for species i, kcal/mole

J = conversion factor, 9337.44 in-lb/BTU
4Mi = molecular weight of species i

if = mass, lbm

m, = mass fraction
j
p = pressure, psia

ýi = heat transfer to surface i, BTU/sec

R = gas constant, BTU/lbm-deg R

S= gas constant for undissociated products, BTU/lbm-deg R

t = time, sec

T = temperature, deg R

Tw = surface temperature, deg R

u = internal energy, BTU/lbm

u* = undissociated internal energy, BTU/lb m-air

6u = correction to 0 deg R reference, BTU/lbm-air
Au = deviation caused by dissociation, BTU/lbm-air

V = volume, cu in.
Xi = mole fraction of species

V = viscosity coefficient

0 = engine, crankangle, deg

SUPERSCRIPT

* derivative, d/dt

SUBSCRIPTS

u = value for unburned mixture

b = value for burned mixture
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APPENDIX

RICH-SIDE INTERNAL-ENERGY AND GAS-CONSTANT EQUATIONS

The quantity u* is calculated from equation (16) using the coefficients given
in Table 2. The quantity Au is calculated from equation (17) using the coefficients
given in Table 3. The internal energy in units of BTU per pound of mixture is then
given by

u u*/(l. + .067623 F) T < 3806 OR (38)

u = (u* + Au)/(l. + .067623 F) T • 3800 OR (39)

The quantity •* is calculated from equation (18) or (19) using the coefficients
given in Table 4. The quantity A,1 is calculated from an equation of the same form
as equation (17). The coefficients are given in Table 5. The gas constant for the
products of combustion in units of BTU/deg R per pound of mixture is given by

Rb = 1.9698/A- = 1.9698/k(F) T < 3800 OR (40)

Rb = 1.9698/(0 + A ) T• 3800 OR (41)
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APPENDIX VI

B

Cyclic Variation and Average
Burning Rates in a S.I. Engine

B.D. Peters and G.L, Borman
Mechanical Engineering Dept.

University of Wisconsin

ABSTRACT

A method of calculating manss burning rates for a single cylinder spark-ignition
combusLion engine b-ised on ex:perimentally obtained pressure-time diagrams was used
to analyze the effects of fuul--air ratio, engine speed, spark timing, load, and cyc-
lic cylinder pressure variations on mass burning rates and engine output.

A study of the effects on mass burning rates by cyclic pressure changes showed
the low pressure cycles were initially slow burning cycles. Although large cyclic
cylinder pressure variations existed in the data the cyclic variations in imep were
relatively small.

INTRODUCTION

In an attempt to simulate analytically a spark ignition engine, the problem of
handling the combustion process became obvious. Consequently, a study was initiated
to determine a method of representing the combustion process, This problem is es-
pecially difficult since several factors alter the way the mixture burns. These ef-
fects include the amount of bulk mixture motion in the combustion chamber, tempera-
ture gradients in the burned and unburned gases, prereactions in the end gas, cyclic
burning rate changes, magnitudes of the heat transfer rates, and the final burned
gas composition.

Previous investigations have shed some light on how to handle some of the com-
bustion model problems while others remain unsolved. Combustion pictures (1)* have
shown that the flame propagates across the combustion chamber with a turbulent flame
front. Also, it is generally believed (2) that prereactions in the unburned gas are
oxidation reactions that result in autoignition as the necessary pressures and tem-,
peratures are reached. Instantaneous heat transfer rates are not well understood
and thus the correlations by Nusselt and Eichelburg are frequently used to calculate
instantaneous heat transfer (3). The burned gas is often assumed to be composed of
-equilibrium concentrations of about ten species. Cyclic combustion rate variations,
and hence pressure variations, are believed to be primarily caused by differences in
mixture motion in the chamber (4,5). However, the mixture motion in a combustion
chamber is currently not well understood. As a consequence cyclic combustion rate
changes can not be predicted. Also, burned gas temperature variations appear to be
not too important when computing burned gas energy (6). Thus as one reviews the
problems and current knowledge about them it can be seen that it is difficult to pre-
dict accurately energy release rates without resorting to empirical data for correc-
tion factors.

Although many unsolved problems exist in forming an accurate combustion model,
the need for such a description has led several investigators to develop models which
incorporate various simplifying assumptions. The models that have been developed
can be divided into six categories. The first group includes constant volume com-
bustion models. Obert (7), Bonamy (8), and Goodwine and Pickett (9) furnish examples
of this type. The second method uses combustion pictures similar to those of
Rassweiler and Withrow (1) to determine approximate mass burning rates. A third tech-
nique uses experimentally obtained pressure-time data to calculate mass burning rates.

S' Numbers in parentheses designate References at end of paper.
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Examples of this general procedure have been furnished by Rassweiler and Withrow (1),
Krieger and Borman (10), Schweitzer (11), Bascunana (12), and Millar, Uyehara, and
Myers (13). The fourth procedure utes an arbitrary relationship between mass burned
and time to describe the combustion rate. Walker (14);, Edson (15), and Iluber and
Brown (1.6) have used this method. A fifth procedure is to assume a flame velocity
and a flame shape and use this information to calculate a mass burning rate; Strange
(17) has used this approach. The sixth technique is to use -a flame propagation
theory to determine the rate of energy release of the fuel. This procedure has been
used by Patterson (18).

Since all these models eventually resort to experimental data to obtain values
of assumed coefficients, etc., (some to a larger extent then others) it was decided
to use a combustion representation for this study that relies upon empirical pressure-
time data. In this way it was hoped that an accurate set of mass burned fraction
versus crankangle curves could be obtained for different engine operating conditions.
An available model of this type is one developed by Krieger and Borman (10). This
model divides the combustion chamber into burned and unburned sections. Energy rate
equations are written for each system which include instantaneous heat transfer.
Mass is assumed to go from the unburned to the burned state instantaneously with the
burned gas assumed to be at equilibrium and to dissociate above burned temperatures
of 3800 R. The dissociated species are assumed to be 0, H, N, OH, NO, H2, CO, N 2,
02, C0 2 , and 1120. The unburned gas is taken to be a fuel-air mixture plus a resid-
udl from the previous cycle. Prereactions in the unburned gas are neglected. Both
systems are assumed to be at uniform but different temperatures and at the same uni-
form pressure. Heat transfer to the combustion chamber walls is calculated using
the Elchelburg heat transfer coefficient with the instantaneous area fractions ex-
posed to the burned gas-equal to the instantaneous volume burned fraction. The wall
temperatures were estimated with the sleeve, piston, head, and valves, each at a
different assigned temperature. The perfect gas law is assumed valid for both the
burned and unburned gases. By numerically solving the equations based on the above
assumptions, a mass burning rate as a function of burned and unburned thermodynamic
gas properties and pressure-time data was determined.

This model was then used in conjunction with a set of experimentally obtained
pressure-timge traces for engine runs of various engine operating conditions. The re-
sults are a set of mass burned fraction versus crankangle plots for runs in which
the fuel-air ratio, engine speed, ignition timing, and engine load were changed.

EXPERIMENTAL APPARATUS

For this investigation, pressure-time data were generated by a Department of
the Army model M151 engine. It is a four cylinder, inline, overhead valve gasoline
unit with a cylinder displacement of 35.375 cu in. For this project it was converted
to one cylinder operation. The fuel-air inlet system included critical flow nozzles
to measure the air flow rate, a bellows displacement type gas meter to measure the
gaseous fuel rate, a gas mixer to mix the fuel and air, a surge tank and an intake
pipe with a flame arrester. Isobutylene was used as the fuel. Crankshaft position
was determined by using two channels of phototransistors along with a 2 ft diameter
slotted disc mounted on the front end of the crankshaft. Cylinder pressure was ob-
tained using a Kistler model 601L quartz pressure transducer covered with G.E. RTV
106 silicon adhesive. The pressure time data was then recorded at 120 ips oa mag-
netic tape using a Sangamo Electric model 4784 tape recorder described in Ref. 19.

"DATA REDUCTION

The cylinder pressure and crankshaft position data were reduced by playing the
tape recorded data back at 7 1/2 ips and analyzing the data on a hybrid computer.
The hybrid computer was composed of an Applied, Dynamics model 256 analog computer
and a Scientific Data Systems model 930 digital computer. Three different operations
were performed on the data using this computer. First a program was used that reads
the cylinder pressure at a specified crankangle for a given number of cycles and cal-
culates the average pressure and standard deviation at that crankangle. Second, a
program was used that reads the cylinder pressure from 179 BTDC to 180 ATDC 9on the
compression-expansion portion of the cycle. This program computes an average pres-
sure trace formed by taking the average pressure at each crankangle for 300 cycles.
It also saves the cycles with the maximum peak pressure, minimum peak pressure, and
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a randomly selected cycle. The third program calculates the mean effective pressure
for 720 deg of each cycle using Simpson's rule and calculates the average mep and
the standard deviation. This program also saves the peak pressure for each cycle
and the crankangle at which it occuired. The output from these three programs was
obtained in printed form.

EXPE[IMENTAL ERROR

The accuracy of the piezoelectric pressure measurements was dependent on the
accuracy of the pressure transducer, charge amplifier, the tape recorder, and the
hybrid computer. Based on the study of pressure transducer accuracy of Ref. 20 and
on tape recorder and hybrid computer capabilities it is estimated that a maximum er-
ror of *about 5% is possible in the cylinder pressure measurements. The crankangle
marks are believed to be accurate to within 0.25 crankangle when the samples are
taken on tho hybrid computer. The fuel and air flow rates are believed to have er-
rors of 0.3%. Thus the fuel-air ratio and inlet flow rate could have errors up to
about 6%.

EFFECTS OF ERRORS AND ASSUMPTIONS ON COMPUTED BURNING RATES

Since, errors in measured data and any invalid combustion model assumptions
would a•foct the magnitudus of calculated mass burning rates it was necessary to de-
termine thos• effects:. Fxperimental errors could be introduced by inaccurate pres-
sure data, fuel flow rates and air flow rates.

It was. found that the pressure trace would have to be shifted about 1 deg before
the effect of a phas;e shift caused more than about a 1% change in the amount of mass
calculated to have been consumed. The mass burned fraction versus crankangle curves
wore essentially the same. It was also found that an addition of 5 psi to all pres-
sures had a negligible effect on the mass burned fraction versus crankangle curve.
Hlowever, a 2% increase in all pressures increased the amount of mass calculated to
be consumed by about 2%.

Figure 1 shows the effect of altering the fuel and air flow rates by 10% for a
given pressure-time diagram. It can be seen that it is quite important to measure
flow rates accurately.

Two semiempirical quantities that could introduce errors were the amount of re-
sidual from the previous cycle and the amount of trapped mass in the cylinder. The
amount of residual was determined by estimating the mass contained in the cylinder
at TDC on the exhaust-intake stroke based on the clearance volume, the cylinder pres-
sure, and an assumed temperature. It was found that one could completely eliminate
a 7% residual with only a negligible effect on the mass burned fraction versus crank-
angle curve.

Figure 2 shows the effect of changing the trapped mass in the cylinder for a
given pressure-time diagram. The normal value was determined by multiplying the in-
put fuel-air flow rate by the time for one cycle. For all three of these runs the
amount of mass calculated to have burned was nearly constant.

Three combustion model assumptions were examined. These were the effect of
changing the heat transfer coefficient, the effect of burned gas dissociation, and
the effect of the assumption of a uniform burned gas temperature. The effects of
nonequilibrium states in the burned gas and the effects or wall quenching were not
examined. Krieger and Borman (10) tested -the effect of increasing the Eichelburg
heat transfer coefficient by 50% and found that the overall effect was negligible.
Their calculations, however, were based on a combustion period of only about 40 deg.
The results of this study show that, initiating with the spark, the combustion period
is approximately 80 deg. With this longer duration of burning it was found that a
50% increase in the heat transfer coefficient increased the final mass burned frac-
tion; for example, for data run no. 1 the final mass burned fraction was increased
by 4.8% with the major portion of this increase coming after the 80% mass burned
point. Thus if combustion takes place over a long period the accuracy of the heat
transfer coefficient becomes more important. The effect of dissociation of the
products can be seen on Fig. 3. This figure shows that dissociation has only a small
effect on the mass burned fraction versus crankangle plot. The other combustion
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model assumption that was studied was the effect of a nonuniform burned gas tempera-
ture. To investigate this effect the final mass of the burned gas was divided into
eleven equal units with temperatures in 100 R increments from 500 F below to 500 R
above the calculated final mass average burned gas temperature. It was found that
the internal energy changed only about 1% with a 1000 R temperature differential.
Consequently, this effect was assumed negligible.

The results of these studies indicate that several sources of error exist in
the'combustion model and in the experimental data. Errors in the amount of mixture
burned caused by each of the combustion model assumptions. investigated except heat
transfer would be about 1% each. Roughly, a 10% increase in heat transfer would in-
creasc the mass burned by about 1%. However, t*he accuracy of the Eichclburg coeffi-
cient is unknown. Errors of up to a maximum of 4-.5% could be caused by inaccurate
fuel-air mixture flow rates and by incorrect cylinder pressure values. Also, an un-
known error could be caused by mixture loss due to piston blowby and valve overlap.

EXPERIMENTAL RESULTS ON CYCLIC VARIATIONS

A large cyclic cylinder pressure variation was found in the data from the 17
different data runs. An example of the variations can be seen from Fig. 4 in Which
the cycles with the maximum and minimum peak pressures and the average pressure trace
based on 300 individual cycles are shown. These curves are for data run no. 1:2000
rpm, 23 VITDC ignition timing, 0.96 equivalence ration and wide open throttle. Figure
5 shows a frequency plot of data taken at 9 ATDC for the above mentioned run. The
9 ATDC crankangle was selected to be in the region of largest cyclic pressure vari-
ation. An analysis of the data of Fig. 5 shows the cyclic pressure distribution is
essentially a normal distribution. The average pressure at 9 ATDC based on 300 cy-
cles wan 360 psia with a standard deviation of 53.3 psi. The average and standard
deviation at this crankangle were calculated for the first 50 cycles, 100, etc., up
to 400 cycles. It was found that after 300 cycles were included these values varied
less than 1%.

The cyclic variation in work was also investigated. Initially pressure-time
traces for tho cycles with the maximum and minimum peak pressures and the average
cycle were used with Sijnpson's rule to calculate the imep from 180 BTDC to 180 ATDC.
It was found that in 10 of 14 runs studied, the cycle with the maximum peak pressure
did a small percentage more work than the minimum peak pressure cycle with the aver-
age trace falling between the two extremes. This led to the thought that peak cycle
pressure and imep were related. Thus the hybrid computer was used to calculate imep
based on 720 crankangles for each individual cycle for 350 cycles. The results of
these calculations showed that the standard deviation of the imep was approximately
1% of the average imep. As a representative example, for data run no. 3 at 2000 rpm,
wide open throttle, 23 BTDC ignition timing, and 1.1 equivalence ratio the average
imep for 350 cycles was 119 psi with a standard deviation of 1.05 psi. The maximum
and minimum imep's were 121.7 psi and 114.0 psi. An attempt to correlate imep's and
the peak cycle pressure was made, but the imep data were randomly distributed in re-
lation to the peak cycle pressure. Consequently, it was concluded that the imep and
peak pressure are not simply related.

One other point is that although large cyclic variations occurred in the cylin-
der pressure the imep's for the various cycle were nearly the same. For example,
for *data run no. 3, the spread in peak cycle pressures was from 351 to 583 psia
while the imep ranged from 114.0 to 121.7 psi.

EFFECT OF CYCLIC VARIATIONS ON BURNING

Since the combustion representation employed for this project used experimental
pressure-time data directly, it was necessary to investigate the effect on the mass
burning rate caused by cyclic cylinder pressure variations. Figure 6 shows the dif-
ference in shape of the mass burned fraction versus crankangle curve for calculations
made using the average cycle, cycle with maximum peak pressure, and the cycle with
the minimum peak pressure for a representative data run (no. 7), made at 2000 rpm,
20 BTDC ignition timing, 1.18 equivalence ratio and a manifold pressure of 11.4 psia.
The mass burning rate is closely related to the pressure derivative; thus one has
reasonable assurance that the burning curves for the maximum and minimum peak pres-
sure cycles on Fig. 6 form an envelope for the burning curves for all the cycles at
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that engine condition. One can see from Fig. 6 that the low peak pressure cycle
had a much smaller burning rate initially after the spark than did the maximum peak.
pressure cycle. This effect was probably caused by differences in mixture motion
near the spark plug at ignition (4). One can also see that the burning rate of the
low peak pressure cycle continued to be lower than the high peak pressure cycle even
after combustion was well under way. It is not known whether this later burning rate
reduction was caused by a factor such as reduced bulk mixture motion in the cylinder
or if it was caused in some way by the relatively Late start in burning as compared
to the high peak pressure cycle. Because of this cyclic variation in burning rates
it is necessary to either choose a particular rate of burning curve for use in the
combustion model or to combine several curves in some statistical manner.

For engine simulation the average pressure trace should be used because it yields
the average power output.. This procedure has the advantage that by taking an average
of many cycles, random noise introduced into the data by instrumentation is nearly
eliminated. However, if small, nonrepeatable fluctuations in the pressure data were
caused by actual combustion phenomena they would be lost in the averaging process.

In addition, the cylinder pressure enters the Eichelburg heat transfer coeffi-
cient in a nonlinear manner. An investigation of this problem based on the fluctu-
ation of tho pressure at a given crankangle showed that the average heat transfer
and the heat transfer calculated using the average pressure were different by only
a small percentage. This difference was believed to be less than the accuracy of
the Eichelburg correlation itself. As a result of the investigation on cyclic com-
bustion rates it was decided to use average cylinder pressure traces to calculate
the heat release curves for this study.

EFFECT OF ENGINE VARIABLES ON BURNING

The effect of fuel-air ratio, engine speed, spark timing, and engine load on
mass burning rates was studied.

Over the range of fuel-air ratios studied, changes in the fuel-air ratio appeared
to have a raLher small effect on the mass burning rates. Figure 7 shows how the
mass burned fraction versus crankangle plots changed with fuel-air ratio. It can be
seen that the burning rates of the runs near stoichiometric were slightly higher
thap the rich and lean runs. One additional run at 1000 rpm and F = 0.84 was made
which showed an even slower mass burning rate. Millar, Uyehara and Myers (13) show
a plot similar to Fig. 7 in which isooctane was used as a fuel. They also show the
trend that data runs near stoichiometric burn faster than rich and lean runs. How-
ever, they show a larger influence of fuel-air ratio on mass burning rates than
shown here. Consequently, the possibility exists that fuel choice or other experi-
mental variables affect the way the mass burning rate changes with fuel-air ratio.

The effect of engine speed on the mass burned fraction versus crankangle can be
seen in Fig. 8. Before any comparisons are made it should be noted that the spark
timing for the 2000 rpm run was 3 deg earlier than the other two runs. It can be
seen that the 1000 rpm and 2000 rpm runs both burned at about the same rate while
the 3000 rpm run burned slightly slower on a crankangle basis. The fact that the
mass burning rate essentially keeps up with increased engine speed is generally
credited to increased mixture turbulence. Also, Trumpy (2) states that changes in
end gas temperatures also serve to increase the flame speed at the high speed oper-
ating conditions. The differences in the final mass burned fraction is within the
range of experimental accuracy.

Four data runs were made to test the effect of spark timing. The results of
these computations are shown in Fig. 9. The shape of the mass burned fraction ver-
sus cranzkangle curve changed with spark timing. As the timing was retarded, the
burninq ralto slowed down. This trend was evident in all four data runs. Also, the
rate of burning changed rapidly near the end of the combustion period. This change
occurrod at lower mass burned fractions for the early timings. In addition, a
slightly greater percentage of mass was calculated to have been consumed during the
retarded timing runs. However, this small difference in mass burned fraction is
within the range of experimental error and one can not be certain if it is real or
not.
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Engine load was the fourth engine variable that was altered to test its effect
on the mass burning rate. The results of the calculations for these runs are shown
on Fig. ]0. Note that the spark timing of the full load cycle was 3 deg earlier
than the other runs. The low load cycles had burning rates that were slower than
the full load cycles. This was true to a great extent initially'after the spark
occurred. One possible reason for this might be a reduced flame velocity at low
load due to a larger residual fraction left from the previous cycle. A second rea-
son could be reduced mixture motion in the combustion chamber because of the small
flow rates at low load.

CONCLUSIONS

The results of this project show that the shape of the mass burned fraction
versus crankangle curve does change as engine operating conditions are altered.
Consequently, one should not use one curve to represent the combustion for all con-
ditions. Although large cyclic cylinder pressure variations exist in actual engine
data the differences in work output between the various cycles is quite small. Thus,
in the present study significant power gains could not be expected by eliminating
cyclic combustion rate variations.

With respect to the procedure used here to calculate mass burning curves it
was found that the technique is very sensitive to the initial amount of fuel-air
mixture in the combustion chamber and to the accuracy of the cylinder pressurC mea-
surements while it was less sensitive to the heat transfer rate. .The authors sus-
pect, but are not certain, that either the pressure or mixture flow rates or both of
these variables may have been consistently in error, consequently causing the final
calculated mass burned fractions to be about 0.9 in general. Since the heat trans-
fer rate would have to be increased by roughly 50% or more to account for the un-
burned fuel, it was thought that this was probably not the source of the large un-
burned fraction. A small percentage error in the pressure and flow rate values would
not significantly alter the shape of the mass burned fraction versus crankangle curve,
but it would change the final mass burned fraction. Thus, although roughly 10% of
the system's combustible mass was in general calculated to be unburned, it is believed
that the general shape of the computed curves is correct although the magnitudes of
the mass burnred fractions may be low.
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APPENDIX VI

Experimental Correlation Between Rate-of-Injection
and Rate-of-Heat-Release in a Diesel Engine

J.II. Shipinski, P.S. Myers and O.A. Uyehara
Mechanical Engineering Dept.

University of Wisconsin

ABSTRACT

The recent development of very large, high-speed computers has encouraged at-
tempts t6 simulate, in detail, internal combustion engines, In the simulation of
the diesel engine, the preferred procedure would be to start with the injection sys-
tem geometry, compute a rate-of-injection and, from this, compute a rate-of-heat-
release and a cylinder pressure-time diagram. The primary objective of the work pre-
sented in this paper was to obtain a relationship between the rate-of-injection and
the rate-of-heat-release. Rates-of-heat-release and rates-of-injection computed
from experimentally obtained engine data are presented. These data have beeli cor-
related and expressions for these correlations are given. The single-cylinder open-
chamber diesel engine used to obtain data for the correlation was run at speeds of
from 1000 to 2500 rpm, with loads of from 60 to 330 psi motored indicated mean ef-
fective pressure. Indicated specific outputs of up to 1 hp/cu in. were observed.
Injection rates and heat-release rates obtained while varying speed, inlet manifold
pressure, fuel-air ratio, injection advance, and the injection system components are
illustrated and compared graphically. A mathematical representation of the smoothed
heat-release rate curve is developed. Mathematical expressions relating the heat-
release rate to the engine operating conditions, injection system, and fuel are pre-
sented.

INTRODUCTION

The simulation of a fired compression-ignition engine (CIE) on a digital com-
puter requires knowledge of the rate-of-heat-release (ROHR) during combustion. In
the past, when simulations were used for prediction purposes (l)*, ROHR was estimated
from prior experience and included as an input to the simulation. A preferred pro-
cedure would be to start with the injection-system geometry and a simulation of the
injection system plus a relationship between rate-of-injection (ROI) and ROHR and
predict ROHR as the simulation progresses through the cycle. Information on the sim-
ulation of injection systems is available (2,3,4). Thus, the primary objective of
this investigation was to obtain a relationship between ROI and ROHR in a diesel
engine. Use of the term "heat release" or "rate-of-conversion of chemical energy"
are more precise.

Although the need for a correlation between the cycle-simulation program's ROI
and ROHR provided the direct impetus for the present work, there are other uses for
the relationship. Control of combustion has been a goal of diesel-engine builders
since the time of Rudolph Diesel himself. The tailoring of injection systems to en-
gines is a time-consuming and expensive process. Currently, the development engi-
neer must rely upon intuition, experience; and the results of tests which are expen-
sive to perform. Indeed, much of the design and development of engines is done in
this manner: a minimum of theory, as much empirical knowledge as is available and,
finally, cut-and-try on the test stand and on the endurance bed. Hopefully, a knowl-
edge of the relationship between ROI and test stand and on the endurance bed. Hope-
fully, a knowledge of the relationship between ROI add ROHR would decrease develop-
ment time and costs.

&Underlined numbers in parentheses designate References at the end of the paper.
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A detailed theoretical relationship between ROI and ROHR is extremely compli-
cated since combustion in a diesel engine is heterogeneous, and there are different
rate-controlling mechanisms for different parts of the combustion period. Determina-
"tion of the spatial and temporal variation of the composition, temperature, and mo-
tion of the cylinder contents has not been, so far, amenable either to analytic or
experimental techniques.

The computation of an apparent rate-of-heat-release (AROHR) from a given pres-
sure-time (p-t) diagram is a simple thermodynamic problem (5,6). The computed AROHR
may include (7) both combustion and heat transfer (AROURIIT) although the computa-
tional technique may compute arid separate out heat transfer and thus approximate the
actual ROHR. However, as pointed out by Schweitzer (5) and Krieger and Borman (6),
extremely accurate p-t histories are required. It is well known that accurate p-t
histories are difficult to obtain (8,9 10). In addition, accurate values of mass-
flow rates and other engine-performance data are required.

PREVIOUS STLDIES

Experimental AROHR Measurements

One of the earliest computations of AROHRHT is that of Schweitzer (5) in 1926.
In his technique, an energy balance yields the algebraic sum of heat release (HR)
from combustion and heat losses from heat transfer (11T) to the cylinder walls. The
computation of AROHRHT was not the primary objective of Schweitzer's work' thus, he
did not emphasize the.rpsults arising from this techique.

Zinner (11) presented HR rates obtained from experimental p-t diagrams from a
prechamber engine of nearly 100-cu in. displacement at speeds up to 2000 rpm and
loads up to 120 mep. The computations for the prechamber engine are complicated by
the mass flow (MF) between the pre- and main chambers. Unfortunately, Zinner did
not present his computation technique, so it is not known how this MF was included,
and also whether his data are AROHRHT or AROHR. Zinner also reported ROI for a few
* runs.

Uyehara and Myers (7) computed AROHRHT from experimental pressure histories
using a technique similar to Schweitzer's. Uyehara and co-workers used a small pre-
combustion chamber engine and measured p-t histories in the prechamber. HR rates
were presented for speeds of around 1200 rpm and loads up to 100 mep.

The Pischingers (12) collected graphs of experimental HR rates obtained by vari-
ous German investigators during the late 1930's. It is not clear whether these data
show AROHRHT or AROHR. The reported resultswere obtained on diesel engines which
ranged in size from 60 to nearly 8000 cu in. and included both open and precombustion
chambers. Speeds of from 200 to 2000 rpm and various loads were investigated. Most
tests were run under naturally aspirated conditions. Some ROI are included in these
data. The Pischingers comment on the wide range and different shapes of curves re-
ported.

The only known attempt to relate AROHR to ROI was part of an extensive study by
Austen and Lyn (13,14,15). A balanced-pressure indicator was used to obtain a
smoothed and averaged p-t history. The difference between the computed AROHRHT ob-
tained from these data and the energy added as fuel for an average cycle was assumed
to be the HT during the burning period. This HT then was added to the computed
AROHRHT at a uniform rate during the combustion period to obtain an AROHR. Pioneer-
ing in nature, this technique can be criticized for at least two reasons:

1. There is no independent energy balance made so that errors in the cumulative
HR and absorbed into the HT term.

2. The actual heat flux varies markedly during the HR period. LeFeuvre (16)
presents experimental data showing a variation of as high as seven-to-one
in the heat flux during the combustion period. It is possible, however,
that the effect of flux and area may combine to yield a nearly constant
total HT.

Lyn's and Austen's experiments were done at relatively low speeds (700-1500
rpm) and low loads (40-90 bmep). These values are of minimum interest for modern
automotive-engine development work where 3000 rpm and 300 bmep are reasonable inter-
mediate term goals and where 600 bmep is possible by the use of the VCR piston (17).
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Whitchouse et al. (18), while presenting very little experimental data, indi-
cate that an irregular AROHR is obtained from the pressure diagram. They smooth
the curve and then further simplify the resulting "reasonable" HR for use in the
simulation program. These investigators reported-.

Frequently diagrams are obtained which are not sufficiently
accurate for such analysis. Impossible results are obtained
such as heat release during the compression stroke before fuel
is available, too much or too little total heat release and
imep. If the inaccuracies are simply in the position of *tdc
and of the zero pressure line, corrections may be made to adjust
these positions.

Detailed descriptions of the assumptions, equations, and computer programs
needed to calculate an apparent combustion HR have been presented by Borman, Woschni,
Lange, and Krieger (19,20,21,6). Different liT correlations were used to estimate
the HT rate during the cycle. These workers presented only a few examples of AROHR
to illustrate their method. They did not consider .ROI.

Goudie (22) obtained AROHR in an M-combustion chamber engine at 1100 and 1700
rpm and with loads ranging from 11 to 135 bmep. Goudie used a piezoelectric pres-
sure transducer and apparently computed HR from a unsmoothed p-t trace. He smoothed
the resulting AROHR. Goudie did not present ROI data. A few HR rates (presumably
AROHRHT) have been presented by Toda et al. and Broeze (23,24) for large marine two-
stroke cycle engines.

Attempted Predictions of ROHR from ROI

Lyn (25) divided the ROI diagram into a plurality of elements. Various burning
rate laws for these elements were tried in an attempt to find a burning-rate law that
would match the AROIIR. Lyn assumed that the same preparation-to-burn and rate-of-
burning laws applied to all of the fuel increments in a given injection. Thus, from
a droplet-burning standpoint, Lyn assumed the same Sauter Mean Diameter (SMD) and
droplet-burning coefficient for each increment of fuel.

Cook (26) presented a paper on diesel-engine cycle analysis and the relation-
ships of fuel injection and combustion efficiency. He defined a "digitalized" fuel
which is characterized by the physical properties influencing evaporation and some
of the combustion characteristics, in particular, ignition delay (ID). Cook summar-
ized his method as follows:

Automatic digital'combustion is accomplished by three steps;
first, the conversion of the fuel injection schedule to a.
schedule of fuel distribution in compressed air reaching
boiling points for the various fractions of fuel; second,
a calculation of the percent ignition delay accumulated for
each fraction of fuel; third, a conversion of the second
schedule of summation of pounds of fuel fractions reaching
100% accrued ignition delay.

Held (27) applied Lyn's method to other combustion chambers without any con-
sideration of droplet sizes. Nagao et al. (28) considered in detail the ID of each
increment of fuel injected. His method of dividing the ROI curve into increments
according to the crank angle (CA) of injection was similar to that proposed and
used by Lyn (15) and followed by Cook and Held. Nagao assumed complete combustion
of each fuel: increment during the 1 CA following the end of the ID period for that
increment. Thus, he gave no explicit consideration to droplet-size distribution,
droplet mean diameter, or finite droplet-evaporation and droplet-burning rates.

The following conclusions can be drawn on the basis of the foregoing brief sum-
mary of the literature:

1. With the exception of Lyn, (a) very little actual HR data have been pre-
sented and. (b) almost no effort has been made to relate AROHR to RDI

2. There are no experimental or predicted HR rates at high specific outputs
(i.e., around 1 hp/ cu in.).
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The two conclusions are rather surprising in view of the otherwise well-devel-
oped cycle simulations and in view of the current interest in very high specific
output diesel engines. This is because the required experimental data are diffi-
cult, time consuming, and expensive to obtain; and the HR process is extremely com-
plex, and, thus, not readily amenable to analysis And modeling.

TABLE 1.

Engine Geometry and Standard Operating Conditions.

Displacement 71.57 cu in.

Bore 4.5 in.

Stroke 4.5 in.

Compression Ratio 16:1 (nominal)

Operating Conditions

Speed 2000 ± 10 rpm

Start of Injection (dynamic) 20 ± 0.5 deg btc

Intake Temperature 100 ± 3 deg F

Intake Pressure 60 ± 1 in. Hg abs

Exhaust Pressure 60 ± 2 in. Hg abs

Fuel

Cetane Number 47.1

Specific Gravity at 60 F 0.787

EXPERIMENTAL PROCEDURE

ExperimentaZ Setup

A fixed engine configuration, secondary reference fuel (SRF), and standard en-
gine operating conditions (EOC) were selected as described in detail in Tables 2,
3, and 4 in the Appendix. Thus, only the deviations from these are mentioned in
presenting the data. All other variables for a particular run are held to the lim-
its listed in Tables 2, 3, and 4.

For convenience, a brief listing of the more important standard operating con-
ditions (SOC) and engine and fuel specifications abstracted from Tables 2, 3, and 4
is given in Table 1. With the SOC listed in Table 1, the cylinder gases follow a
p-t and temperature-time (t-t) history which approximates that in an eight compres-
sion-ratio engine with 150 in. Hg abs manifold pressure and 240 F manifold tempera-
ture. Detailed cycle simulation (29) shows nearly 600 bmep obtainable under these
latter conditions. Table 6 in the Appendix gives a complete listing of observed
engine operating conditions and combustion performance.

A complete description of the data-processing system is presented by LeFeuvre
(16). Briefly, the pressures and wall temperatures which vary during the cycle were
recorded on a high-speed, 14-channel tape recorder. These data were digitized with
the analog-to-digital converter interface of an SDS 930 hybrid computer, The digit-
"ized data were processed with a CDC 1604 computer.
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AROHR

Borman's (19) concept of an AROI[R was accepted; thus, a one-to-one compatibil-
ity was maintained with the previous cycle-simulation work at the University of Wis-
consin. In this concept, energy absorbed fron the cylinder gases by vaporizing and
heating fuel reduces the AROHR because of the "homogeneous combustion" or "distrib-
uted heat source" assumption. The model for computation considers three energy
terms: (a) work crossing the boundary of the system as p dv work on the piston,
(b) HT across the boundary of the system, (c) internal energy of a homogeneous mix-
ture of products of combustion and air. The equations used to compute the AROHR
from the experimental data were presented by Krieger (6).

There are cycle-.to-cycle variations in the p-t diagram from the engine as well
as random noise from the data-recording process. Since the brake horsepower is an
average value for many cycles, it was judged desirable to obtain an average of the
AROkIR for many cycles. This average can be obtained in two ways:

1. Compute the AROTIR for individual p-t diagrams and average these results to
obtain an average AROIIR.

2. Average p-t diagrams for several cycles and compute an averaged AROHR from
this averaged p-t diagram.

Each computation of AROUR from a p-t diagram takes abo ut one minute of computer
time on a CDC 1604. In the second method in the preceding paragraph, only one com-
putation of AROUR from an average pressure trace is required, whereas in the first
method as many computations are required as there are number of cycles to be averaged.
As explained by LeFeuvre (16), a single p-t diagram representing the average of as
many as 50 cycles of the data recorded on the magnetic tape can be obtained in a few
seconds from the SDS 930. An average AROHR is then computed from this average p-t
diagram. This procedure is much faster and more economical of computer time than
averaging AROHR computed from individual p-t diagrams.

It is necessary to take the derivative of the p-t diagram in order to compute
AROHR. This derivative can be obtained from the discrete, experimentally obtained,
averaged points. If a curve-fitting routine is used, the derivative can also be ob-
tained from the resulting smoothed p-t diagram. Figure 1 shows AROHR computed using
the discrete, experimentally obtained, averaged points.

It can be seen in Fig. 1 that the AROHR (discrete p-t) curve is very irregular
and contains many spikes and dips. The curve labeled AROHR (smooth p-t) was obtained
from a smoothed p-t diagram. It is not clear whether the spikes and dips in the
AROHR (discrete p-t) curve are real or are caused by the data-processing technique.
In order not to lose detail at this point, the AROHR (discrete p-t) was used; how-
ever, as explained in the next paragraph, a smooth curve was fitted to these AROHR
data.

There was loss in detail (the value of the detail is unknown); but, in order to
characterize and compare the AROHR curves, an equation based on Wiebe's (30) semi-
empirical dimensionless "Brenngesetz" was used. The equation is

x = 1 - exp[ C2(y) (Cl+l) (1)
where

x = ratio of fuel burned at any instant to total fuel present

C2 = efficiency of-combustion coefficient
y = dimensionless time function

Cl - coefficient for shape of the rate-of-burning (ROB) curve

The derivative of this equation is a smooth curve for the ROHR and was used to
put a smooth curve through the experimental AROHR. The form of the derivative of
Wiebe's function which was used is*

HRR M (C (C2)(Cl+l) (YCl)exp[C2 (YCl+)] (2)
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where
HRR() = smoothed heat-release rate (milli-Btu CA deg at normalized CA)

Y = normalized CA which equals,3"Ck-C3)

(WFcY) (HV)o000o
C (310-C3)j

WFCY = experimentally obtained, time averaged weight of fuel per cycle
(lbm)

HV = higher heating value (Btu lbm)

C3 = Wiebe parameter corresponding to CA at which ignition occurs

It should be noted that when using the Wiebe function, the abrupt initial rise
observed in the AROHR (discrete p-t) curve is retained. Use of the AROHR (smoothed
p-t) procedures gives a much more gradual rise in the curve. Both the AROHR
(smoothed p-t) and Wiebe functions fail to show the high initial peak or spike. The
spike is believed to be real, especially when operating naturally aspirated, but is
believed to decrease in magnitude with increasing supercharge.

Figure 2 shows the AROHR (discrete p-t) as well as the curve computed from
Equation (2).with the best values of the coefficients Cl, C2, and C3 as deterniined
by a least-sum-of-squares fit. It was judged that this procedure yielded the most
consistent, impartial, simple, smooth representation of the AROIIR. An additional
significant advantage of the technique is that an AROIIR may be characterized com-
pletely by the three coefficients, Cl, C2, and C3.

Although Wiebe indicates that there is some theoretical basis for his equation,
the authors are unable to ascribe any theoretical significance to the coefficients.
Nevertheless, as well be shown later, correlation between the coefficients and cer-
tain overall combustion parameters is possible. In addition, as also will be ex-
plained later, a combustion model based on spray-droplet size distribution and
single-droplet burning rates was developed.

EXPERIEMNTAL DATA

Effect of Speed

The effect of speed on the smoothed AROHR is illustrated by Fig. 3.

Within the accuracy of the data, Fig. 3 indicates that combustion is speeded up
nearly in proportion to the increase in engine speed and that the point of ignition
(IP) clearly advances with increasing engine speed; but this is at least partially a
result of variations in injection (INJ) timing. An attempt was made to set INJ tim-
ing at 160 CA deg for these runs; however, a variation in this value occurred due to
play in the pump drive and other factors. Because of a lack of sufficient channels
on the tape recorder, the start of INJ was recorded photographically from an oscillo-
scope screen. The IP and the ignition delay (ID) in CA deg are:

Speed INJ IP ID

(rpm) (CA deg) (CA deg) (CA deg) (millisec)

1002 162 165 3 0.500

1508 160 166 6 0.664

1991 161 167 6 0.504

2545 162 168 6 0.393

Thus,' no clear trend of ID with speed can be deduced.
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The shape of the ROI diagram varies with engine speed. This is a result of the
compressibility of the fuel and the elasticity of the INJ system.

Inspection of the ROI plots in Fig. 3 shows that the initial ROT, in terms of
engine CA, is higher at low engine speeds and that the duration 6f INJ is longer at
high engine speeds due to compressibility and elastic effects. The HR rates show
the same trend; the rate is higher early in the cycle at low speeds, and higher late
in the cycle for high speeds. Thus, qualitatively, the ROI and the AROJIR appear to
be rclat.ed. Note in Fig. 3 that there is a scale factor of 0.5 on the ROI; thus,
the peak ROI is more than twice the peak AROHR.

The most important conclusion to be drawn from Fig. 3 is that the ROHR in terms
of CA deg stays nearly constant with different engine speeds. At least two factors
can be .proposed which tend to incr-ease the mass ROB (in terms of real time) with an
increase of speed. The first is the belief that the speed of the air motion inside
the cylinder is directly proportional to piston speed or engine rpm. Thus, an in-
creased rate of mixing (ROM) should occur at higher engine speeds, This is in ac-
cord with the belief that the ROM of fuel and air is one of the major rate-limiting
processes during diesel combustion.

The second factor which may contribute to the increased ROB with increased en-
gine speed is the INJ spray-droplet size distribution. The INJ pressure is theoret-
ically quadrupled for a doubling of the engine speed and a constant delivery per CA
deg. (In practice, a constant delivery per CA deg is not maintained.) According to
the dependence of SMD on INJ pressure as reported by Knight (31), .the SMD of the
droplets at 2000 rpm is about two-thirds of the value at 1000 rpm if the pressure is
quadrupled. Tanasawa (32) has developed a relationship showing the distribution
about the SMD. The combination of these two expressions shows that the entire drop-
let-size distribution changes toward smaller droplets at higher speeds. If the spray
ROB concept proposed by Probert (33) and Tanasawa (32) is accepted, the ROB is nearly
proportional to the reciprocal of the square of the SMD of the spray in accord with
experimentally observed single-droplet burning rates (34,35,36).

Effect of Density Ratio

The effect of inlet manifold density ratios of 1.0, 1.6, 2.0, and 2.5 with a
nearly constant equivalence ratio are shown in Fig. 4.

The variation in the shape and position of the AROHR curves with density ratio
(DR) in Fig. 4 is not straightforward or regular. Several factors which might ex-
plain this lack of a trend are: techniques of data processing; changes in the INJ
process and liquid spray development; and complex and interacting changes in the com-
bustion process with increasing DR.

If the curve at 1.6 DR is disregarded, a more orderly variation of the HR shape
with increased DR can be observed. During Run 82, the INJ advance adjustment broke,
and the lever was held manually for the rest of the run. A great deal of cycle-to-
cycle variation in the point of INJ was observed. Despite this, the data were proc-
essed and the AROHR computed from an average of 50 pressure traces. The cumulative
apparent HR for the average of 50 pressure cycles is only 0.8 percent less than the
heat added in the form of fuel for the average cycle.

In addition, Fig. 4 shows that the IP for Run 82 falls in order with the other
three DRs plotted. Thus, there are arguments both for ignoring and for using the
data from Run 82, the 1.6 DR run.

Effect of Equivalence Ratio

The trend in the shape of the smoothed AROHR with equivalence ratio (ER)---or
fuel-air ratio-is quite apparent in Fig. 5 although the experimental ROI does
vary regularly. The lack of regular variation in the ROI is believed to be a result
of the elasticity of the INJ system and illustrates again the difficulty in control-
ling the variables in an experiment of this complexity. The results presented in
Fig. 5 indicate that the relationship between AROHR and ROI is quite complex since
irregular appearing variation in the ROI results in a more ordered *variation in the
smoothed HR.
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In comparing the ROI and the AROHR curves, two factors may be noted. The first
of these is the dependence of the later part of the AROHR curve on the end of the
ROI. The second factor which can be proposed for the greater afterburning in. the
case of the higher ERs is: It is possible that the fuel spray cone has nearly the
same shape and extent for a certain range of ERs. Wakuri et al. (37) report that
the spray cone angle has been found to be only a function of the nozzle-tip geometry
and the DRs of the liquid fuel and cylinder gases. In addition, his momentum'analy-
sis of the spray shows that the spray penetration is proportional to the one-quarter
pow6r of the differential pressure across the nozzle. Thus, it is possible that a
locally rich region exists in or near the fuel spray cones especially at higher ERs
(38). As thc! overall fuel-air ratio (F/A) is increased, the fuel in this rich region
undoubtedly has more and more difficulty finding oxygen.

The effect of varying the ER using CIE fuel is shown in Fig. 6.

In Fig. 6, the gross relationships late in the HR period are nearly the same as
with the SRF. There is a significant difference, as compared to the SRF, in the
height and width of the peak HR. The maximum AROHR does not vary nearly as much
with ER when using CIE fuel as it did when using SRF. In addition, the curves are
significantly narrower, particularly at lower ERs.

There appear to be two separate causes for thi~s result; i.e., the CIE fuel had
a longer ID and a higher ROI. In the case of the 0.257 ER with CIE fuel, the some-
what longer ID allows a significant portion of the fuel to become premixed with air.
The wide distillation range of the CIE fuel and the relatively low cetane number (CN)
probably contribute to this effect.

In the case of the 0.480 ER using CIE fuel, the ROI is nearly 25 percent higher
than for the corresponding SRF run. For equal ID periods, 25 percent more fuel is
accumulated in the cylinder. The longer ID and greater volatility of the CIE fuel
can cause the fraction of the fuel which becomes premixed to be even greater than
the expected fraction due to the 25 percent greater fuel accumulation. This is as-
suming that adiabatic saturation does not occur.

A comparison of Figs. 5 and 6 shows that burnincj ends significantly earlier with
the CIE fuel than with the SRF at 0.257 ER, ends somewhat earlier at 0.5 ER, and ends
nearly the same at 0.75 ER. This substantiates the thought that at the highest F/A,
locally rich regions exist and the fuel is having such difficulty finding air that
differences in fuel properties are not as significant as at lower ERs.

One other characteristic of both of the variable F/A comparisons is the nearly
constant or decreasing initial slope of the ROHR curve with increasing F/A. This
occurs in spite of the overall trend toward higher initial ROI with increasing F/A.
This result is contrary to the more or less direct relationship between ROI and AROHR
which might be expected. The lack of increased initial slope of the AROHR curve
with increased ROI can be ascribed to:

1. Shorter ID and higher ERs tending to reduce the amount of premixed fuel and
air.

2. The possibility of adiabatic saturation occurring for a greater portion of
the fuel to higher ROI (38).

3. The possibility that some portion of the HR by early combustion is absorbed
in heating and vaporizing the larger amount of liquid fuel present with
high ROI.

Effect of Swirl

The effect of swirl on smoothed HR with CIE fuel at an ER of 0.49 is shown in
Fig. 7.

The values of swirl ratio in Fig. 7 were obtained on a steady-flow tests stand
(29). The HR rate is higher and the duration of burning slightly shorter with the
higher swirl rate. The observed fuel consumption is 0.276 and 0.280 lb/mihphr for
the high and low swirl runs, respectively. Both the fuel consumption and HR rates
are in accord with the theory that an ordered air motion strips vapor from around the
spray, thus aiding the mixing of fuel vapor and air. The initially higher HR rate
with higher swirl results from the larger amount of fuel which is vaporized, mixed
and thus prepared to burn by the end of the ID period. The shorter period of HR is
a result of faster and improved mixing of the last portions of the fuel to evaporate.
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A greater variation in swirl might show diffetent effects; unfortunately, at the
timc Runs 57 and 58 were made, only these two values of swirl rate could be obtained
due to an inadequate lock on the swirl vane.

Figure 8 shows the (unsinoothed) apparent HR at 0.73 ER with three swirl ratios
when using SRP,

The unsminothed HR is plotted in Fig, 8 since, for SWF, the difference in the
AROIIR curves is extremely small and the deviation of the experimental data from the
least-squares fitted curve could be larger than the differences between the curves.
It is realized that the possible sum of the experimental errors and the assumptions
made in the computation of apparent HR are also much greater than the differences
between the three curves. However, the runs were made and completely processed back-
to-back; therefore, the data are consistent. The presence of nearly the same wiggles
in cach of these curves is quite surprising, particularly when it is recalled that
each of these curves is computed from a pressure-CA history which is the average of
50 cycles.

There are several possible explanations for these wiggles. If the CA-dog mark-
ers were not uniformly spaced or if there was a repeatable deviation of the command
to sample, the observed results would be obtained. Also, repeatable combustion vari-
ations or oscillations due to the passage between the combustion chamber and the pres-
sure pickup could be the cause. Since the data were reduced to smoothed HR curves,
the exact cause for the wiggles was not determined.

Injection Advance

The effect of INJ advance with a low ROI pump and the standard 0.0138 nozzle
tip is illustrated in Fig. 9. The ROI for Run 83 is presented in Figs. 12 and 14.

It can be seen that this Fig. 9 combination of pump and nozzle yields an ROI
which is essentially equivalent to a "pilot" INJ, followed by a "main" INJ nearly
15 CA deg later. This pilot INJ effect was maintained over the range of INJ advances
reported in Fig. 9. The curves for Runs 83 and 86 are for the same operating condi-
tions and, thus, are one measure of the repeatability of the engine and the data-
processing technique. The observed (on the oscilloscope screen) start of needle
lift is at 160 ± 2 CA deg for both of these runs. The start of INJ computed from
the recorded data is 162 CA deg for both runs. Despite this, the IP is nearly 2 CA
deg later for Run 83 than for 86.

The engine had been shut down for installation of a new fuel INJ pump just be-
fore the series of runs shown in Fig. 9 were made. The oiL, water and inlet-air
temperatures were brought up to standard values, were held there for about 20 min,
and appeared to be at steady-state conditions during Run 83. Run 86 was made after
the engine had been operating about 1 to 2 hr. The shift in the HR curve of Run 83
to CAs nearly 2 CA deg later is a consequence of either not reaching equilibrium af-
ter the shutdown of the engine for installation of the new INJ pump or of rapid
initial changes in the new pump.

The trends of the curves in Fig. 9 are quite consistent, however, and certain
conclusions may be drawn. The shift in the peak of the HR rate curve is nearly 1.5
times the change in INJ advance. The same relationship is seen also in Fig. 10 for
the CIE fuel with the high ROI system, and it holds in spite of the longer IDs with
increasing INJ advance.

Thus, the increase in the ROB during the early part of the HR period more than
offsets the increased ID due to large INJ.advances. Then the peak ROHR advances
more rapidly than the INJ curve as the INJ curve is advanced. This relationship
is significant for purposes of cycle simulation. For example, it might be supposed
that the effects of longer delay and faster initial burning with increased INJ ad-
vance nearly cancel one another. Then the whole HR curve might simply be shifted
to earlier CAs in order to "simulate" a given greater INJ advance. The data just
presented show that a misleading result could be obtained from the simulation due
simply to shifting the AROHR along the CA axis.

The effect of INJ advance on AROHR with CIE fuel can be seen in Fig. 10. Here
the ROI is nearly constant, and the INJ advance, IP, and ID are:
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INJ

Run Advance IP ID

64 172 176 4

65 162 168 6

66 191 163 12

The AROHR has the highest value for the longest ID and the HR continues later
in the cycle with later INJ. The "tail" of the AROIIR curve for later INJ lags a
"similar curve at earlier INJ by about 1.25 times the difference in INJ cutoff CAs.
These data indicate that for a fixed shape of the ROI curve, there is a dependence
of the later part of the AROIIR curve on the CA position (timing) of the fuel INJ
curve.

The dependence of the shape of the early part of the AROHR on the ROI is ex-
pressed most explicitly by the use of the Wiebe parameter, Cl. The values of Cl
obtained by a least-squares fit to the experimental AROHR are:

Run INJ Advance Cl

64 10-deg btc 0.78098

65 20-deg btc 0.47825

66 30-deg btc 0.15361

It is seen that there is a monotonic variation of Cl with INJ advance in this range.

Figure 10 illustrates that with very long IDs the very approximate rule that
the peak AROHR is nearly one-half the peak ROI for the SOC selected for this investi-
gation does not hold. For the early INJ advance run with relatively low.CN but high
volatility CIE fuel, the amount of fuel participating in the premixed combustion is
apparently quite large; 67.8 percent of the total fuel added is injected before ig-
nition occurs (percent of fuel injected before ignition = Fuelpibi).

Another interesting conclusion that can be drawn from an examination of Figs. 9
and 10 concerns the trends of the slopes of the curves, Turning first to Fig. 9
with the very low ROI, a distinct trend with later INJ timing toward lower slopes
for the initial rise of the AROHR curves is observed. A much less distinct trend
is observed in the slopes of the AROHR at the end of combustion. If a mean slope
for the later part of the AROIIR curves (say between about 45-60 and 5-10 milli-Btu)
is estimated, this slope becomes increasingly more negative with later INJ timing.

The effect of variation of INJ timing with a low ROI pump and a small nozzle
tip (0.0118) is shown in Fig. 11.

A somewhat wider range of INJ timings than those shown in Figs. 9 and 10 is
covered in Fig. 11, in which the experimentally obtained ROI varies somewhat through
Runs 89, 90, and 91. This is due to the larger difference in cylinder pressure re-
sulting from the larger range of INJ timing.

The trends which have been observed with different INJ advances in the previous
two figures are followed. An exception to the general rule relating the peak HR rate
and the peak ROI is seen-again in Fig. 11; i.e., with large values of ID, the early
portion of the HR curve is determined by the amount of fuel accumulated rather than
by the ROI. This dependence is enhanced by the smaller droplets produced by the INJ
system with 0.0118 in. nozzle tip as used in Fig. 11.

Injection Syetem Changes

While the effect of INJ advance in the previous section was under study, in-
cidental changes in the INJ system were made. This section presents the previous
tests plus those where the INJ system was changed. The effect of the INJ system
changes on the experimentally obtained ROI and on the resulting 11R rates is shown
in Figs. 12, 13, 14, and 15. It should be emphasized that the EOC were held at the
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SOC listed in Table 2; thus, the observed effects result solely from the specified
changes in the INJ system.

The INJ pumps which have been used f6r this work are described in Table 5. One
of the pumps has a nominal delivcry rate of 10 cu mm/CA dog and the other a rate of
5 cu mm/CA deg. This two-to-one ratio in the nominal delivery rates led to the use
of the high ROl and low ROI designations although it is recognized that the pump,
the -,ystem volume, and the nozzle together determine the ROI. This nomenclature is
somevhat. misleading as can be seen in Fig. 12, The maximum actual ROI obtained only
differs by about 15 percent due to elasticity and compressibility effects.

The shape of the ROI curve in Fig. 12 is quite different although all other
variables have been held nearly constant. Thus the average ROI is significantly
lower for the low rate system. Again, for the operating conditions, where the amount
of premixed combustion is small enough so that the AROIIR is controlled by the ROI,
the approximate relationship-that the peak AROHR is nearly one-half the peak ROI
--- is observed. Therefore, the peak ROI and the peak AROHR are nearly the same for
the two curves in Fig. 12 despite a two-to-one ratio in the nominal delivery rate of
the INJ pumps and a nearly two-to-one ratio in the mean delivery rate.

The main effect of the difference in INJ pumps is the significantly different
shape of the AROUR, Again, this is an extremely strong indication that the AROHR
is controlled to some degree by the ROI. For example, the peak AROHR lags the peak
ROI by nearly the same amount in the two cases shown in Fig. 12 despite large dif-
ferences in the shape of the respective ROI diagrams.

Another interesting result in the independent confirmation of the findir-s of
Lyn and Valdmanis (39) concerning the weak dependence of ID upon spray characteris-
tics. This weak dependence is observed in Figs. 12, 13, 14, and 15. Some of the
computed liquid spray characteristics for the curves of Fig. 12 are:

Spray
Run ROI SMD Penetration FuelPibi ID

(0) (in.)

76 high 22 1.7 31 6

83 low 36 1.6 12 6

With the exception of the spray penetration, the above numbers span a wide
range of the liquid spray variables. Nevertheless, the ID is the same for these
very different spray conditions. This is in accord with Lyn's conclusions on the
weak effect of physical factors on ID.

Figure 13 shows the effect the size of the nozzle-tip hole has on the ROI and
the resulting AROHR.

The initial separation of the AROHR curves in Fig. 13 is almost certainly a
result of the corresponding difference in the start of INJ. If, for comparison
purposes, the curves for the 0.0148-in. nozzle tip are shifted 2 CA deg to the left,
certain conclusions can be drawn. First, the one-to-two ratio between the peak
AROHR and the peak ROI is observed again. Secondly, the ending of INJ is nearly
6 deg earlier with the larger nozzle tip. However, on the shifted scale, the ending
of HR is only 2 CA deg earlier with the larger nozzle tip. The larger SMD resulting
from the larger nozzle orifices may account for this result.

The effect of nozzle-tip size on the ROI and the resulting AROHR with the low
ROI pump is illustrated in Fig. 14.

In Fig. 14, the nozzle-tip size has a significant effect on the ROI obtained.
In addition to the effect of nozzle size on ROI, the effect of nozzle size on the
droplet sizes is reflected in the shape of the AROHR curve. By comparing the
areas under the ROI curves before ignition, it is seen that more fuel has been in-
jected before ignition in the case of the larger nozzle tip. Despite this, the
slope of the AROHR curve after ignition is lower. An approximate average of the
computed droplet sizes of the fuel injected before ignition is:
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Run Nozzle Size SMD

83 0,0138 4014

90 0.0118 3011

Thus, although slightly more fuel has been injected before ignition in the case
of the 0.0138 nozzle, the surface area of the spray is only about three-quarters as
great. This indicates that the influence of surface area on the preparation-to-burn
rate of fuel droplets may be significant.

Two of the extremes in ROI which have been obtained in this work are compared
in Fig. 15.

The two extremes are obtained with the high ROI pump and large nozzle tip and
with the low RO0 pump and standard tip, The latter combination gives the pilot INJ
effect previously mentioned. A quite different ROI and AROHR have been obtained for
the two different INJ systems. Despite these large differences, certain relation-
ships between the ROI and the AROUR are maintained. For example, in Fig. 15 the
rule relating the amplitude of the peak AROHR to the amplitude of the ROI is fol-
lowed.

GeneraZ Obacrvations

The experimental results presented in this section can provide some insight
into the question of which mechanisms or processes are controlling during various
stages of 11R. Considerable caution must be used in generalizing since these results
were obtained on a given engine with fixed combustion-chamber geometry and air mo-
"tion.

The initial slope and height of the AROHR curve is determined by the amount of
fuel injected and vaporized during the ID period. The shape and height of the later
part of the AROHR curve also are highly dependent on the amount of fuel participat-
ing in this "premixed".combustion phase. Possible reasons for this include:

1. The obvious fact that if the fuel is burned during the early part of the
HR period, it is unavailable for burning during the later part.

2. A temperature or pressure dependence of the droplet-evaporation rate, or
of the chemical-reaction rate.

3. A combustion-induced turbulence promoting mixing.

Results from a spray-droplet model, which are presented later, indicate that
an increase of the droplet-evaporation rate with instantaneous, mass averaged gas
temperature will produce the above trends.

It is possible that some liquid droplets which are subjected to high tempera-
tures may become heated to the thermodynamic critical point. This may, in effect,
give a very rapid "evaporation" rate and may result in the rapid HRs which are ob-
served to occur after the premixed combustion period for long IDs. If the liquid
temperature is not above the critical temperature, adiabatic equilibrium (38) may
occur in the spray core. The longer HR period with higher F/A is another indication
that a fuel-rich spray core exists under certain conditions.

The observation that the peak AROHR is nearly one-half the' -peak ROI has been
mentioned previously. Figures 14 and 15 indicate that this is correct if all other
factors are held constant at the standard engine conditions of this investigation.
If the ID becomes long, then the amount of fuel injected and evaporated before ig-
nition determines the height of the peak of the AROHR. If the F/A is changed, the
changed rate-of-evaporation (ROE)-again possibly due to the adiabatic equilibrium
-- can have significant influence.

MATHEMATICAL EXPRESSIONS FOR AROHR

The twofold objectives of this study were:
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1. To obtain experimental data and to understand the relationship between ROI
and AROHR.

2. To obtain theoretical and mathematical relationships for the AROIIR given
the ROI.

Although the details of the theoretical development of the single-droplet model
are given in (29), it. was judged desirable for the sake of completeness to repeat
here the expressions developed. The correlation developed for the constants of
Wiebe's expression also is presented.

Cori-eZation of Wiebe Parameters

The values of the numbers obtained for the parameters in Wiebe's (30) semi-
empirical "burning law" are presented in this section. These numbers, obtained by a
a least-squares fit of Wiebe's function to the experimentally obtained AROHR are
listed in Table 6 and again under the designation Experimental in Table 7.

As mentioned previously, a -correlation between the Cl, C2, and C3 coefficients
and certain overall combustion parameters was developed. The correlations are:

Cl = 0.1496 .- 0.2715 Pibi , (3)

SC2 = 0.5 A/F . (4)

+!Q0. '/6RPM\/0.0271 8360(
INJ C3CAIN + (--• 5)

where •\x\ \ /

Pibi = percent of total fuel injected before ignition

A/F = overall, experimentally obtained, air-fuel ratio

CAINJ = experimentally observed CA at which INJ starts

CN =cetane number of fuel

RPM = experimentally observed engine speed

P = arithmetic average of instantaneous, experimentally measured,
cylinder gas pressure at the CAINJ and at the ignition CA

T = arithmetic average of instantaneous, computed mass averaged,
cylinder gas temperature at the CAINJ and at the ignition CA

The values computed with Eqs. (3), (4) and (5) are listed in Table 7 under
Predicted. It should be noted that the factor (40/CN) 0 - 6' in.Eq. (5) was not de-
veloped from the data obtained during this investigation but from a replot of data
from Tsao et al. (40).

It is probable that the "predictor equations" for the Wiebe parameters can be
improved by the addition of some (yet unknown) terms. However, the correlation of
the Wiebe parameters (as well as the Wiebe representation itself) is quite empiri-
cal. Thus, there is no consideration of many of the intermediate steps in the HR
process. The method may be useful for interpolation between certain operating con-
ditions and for limited extrapolation, given a fixed INJ system.

Spray-Droplet Burning ModeZ

There are considerable experimental data which indicate that ROB of a liquid
fuel droplet is controlled by ROE from the droplet. The Wiebe relationships contain
no explicit consideration of droplet size.

It is believed that an approach to a correlation which includes a consideration
of droplet sizes is much more fundamental and, thus, eventually will be used for the
simulation of the HR in a diesel engine. The procedures and expressions developed
in (29) are given in the following section.

i iI -: • ... . .7
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Prediction of ROIIR Curve from ROI Curve

Following the authors' approach, the simulation of the combustion rate in an
open-chamber direct INJ engine consists of:

1. The division of the injected fuel (ROI) into discrete packets or increments,
based on the time interval of INJ. The amount of fuel in an increment was
that amount injected during 1 CA deg.

2. The computation of an SMD for each increment of fuel using the following
form of Knight's (1955) equation:

SMD = 220(AP)-°.4s5 (Q).*209(V) 0 .2 1S orf (6)S•~~(t) ef

where

SMD = Sauter Mean Diameter, microns

AP = difference between instantaneous INJ pressure and instantaneous
cylinder gas pressure, psi

Q = mass-flow rate through the nozzle, lbm/hr

v = kinematic viscosity of fuel; centistokes

Aorf = exit orifice area, sq in.

A(t) ef = effective orifice area across which AP is measured, sq in.

3. The computation of a droplet-size distribution, for each increment of fuel
injected, using Tanasawa's distribution which is combined into the spray-
burning expression, see Step 5.

4. The computation of an ID for each increment of fuel injected using
Wolfer's (1938) formula, modified to fit experimetital data, and modified
to account for changes in cylinder gas pressure and temperature during
the ID period of the fuel increment:

1D= 6 RPM'1 0.027lN~ 40) exp (o\(7)

where

ID = ignition delay, CA

RPM = engine speed

P = linear average of cylinder gas pressure at time of INJ and at time
of ignition, psi

CN = cetane number of fuel

T = linear average of cylinder gas temperature at time of INJ and at time
of ignition, deg R

5. The computation of the ROHR of each increment of fuel injected using a
droplet-size distribution. The following equation includes Godsave's value
of 790 for the single-droplet burning coefficient, and the experimentally
observed effect of cylinder gas temperature on the spray-burning rate:

HR = -DWF(K) (DTDT) (DFDT) exp 3(TANA°.7) (l-TANA)-°2S] (8)
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where

HR = fuel ROB, lbm/CA

DWF(K) = mass of fuel in Kth increment injected, I-bm.
a DTDT = {I)"I + [CAI-CA(K)]IT2}

[SMD (K) ] 2

"DTl = 4(790) (T*-' 3 )
6 RPM

T = instantaneous cylinder gas temperature, deg R

RPM = engine speed

CAI = engine CA corresponding to current position of piston

CA(K) = engine CA when K'th increment of fuel injected

4(790) (0.33)(T)(T°-s3)
DT2 =

6 RPM

AT = change in cylinder gas temperature between previous CA and current.
CA, deg R

SMD(K) = Sauter Mean Diameter of K'th increment of fuel injected

DFDT = 2.25(TANA)(l-TANA)*. 25 +0.75 TANA-7'5 (1-TANA)-P- 25

TANA = 4(790)[CAI-CA(K) ]T.
3 3

6 RPM [SMD (K) ]2

6. Sum the HRs at each CA and multiply by fuel heating value to get the total
HR rate at each CA.

CONCLUSIONS

1. Despite the extreme practical difficulties, experimental data which are
suitable for the computation of HR rates can be obtained from a CIE high
in speed and in specific output.

2. The use of a high-speed multichannel data-acquisition system to record en-
gine data which vary during the cycle not only is practical but also is
almost a necessity in a study of this kind.

3. The initial slope and height of the AROHR curve is determined by the amount

of fuel injected and vaporized during the ID period.

4. For moderate IDs, the peak AROHR is approximately one-half the peak ROI.

5. The relationships which are observed between the ROI and the ROHR are ex-
plainable in terms of the many physical processes occurring in the engine
during the HR period.

6. For a fixed combustion chamber and EOC, the HR rate is determined by
(a) ROI, (b) ID, (c) spray characteristics of the INJ system, (d) inlet
manifold DR and temperature, (e) P/A for the cycle, and (f) a large number
of other secondary factors.

7. A correlation for the three parameters of the Wiebe equation was developed.

8. An expression for the AROHR derived from expression for the ROB of single-
fuel droplets and modified by a spray-burning coefficient is presented.
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9. The cOncept of a spray burning at a rate corresponding to single-droplet
burning coefficients, which has been proposed by Probert and Tanasaw, is
physically more descriptive of the events occurring in the engine than the
Wiebe-type currelation.
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APPENDIX

The SOC for the engine arc. listed in Table 2. Any departure from these condi-
tionks i4 indicated in the text.

TABLE 2

Standard Engine Operating Conditions

Compression Ratio .15.4:1 (measured)

Speed 200 ± 10 rpm

Dynamic injection Timing 20 ± 0.5 deg btc

Intake Temperature 100 ± 3 deg F

Intake Pressure 60 ± 1 in. Hg abs

Exhaust Pressure 60 ± 2 in. Hg abs

Jacket Coolant Temperature

In 180 ± 10 deg F

Out 190 ± 10 deg F

Rise. 3.5 - 12 deg F

Lubricating Oil SAE 30 Series III

Temperature

In 180 ± 10 deg F

Out 200 ± 10 deg F

Rise 6 - 17 deg F

Valve Timing

Intake Valve Opens 20 deg btc

Intake Valve Closes 50 deg abc

Exhaust Valve Opens 50 deg bbc

Exhaust Valve Closes 20 deg atc

Valve Overlap 40 deg

Injection System

Plunger Diameter 9 Mm

Cam Profile 26/2X tangential

Nozzle Holder AB AKF 100S X5059A

Nozzle Tip 4-0.0138 in. holes

Nozzle Opening Pressure 3000 psi
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TABLE 3

Engine Specifications*

Displacement 71.57 cu in.
Bore 4.5 in.
Stroke 4.5 in.
Compression Ratio 16:1 (nominal)
Connecting Rod Length 9.0 in.
Crankcase LABECO C. L.R. S/N DI-7
Combustion Chamber Open bowl in piston
Inlet System Length 19 in. (port + pipe)

Pipe Length 13 in.
Inside Diameter 2.5 in.
Tank Volume 7600 cu in.

Exhaust System Length 19½ in. (port + pipe)
Pipe Length 13 in.
Inside Diameter 2 in.
Tank Volume 7600 cu in.

Injection System
Pump AB APE IB-90P-4843A
Line (24½ L) (0.062 id)
Nozzle Holder AB AKF 100S X5059A
Nozzle Tip AB ADB-145S-131-7

TABLE 4

Fuel Specifications

CIE 47.1 CN

Fuel SRF

API Gravity at 60 F 47.3 48.7
Specific Gravity at 60 F 0.791 0.787
Distillation, F

IBP 160 371
10% 231 404
50% 372 433
90% 456 481

501 565
Composition and Volume

Saturates 78.6 89.5
Olefins 7.3 -4.5
Aromatics 14.1 6

Cetane Number 37.5 47.1

TABLE 5

High Rate and Low Rate Injection Pumps
Maximum

PUP Plunger Camshaft Ideal Rate

High Rate PPK 1/3 Z PAC 26/2X 10 mm3 /CA
(9 mm) (tangential 6/4)

Low Rate PPK 1/1 Z PAC 26/1X 5 mS/CA
(7 mm) (basic metric 6/1)

*Cylinder head (including ports, valves, and springs), sleeve, piston, pin, rod, and
valve train from International Harvester DT 429 six-cylinder engine.
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TABLE 7

Experimental and Predicted Wiebe Parameters

Experimental Predicted

Run Cl C2 C3. Cl C2 _C3

64 0.781 16.2 176 0.667 15 175

65 0.478 14.8 168 0.445 15 166

66 0.154 13.3 163 .0.305 15 158

67 0,485 9.20 167 0.599 10 166

68 0.393 29.4 169 0.311 29 167

73 0.519 13.1 167 0.473 17 164

74 0.389 9.80 166 0.453 16 164

75 0.509 14.6 165. 0,588 16 166

76 0.416 10.6 167 0.441 17 167

77 0.531 42.5 167 0,317 35 167

79 0.468 8.08 168 0.537 11 166

82 0.706 18.7 170 0.326 16 167

83 1.17 14.1 168 0.714 -14 166

85 0.987 17 161 0.675 14 160

86 1.09 13.3 166 0.844 14 167

87 1.30 12 170 1.16 14 172

88 0.657 12,7 158 0.665 14 156

"89 0.349 8.38 160 0,488. 15 153

90 0.618 7.20 168 0.816 15 165

91 0.066 5.66 159 0.377 15 160

99 0.452 14.3 167 0.416 10 168

100 0.436 13.6 167 0.367 10 168

102 0.372 6.56 166 0.508 15 167

103 0.531 11.7 167 0.508 15 165

109 0.438 10.4 166 0.548 15 165

115 0,451 17 167 0.393 29 169

116 0.677 11 165 0,708 10 165

117 0.702 11i5 165 0.743 10 165

118 0.682 11.4 165 0.660 10 165

120 0.737 8.64 164 0.779 12 167
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APPENDIX VI

D

A Spray-Droplet Model for Diesel Combustion

J. Shipinski, P.S. Myers and O.A. Uyehara
Mechanical Engineering Dept.

University of Wisconsin

ABSTRACT

A spray-burning model (based on single-droplet theory) for heat release in a
diesel engine is presented. Comparison of computations using this model and experi-
mental data from an operating diesel engine indicate that heat release rates are not
adequately represented by single-droplet burning rates. A new concept is proposed,
i.e. a burning coefficient for a fuel spray. Comparisons between computations and
experimental data indicate that the numerical value of this coefficient is nearly
independent of engine speed and combustion-chamber pressure. However, the instan-
taneous value of the spray burning coefficient is approximately proportional to the
instantaneous mass-averaged cylinder gas temperature to the one-third power.

INTRODUCTION

The availability of very large, high-speed digital computers has encouraged ef-
forts to simulate in detail both spark-ignition (s.i.) and compression-ignition
(c.i.) engines (1)-(7)*. In the case of the s.i. engine, attempts have been made
to simulate the combustion or heat release process (8) (9). In the case of the c.i.
engine the rate of heat release (ROHR) was usually estimated from past experience
and included as an input to the simulation. However, Lyn (4) attempted to use
Spaulding's (10) single-droplet results to predict burning rates in an engine. Lyn
did not explicitly consider droplet sizes in his work. However, implicit in his
work is the assumption of the same drop size distribution and mean droplet diameter
for every increment of fuel in the injection process. Cook (11) (12) postulated a
model for combustion in a diesel engine, based on a partial distillation of each
fuel increment and an infinite burning rate after an ignition delay (i.e.) computed
for each distilled fraction. Held (13) extended Lyn's method without any considera-
tion of droplet sizes and without presenting any well-defined correlation. Nagao
(14) considered in detail the i.d. of each increment of fuel injected. His method
of dividing the rate of injection (Rol) into increments according to the crank angle
(CA) of injection was similar to that proposed and used by Lyn (4) and followed by
Cook (12) and Held (13). Nagao assumed combustion of each fuel increment during the
1 crank angle following the end of the i.d. period for that increment. Thus, he
gave no explicit consideration to droplet size distribution, droplet mean diameter,
or finite droplet evaporation and burning rates.

The occurrence of finite evaporation rates during the i.d. period (15), in ad-
dition to finite burning rates (16)-(19) for single droplets, has been well estab-
lished by experiment. Burning rates can also be predicted from heat and mass trans-
fer theory (15) (16). The concept of a finite-spray burning rate based on single-
droplet theory and experiment was proposed .by Probert (20) and extended by Tanasawa
(21). Probert combined the Rosin-Rammler particle distribution function and single-
droplet burning rates to obtain a spray burning rate. He also assumed that single-
droplet evaporation and burning coefficients were valid in the spray; that is, either
there was no interaction between droplets or the interaction did not significantly
"affect the result.

Tanasawa replaced the Rosin-Rammler distribution with a drop size distribution
experimentally obtained from a gas turbine nozzle spray. He combined this distribu-
tion with the single-droplet burning coefficient Cb and obtained an empirical formu-
la by fitting a curve to the results of these computations. Tanasawa also assumpd
*Numbers in parenthenes designate References at end of paper.
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no Interaction between droplets burning in a spray. Neither Probert nor Tanasawa
proposed their model for use in dense sprays, such as those present during diesel
combustion.

OBSERVED ENGINE BURNING RATES

The phenomena which a burning rate model must describe in detail are usually
observed only indirectly. "The overall performance of the engine is highly dependent
on the burning rate, but the relationship between rate of burning and rate of injec-
tion is not well established. Because of this lack of established relationships,
engine combustion chamber development is accomplished by observing engine perfor-
mance data and, in some cases, pressure-time (p-t)- diagrams.

An apparent ROHR can be computed from a p-v diagram (22) or a p-t diagram (23).
The work from which this paper is drawn (24) is based upon the p-t approach. The
use of the term 'heat release' is only a convenient notation, and the terms 'energy
release' or 'rate of conversion of chemical energy to sensible energy' are more pre-
cise.

The experimental ROHIR which were used for comparisons with the model were ob-
tained on a 4.5 in. x .4.5 in. open-chamber diesel engine. Experimental p-t diagrams
were recorded for loads of from. 60 to 330 lb/in. 2 motored indicated mean effective
pressure (m.i.m.e.p.), and speeds from 1000 to 2500 rev/min, The maximum output was
over 1 indicated hp/in.1.

The p-t diagrams were recorded on a h igh-speed magnetic tape'recorder (25).
These records were digitized at every crank angle by the analog-to-digital (A/D) in-
terface of a hybrid computer. A p-t diagram which was the average of from 20 to

.50 cy!cles was obtained as output. A typical average p-t diagram is illustrated in
the ipper part of Fig. 2.1. The ROHR computed from this p-t diagram is shown in the
lower portion of Fig. 2.1. It is seen that a very irregular ROHR curve results from
a relatively smooth p-t curve. It is possible that these irregularities actually
occur in the engine. However, it is also possible that they were unintentionally
introduced in the ROHR curve. This introduction could occur either because discrete
points rather than a continuous curve were used or because a finite number of p-t
curves were averaged.

In addition to the random irregularities there is a fairly consistent sharp
peak or initial spike in the ROHR curve. This has been observed by Lyn (26). This
spike appears to be the result of a very rapid pre-mixed combustion of fuel vapor-
ized during the i.d. period. This spike is dependent on engine operation conditions
and may disappear with high supercharge.

As an aid to understanding and describing the phenomena, it is convenient to
divide the ROHR curve into four stages, as illustrated in Fig. 2.2: (1) an i.d.
stage, (2) premixed combustion stage, (3) vaporization-limited combustion stage, and
(4) mixing-reaction-rate-limited combustion stage.

The titles of these four stages roughly indicate the rate-limiting phenomena
believed to be occurring during this portion of the ROHR curve. The boundaries be-
tween these stages are not well delineated, either for the ROHR curve as a whole or
for an individual increment of fuel.

In the combustion model finally developed, the i.d. stage is described by an
i.d. correlation: the pre-mixed combustion stage was described -by an arbitrarily
selected burning rate; the vaporization-limited combustion stage was described by
the drop size distribution model necessarily developed for use during the previous
two stages and modified by a spray burning coefficient (CE); the mixing-reaction-
rate-limited combustion stage was described by CE. In arriving at this final model,
models previously described in the literature were evaluated to determine if they
adequately described the phenomena. Shipinski (24) presents the details of this
evaluation, but the models that are helpful to an understanding of the final model
are presented here.
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WIEBE MODEL

The first model was simply an empirical curve fit of the experimentally obtained
ROlR curves (27). In order to do this Wicbe's (28) semi-empirical dimensionless
'Brenngesetz' was used, The equation used for the ROUR is

HRR(Y) = (C) (C2) (Cl+l) (YC )exp[-C 2 (YCI+I)] (2.1)

where IIRR(Y) is the smoothed heat release rate (milli-Btu crank angle degree at
normalized crank angle); Y the normalized crank angle, i.e, (CA-C3)/(3l0-C3); C
equals [(WFCY) (HV)10001/(310-C3); WFCY the experimentally obtained, time-averaged
weight of fuel per cycle, lbm; HV the higher heating value (Btu/lbm); C1 the Wiebe
shape coefficient; C2 the Wiebe efficiency-of-combustion coefficient; and C3 the
Wiebe parameter corresponding to crank angle at which ignition occurs.

"As discussed by Shipinski (27), an approximate, but unsatisfactory, correlation
wit-i operating variables was obtained for the constants in equation (2.1). As an
approach which included consideration of droplet sizes and the processes occurring
was considered more fundamental, no more work was done on correlation of Wiebe pa-
rameters. Instead, various different single-droplet models as described below were
investigated.

MODELS TANASAWA AND TANAS I

As Probert (20) and Tanasawa (21) had.shown the importance of drop sizes on
the rate of burning of a spray, a model which included a variable Sauter mean diame-
ter (SMD) but a constant drop size distribution was constructed and evaluated. This
model is designated as model Tanasawa,

The expression which Tanasawa obtained by fitting empirical curves to the re-
sults of graphical calculations is:

FLb Ct\ 0.7 cbt\-0.2= - -1 Il--li (2.2)
*s exp\. 3~2 4b

where wb/wo is the mass fraction burned at time t; t the time, ms; Cb the burning
coefficient, V

2/ms; U is microns; and i is the Sauter mean diameter, microns.

This equation was the basis for model Tanasawa. The experimentally obtained
ROI was divided into 1 crank angle degree increments. The fuel for each of these
increments was treated as an individual packet and its atomization, spray penetra-
tion, ignition delay, vaporization, and burning history computed. For each fuel in-
crement a SMD was computed from Knight's (29) equation, and its vaporization rate
was then computed from the differentiated form of equation (2.2). Note that equa-
tion (2.2) includes a drop size distribution and the realistic assumption that the
largest drop in the spray is twice the SMD. Although an ignition delay was computed
for each increment using Wolfer's (30) equation, it was assumed that vaporization
did not start until the end of the delay period, and that once vaporization started,
the vaporization and burning rates were equal, i.e. there was no fuel accumulation
during the i.d. period. The burning rate for each fuel increment was then deter-
mined by the spray size distribution and the single-droplet burning law. The sum
of the burning rates for all of the increments forms an envelope which is the pre-
dicted ROHR.

Two parameters which were adjusted by the computer for best correlation with
experimental results were introduced. The first parameter corresponds to Cb in
Tanasawa' equation. The second parameter corresponds to the coefficient in Wolfer's
delay equation. (Wolfer's recommended value of 16,600 Btu/lb-mole was used for the
apparent activation energy in the i.d. equation.)

The 'predicted' ROHR from model Tanasawa, using the least-squares-fitted param-
eters, decreases more rapidly than the experimental values during the mixing-reac-
tion-rate-limited slage, as shown in Fig. 2.3. The similarity to and the difference
from similar plots by Lyn may be seen in Fig. 2.3. Each line in the heat release
rate envelope delineates the rate of heat release of the fuel injected during a
single crank angle increment. The 'predicted' heat release curve is not wide enough



406

during the second stage of heat release and has a too high rate during the after-
burning stage,. It was thought that this might be caused by the assumption of no
vaporization during the delay period. Accordihgly, Model Tanas I was constructed
and evaluated.

In Model Tanas I, fuel began to evaporate and prepare to burn during the i.d.
period at a rate predicted by equation (2.2). This evaporated fuel was accumulated
ready-to-burn until the i.d. for that particular increment had elapsed. During the
next crank angle after the ignition of an increment, the accumulated ready-to-burn
fuel for that particular increment was burned. From this. point on, the fuel incre-
ment burned according to the spray burning rate formula.

Model Tanas I, however, gave results similar .to those shown in Fig. 2.3. It
was ultimately judged that this occurred because neither model had mixing or reac-
tion rate relations built into it and, as a result, the least-squares fit could not
fit both the vaporization-limited and the mixing-reaction-rate-limited stages.

Experience with Models Tanasawa and Tanas I indicates that:

1. Neither of these models, as described above, will predict a reasonably
correct R011R. The vaporization-limited stage of the predicted curve is
always too narrow and the mixing-reaction-rate-limited stage is too drawn
out.

2. Tanits I does predict an initial sharp peak or spike as a result of the
pre-mixed combustion.

3. The capability of Tanas I to predict the initial peak or spike in the ROHR
curve does not decrease its ability to be adjusted, to the subsequent por-
tions of the ROHR curve.

4. The single-droplet model must be modified to include more than single-
droplet vaporization phenomena in order to predict the observed ROHR.

MODEL TANAS II

The approach was then modified in the following way:

1. Efforts were concentrated on Model Tanas I, the model which accumulates
prepared-to-burn fuel during the i.d, period of each increment of fuel.

2. A new combustion or burning coefficient was defined: CE is a combustion
or burning coefficient for the fuel spray in Model Tanas II (the model for
combustion of a fuel spray in a diesel engine)--the effects of droplet in-
teraction in the spray, mixing, and chemical reaction rates as well as all
other variables, with the exception of those explicitly included, were in-
cluded implicitly in CE. The product of CbCE is used for Cb in equation
(2.2).. Shipinski (24) includes Cb of equation (2.2) in his CE. "Thus his
coefficient CE has different numerical values (by the factor Cb), although
the concept is the same. The CE used here is dimensionless. Thus, if the
above effects are negligible, CE is unity.

The possibility of the variation of CE during the cycle, due to factors not
included in the model but which affect the spray, is recognized.

From a practical standpoint, as CE includes the effects of so many phenomena
it is of limited utility if it is a function of many variables. This is especially
true, as one can talk about either instantaneous or time-averaged values of the
variables.

CORRELATION FOR CE

Inasmuch as changes in the spray factors not included in the model were observed
only indirectly by their effect on cylinder pressure, temperature, and equivalence
ratio, an attempt was made to correlate CE with these variables.

PRESSURE DEPENDENCE ... In order to obtain a burning rate dependent on instan-
taneous gas pressure, the value of Cb observed by Spaulding (10) was used and the
relationship CE = constant x pO. 2 5 was used. The pressure dependence of 0.25 was
reported by Hall (17) for single-droplet experiments. The value of the constant was
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then computed by the computer as the value which gave the best least-squares fit to
the experimental data. The heat release rate computed by tho model and the experi-
mentally obtained R0I and ROiR are given in Fig. 2.4. It is seen that the 'predic-
ted' heat release rate curve is too 'narrow' and has a too long .'tail'.

As this discrepancy could be caused by an incorrect pressure dependence, the
model was slightly changed, allowing CO to be dependent on cylinder gas pressure
raised to a power determined by a least-squares fit. The computer-determined power
was -0.12. A comparison of 'predicted' ROHR using the exponent of -0.12 with the
experimental curve is shown in Fig. 2.5. It is seen that a different 'predicted'

* curve is obtained. Although the correlation between the 'predicted' and 'experi-
* mental' curve is improved in some areas, it is worse in other areas.

To make an additional check for pressure dependence, additional comparison
runs were made at 1.0, 1.6, 2.0, and 2.5 inlet manifold pressure ratios at a con-
"stant inlet-air temperature. Again, the experimental data and a least-squares pro-
gram were used to 'predict' a dependence of burning rate on instantaneous cylinder
pressure. The results showed a scattered, but very weak, dependence on pressure.
In addition, the correlation between the 'predicted' and experimental rates for
these additional runs was no better than than shown in Fig. 2.5. As these data
cover a wide range of cylinder pressures, it appears that the dependence of the co-
efficient CE on pressure is very small.

DEPENDENCE ON OXYGEN ... As Cb is a vaporization and not a burning coefficient,
CF must go to zero at the time when all the available oxygen is consumed (i.e. in
Borman's (6) terminology, at a burned mixture having an equivalence ratio, F, of
one). Accordingly, the dependence of CE on available oxygen as presented in the
literature and also as derived from simple kinetic theory was substituted into the
model. Deletion of the pressure dependence and inclusion of the dependence upon the
equivalence ratio did not significantly change the shape of the predicted curve or
improve the agreement with the experimental curve.

As a matter of interest, even though no improvement in correlation was found byincluding the instantaneous variation in equivalence ratio during the cycle, an im-
proved correlation was found when the variation in average equivalence ratio (i.e.
variation in equivalence ratio with load) was included. The dependence found for
the mean coefficient for the entire heat release period was

CE = 0.0166 x A/F (2.3)

where A/F is the overall air/fuel ratio. The range of air/fuel ratios over which
thjis relationship was observed is from 20:1 to 60:1. At Nigh air/fuel ratios the
numerical value of CE obtained from equation (2.3) is nearly unity. The numerical
value of CE at the lowest air/fuel ratio observed is only about 0.333. A possible
reason for this is droplet interaction in the fuel-rich spray at low air/fuel ratios.

On the basis of this result, the instantaneous value of CE was assumed to be a
function of the instantaneous ratio of the oxygen present to that present during
compression. Several functional relationships were tried in the model in an attempt
to predict a more nearly correct heat release rate. None of these produced any im-
provement in the 'predicted' shape. Next, the computer program was allowed to pick
its own dependence on instantaneous oxygen ratio, subject only to the restriction
that the instantaneous burning coefficient OE must decrease with decreasing oxygen
content. The result indicated that there is no dependence on oxygen ratio. This
result is puzzling in view of the very strong dependence of the overall burning co-
efficient for the cycle on the air/fuel ratio for the cycle.

Because of this seeming inconsistency as to the effect of oxygen ratio on CE,
and because, as will be described later, a temperature effect on OE was found, no
effect of oxygen on CE was included. Limited part-load runs indicate that this pro-
cedure is satisfactory.

SPEED DEPENDENCE ... The technique of allowing the computer program to 'pick'the best time-average value of CE was employed over the range of speeds encountered.
The results indicate a very weak dependence of CE on engine speed. The result indi-
cates single-droplet relationships must explain any speed effects and that the well-accepted fact that the combustion period is nearly constant in terms of crank angle
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degrees is explained by the change in mean drop size with a change in speed. The
change in mean drop size is a result of increased injection pressures with increased
speed.

TEMPERATURE DEPENDENCE ... The evaporation rate of a liquid droplet in high
temperature surroundings is related to the rate of heat transfer, Thus Cr may vary
with gas temperature during the cycle. The technique of allowing the dependence of
CE to selected by the program was again used to determine the dependence of CE on
temperature. That is, Cp: was set equal to nzTl, where m and n were adjusted by the
computer program to give the best least-squares fit. The results are given in Table
2.1. The data indicate that the instantaneous spray burning rate is nearly propor-
tional to the one-third power of T and that m may vary with engine configuration.
It should be remembered, however, that the ROHR curve is a function of

CE

(Sauter mean diameter)2

The best correspondence between experimental and computed heat release rates
is illustrated in Fig. 2.6.

NUMERICAL VALUE OF CE

For the engine used, the equation for CE is:

mTncE = Y50 (2.4)

where m is the constant for given engine configuration--for the engine used, m falls
from from 4 to 8; T the instantaneous mass averaged cylinder gas temperature, [OR];
n the exponent of T obtained from this experiment--for the engine used, n falls from
0.30 to 0.35.

Table 2.1 Dependence of CE on temperature

Run n m Equiv. ratio Fuel Swirl

1 0.32 7.42 0.75 CIE Normal

2 0.32 6.97 0.49 SRF Normal

3 0.35 6.11 0.26 SRF Normal

4 0.33 3.91 0.719 SRF Low

PREDICTION OF ROHR CURVE FROM ROI CURVE

Following the authors' approach, the simulation of the combustion rate in an
open-chamber, direct-injection engine consists of the following steps. The values
for the constants used by the authors are shown for illustrative purposes.

(a) The division of the injected fuel (ROI) into discrete packets or increments,
based on the time interval of injection. The amount of fuel in an incre-
ment is that amount injected during 1 crank angle degree.

(b) The computation of a Sauter mean diameter (SMD, microns) for each incre-
ment of fuel using the following form of Knight's (29) equation:

SMD = 220(AP)F-°.'s(Q) o0201(V)0.21sf/, Arf (2.5). leff 1
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where AP is the difference between instantaneous injection pressure and
instantaneous cylinder gas pressure, lb/in. 2 ; Q the mass flow rate
through the nozzle, lb/h; v the kinematic viscosity of fuel, cS; Aorf the
exit orifice area, in. 2 ; A(•)eff the effective orifice area across which
AP is measured, in. 2 .

(c) The computation of an i.d. for each increment of fuel injected using
Wolfer's (3D) formula, modified to fit experimental data, and modified
to account for changes in cylinder gas pressure and temperature during
the ignition delay (id., crank angle) period of the fuel increment;

i,d. = 0i6 0 , EN/ exp (6 (2.6)

where RPM is the engine speed, rev/min; P the linear average of cylinder
gas pressure at time of injection and at time of ignition, lb/in 2 ; T the
linear average of cylinder gas temperature at time of injection and at
time of ignition, OR; CN the cetane number of fuel.

(d) The computation of the rate of heat release of each increment of fuel in-
jected, using Godsave's value of.790 for Cb, a value of 4 for m and aval-
ue of 0.33 for n:

HR = -DWF(K) x DTDT x DFDT x exp(-3.xTANAO. 7 Sx(1.-TANA) -0 2 5) (2.7)

where HR = rate of burning of fuel, lb/crank angle
DWF(K) = mass of fuel in Kth increment injected, lb

DTDT = {DTl+[CAl-CA(K)]xDT2}/(SMD(K)) 2

.DTI = 4 x 790 x T0 .33 /6 x RPM
"T = instantaneous cylinder gas temperature, OR

RPM = engine speed, rev/min
CAl = engine crank angle corresponding to current position

of piston
CA(K) = engine crank angle when Kth increment of fuel injected

DT2 = 4. x 790. x 0.33 x AT x T1-11/(6. RPM)
AT = change in cylinder gas temperature between previous

crank angle and current crank angle, OR
SMD(K) = Sauter mean diameter of Kth increment of fuel injected

DFDT = -2.25 x (TANA)--. 25 x (l.-TANA)-*. 2 5 + 0.75 TANA.T 7 5

x (I-TANA)-V . 2 S

TANA = 4. x 790. x [CAl-CA(K)] x T0 . 3 3 /[6.XRPMX(SMD(K)) 2]

(e) Sum the heat rates at each crank angle and multiply by fuel heating value
to get the total heat release rate at each crank angle.

CONCLUSIONS

1. The concept of Probert and Tanasawa of a spray burning at a rate corres-
ponding to single-droplet burning coefficients cannot be used without
modification to predict the heat release rate in a c.i. engine.

2. Modification of single-droplet burning rate by a coefficient CE for a
spray burning in an engine is proposed. The value of this coefficient is
determined by the conditions within the engine.

3. If CE' is considered to be constant during combustion, it is dependent on
the overall fuel/air ratio for the cycle.

4. If CE is considered to be variable during combustion, the instantaneous
value for the spray is proportional to the one-third power of the instantan-
eous maps-averaged gas temperature and has no dependence on pressure and
fuel/air ratio.

5. Using the above concepts ROHR curves in an open-chamber diesel engine can
be predicted from ROI curves and injector pressures.
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Intake and Exhaust Systems

M. Goyal, G. Scharpf and G. Borman
Mechanical Engineering Dept.
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ABSTRACT

A detailed description of a numerical method for computing unsteady flows in
engine intake and exhaust systems is given. The calculations include the effects
of heat transfer and friction. The inclusion of such calculations in a mathemati-
cally simulated engine cycle is discussed and results shown for several systems.
In particular, the effects of bellmouth versus plain pipe terminations and the ef-
fects of a finite surge tank are calculated. Experimental data on the effect of
heat: transfer from the back of the intake valve on wave damping are given and show
the effect to be negligible. Experimental data on wave damping during the valve
closed period and on the temperature rise of the air near the valve are also given.

INTRODUCTION

One of the basic parts of the detailed mathematical simulation of a single cyl-
inder engine is the simulation of the unsteady flow processes which occur in the in-
take and exhaust systems (1)*. For single cylinder work, each of these systems usu-
ally consists of a valve and port plus a section of straight pipe. The open end of
the pipe often terminates in a large volume surge tank. The problem of computing
the effects of the pressure pulsations is thus one of applying the basic equations
of mass, momentum, and energy to the gas system. The equations are considerably
simplified if one assumes one-dimensional flow so that the only independent variables
are time and distance along the pipe. Such unsteady one-dimensional flow calcula-
tions have been the subject of numerous investigations and a list of references may
be found in Ref. 2.

Although the one-dimensional flow assumption precludes a detailed description
of the flow in the bend in the port, the effect of this bend may be at least par-
tially accounted for by the appropriate addition of frictional effects. In addition
to the port bend effect, friction between the gas and pipe may be important in some
cases. Heat transfer between the gas and the various metal surfaces can also play
a role in complicating the flow problem. Proper inclusion of the effects of fric-
tion and heat transfer is made difficult by the fact that good correlations for un-
steady flows are not generally available and one must depend primarily on correla-
tions obtained from steady flow experiments. Fortunately in the intake system the
fluid velocities and temperatures are often so low that the effects of friction and
heat transfer on the pressure waves are small. Nevertheless, the influence of heat
transfer on the volumetric efficiency is quite important because the volumetric ef-
ficiency is approximately proportional to the gas density.

The higher velocities and temperatures encountered in the exhaust system cause
both the heat transfer and friction to be more important. In particular, it is
known that frictional effects can play an important role in the exhaust systems of
two-cycle engines.

Because of these differences between the intake and exhaust systems, two types
of analysis will be presented here. For the intake system the direct effects of
friction and heat transfer will be neglected in calculating the unsteady flow. The
exhaust system analysis, on the other hand, includes both frictional and heat trans-
fer effects.

*Numbers in parentheses designate References at end of paper.
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The intake and exhaust system equations are coupled to the rest of the cycle by
the boundary conditions at the valve ends of the systems. The valve lift, which de-
termines the valve flow area at any instant, is a known function of crank-angle.
The instantaneous cylinder pressure is calculated from equations of energy and mass
continuity for the cylinder (1).

As explained in Ref. 1, the heat transfer in the intake port is accounted for
by treating the port as a thermodynamic system. This thermodynamic analysis assumes
that the gas in the port is at a pressure and temperature uniform with distance but
varying with time. The port pressure is computed as a space average pressure ob-
tained from the unsteady flow analysis. The gas temperature is then calculated us-
ing an energy equation which includes terms of instantaneous heat transfer from the
back of the valve and the port surface.

In performing cycle computations which included unsteady flow effects in the
intake manifold as discussed above, a number of difficulties were encountered when
couparisons were made with experimental data. Most obvious among these difficul-
ties was the failure of the theory to predict the correct damping rates for the in-
take pressure waves during the time when the intake valve was closed. The second
discrepancy was that calculated volumetric efficiencies were always higher by a few
per cent than the experimental values although the correct trends of volumetric ef-
ficiency variation with engine speed and load were predicted. One suggested cause
of these discrepancies was the effect of heat transfer from the back of the valve
on the damping and flow rates. An experimental program was thus conducted (3) to
determine the effect of heat transfer from the valve on the unsteady flow and to
measure the rise in port gas temperature during the valve-closed period.

This paper first describes in some detail the method used for calculating the
unsteady flow. Then, some results and comparisons are given based on these calcula-
tions. Lastly, the results of the heat-transfer experiments are given and their re-
lationship to the calculation results discussed.

BASIC EQUATIONS

The well-known differential equations for one-dimensional unsteady flow through
a straight pipe of constant area with friction and heat transfer are:

Continuity Equation -

a_+ a + U 02
at ax B o (1)

Momentum Equation

au + u + _ + F 0 (2)SaT u ax+Pax

where

D 2 Tu7

riepresents the frictional force per unit mass. The frictional force changes its
direction when the velocity u changes sign.

Energy Equation -

(y-1)p(q+uF) = + u a - a2 + U (3)

where q is the rate of heat added per unit time and per unit mass of gas.

The entropy of a gas particle changes because of the energy q added and the
work of friction uF. Thus one can show that along a path line

dp. 2 p da(4
d p(uF+qt) (4)d t y -1
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BOUNDARY CONDITIONS, ENGINE VALVE END

Figure I shows a schematic diagram of the system analyzed. When the valve is
closed, the boundary condition is; given by

u = 0. (5)

During the valve open period, the exhaust process has two phases of flow. Ini-
tial blowdowm is choked at the valve, hence the flow is sonic at the mininium sec-
tion and the boundary condition is

un =ac[G+ G + +Y + (6)

where ( y+ 1
.1 t t 2( - 1 l(P n)

For the subsonic flow in the minimum section

217
u= a[ F + 12+ 1 (7)

where

F-_Yy -n) ] -/2

The boundary condition for flow from the pipe to the cylinder is

[7 -2/y,

J (8)

At the open end of the pipe the flow is considered ;to be either directly to the
atmosphere or to the atmosphere through a finite tank. In the case of no tank or a
very large tank,

Pt Pambient = pg*

For the flow from the pipe to the tank

Pn(x=L) Pt. (9)

Two shapes of the open end are analyzed (Fig. 2). The plain open end gives the
boundary condition as•.•: /'2 FI - (Pn/Pt)

"(x=L) + -a (10)

and the flared end (bellmouthed end) gives

u5=L) = -(p/Pt)

where in Eqs. 10 and 11, p1, = Pn(x=L).

i-

- •, °;......... .."" " "? •.".••'•'' ......... " .... ... .. .. T : ..... •: .. 7:•• . .
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The flow from the atmosphere to the tank is assumed to be restricted by an ori-
fice of known-area. Thus for flow from the tank to the atmosphere

14 _::_ I (Po/pt) ] (12)

and for flow from the atmosphere to the tank

Uor = ao - (Pt/po) (13)

CHARACTERISTIC EQUATIONS

Solution of the first order quasi-linear partial differential equations by the
method of characteristics has been presented in various publications (4-6) giving

dxl
u a (Mach line) (14)

• dxdt u (Path line) (15)

Equations 1-3 can thus be reduced to

dp + p a du - (y-l)p(q+uF)dt + p aF dt = 0 (16)

along the u + a line, and-

dp - p a du - (y-1)p(q+uF)dt - p aF dt 0 (17)

along the u - a line.

In dimensionless form, the Mach line Eqs. 16 and 17 and path line Eq. 4 read:

dP + p* AdU - (ylp L+4fL U z+ P* A 2D .V2 U dz 0. (18)

along u + a line.

1 dP + P* Adu -(y-l)p* 14 + 4fLV U d A _ U2 U (19)
(aY 2D T7)2D U d =, 19

along u - a line.

aodP -Aldpn ep(yl)I + 4f ' V3 dz 0, (20)

along us line.
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For gas flow in a straight pipe of uniform cross-section without friction and
heat transfer (for example intake system), the friction and heat transfer terms in.

Eqs. 18-20 can be droppod. Equati-ons 18-20 theni reduce to

I dI + p* AdUi 0 along u + a line (21)
Y

1- d1' - p* AdU = 0 along u - a line (22)
Y

dP 1= 2 in isentropic flow,.
dPs that is, the sonic

velocity equation.

METHOD OF SOLUTION

Very little data are available as to how the coefficient of friction (f) and
the heat transfer coefficient (h) vary for pulsating flow. As the velocity, pres-
sure, and temperature in the pipe vary not only with time but also with distance,
any values for f and h based on steady flow conditions may be different from the
true values under pulsating flow. In a four-stroke engine, the valve is closed for
approximately 3/4 of the cycle and during this period the gas continues to flow
back and forth. These continual and rapid reversals of flow prevent the development
of any significant boundary layer probably resulting in an increase in the heat
transfer coefficient far beyond that obtained under steady flow conditions and based
on local instantaneous velocity.

Jackson, et al (7), working with small amplitude pressure waves (of the order
of 162.5 db) at frequencies in the range 150-300 cps, found that the heat transfer
coefficient varied periodically between the nodes and antinodes of the resonant
sound waves. The maximum overall increase in the heat transfer coefficient was only
20%, but the local variations were considerably larger. Marec and Harrje (8), work-
ing with large pressure oscillations (of the order of 50% peak to peak of the steady
state pressure), found an increase in heat transfer coefficient up to 200%. The in-
crease in the heat transfer coefficient was found to be a function of the amplitude
of the local velocity oscillations, the frequency of the oscillations, the steady
state pressure, and the Mach number. No general engineering type correlations are
known to the authors. The correlations reported by various investigators are more
or less correlations for their own apparatus, thus having a limited usefulness.

Jenny (6) used the steady state friction coefficient value of f = 0.0045 in his
calculations of exhaust flows and found reasonable agreement with experimental data.
In the absence of more accurate data for friction coefficient based on tests under
unsteady flow, f = 0.0045 was assumed.

Heat transfer coefficients were used as reported in Refs. 1 and 2. When the
valve is open, the flow of gas is essentially uni-directional and the steady pipe
flow formula was applied.

h =0.023 (Re)G'O(Pr)
0 .

D

where k is the thermal conductivity of the gas and the Reynolds number is based on
the port hydraulic diameter D.

When the valve is closed, the Eichelberg coefficient (9) was applied

1/3 1/2.h = O.0001(V ) (pT)/Btu/hr-in. -F

where: "
V = Mean piston speed, fpm*1 p

p Pressure, psia

2 = Temperature, R
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The pressure and temperature were taken to be the port values. The Eichelberg
coefficient was found to be very nearly equal to the coefficient given by the steady
pipe flow formula based on average flow velocity. In an attempt to make the heat
transfer coefficient more realistic during the valve closed period during which flow
reversals take place, the Eichelberg coefficient was arbitrarily increased by a fac-
tor of three. During the valve open period, the larger of the two values was used,
that is, coefficient given by the steady flow pipe formula was used until the "modi-
fied" Eichelberg coefficient was larger then the former.

The method of computation used was based on the finite differbnce scheme of
courant, Isaacson, and Rees (10,11) Fig. 3 shows a portion of the time-distance
plane. The time increment Az corresponds directly to the compression-ignition en-
gine cycle simulation program of Ref. 1, as the exhaust and intake process programs
were coupled to it. The cycle used a one crank angle degree increment. Pipe length
L was divided into an integer number of equal lengths Ax, where Ax was obtained from
the stability criterion for the method of solution used. Finite difference methods,
when applied to hyperbolic systems, are conditionally stable. The Courant-
Friedrichs-Lewy (12) stability criterion was applied in the form

A..x>(juj+A).AXs

At an engine speed of 2000 rpm, Ax was taken as 3 in.

Consider all points along a line of constant time, say the line t to in Fig.
3. Assume that all properties such as pressure, temperature, density, velocity, and
speed of sound at each of the points X(l),X(2),...,X(N) along t = to are known. It
is desired to obtain the properties of the gas at time t = ti. Let the properties
of the gas at t = t, and X(G) be P2(G), .p*2(G), U2(G), A2(G), and T2(G), and at
t = to and X(G) be P1(G), p*l(G), UI(G), Al(G), and Tl(G). It iS assumed, as a
first approximation, that the slope of the characteristics U + a, U - a at point
(t,,X(G)) is the same as at point (to,X(G)) and that the characteristic curves pass-
ing through each point along t = tj are straight lines, that is, by Euler type dif-
ference method (for first approximation)

X(G) - XJ(G) = (Ul(G) + Al(G))Az

X(G) - XX(G) = (Ul(G) - AI(G))At
(23)

Equations 23 can be solved at each point to obtain XJ(G) and XK(G). The values
of P and U at XJ(G) and XX(G) can be obtained by linear interpolations. The heat
transfer term is now computed for a given pipe wall temperature and the mean gas
temperature T(G), where

T(G) = (TI(G) + Tl(G))/2,

but for the first approximation

T(G) = Tl(G).

For the friction term, the velocities U at points XJ(G) and XX(G) are used.
Let the terms

+4fL V
(Y-l)P*(qL/~a 2D T UT)dz Q ]

and

p*A 4-'D U1 4 dz = F•

then the finite difference approximations for Eqs. 18 and 19 become

-(P210) - PJ(G)) + p*A(U2(G) - UJ(G)) - + - 0 (24a)
Y

2(P2(G) - PK(G)) - p*A(U2(G) - UK(G)) - - - 0 (24b)

Y ' x I
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where p* and A are arithmetic means of p*I(G) and p*2(G), and A1(G) and A2(G), re-
spectively.

For the first approximation, however, p* = p*l(G) and A.= Al(G). The unknown
P2(G) and 02(G) can be obtained from the solution of Eqs. 24.

Now from the path line characteristic and using an Euler type difference formu-
* la, we have

.,(G) - XZ(G) - U2(G)Az (25)

From Eq. 25, XM(G) can be obtained and the properties P and p* at XM(G) can be
* computed by linear interpolation. Here it must be noted that the point XM(G) on the

path line characteristic may lie on the left or right of point X(G) depending on the
sign of UI(G). So for XM(G) on the left of X(G), the linear interpolation is be-
tween X(G) and X(G-1); however, for XM(G) on the right of X(G), the linear interpo-
lation will be between X(G) and X(G+l). The finite difference approximation for
Eq. 20 gives

1S(P2(G) - PM(G)) - A2(p*2(G) - p*M(G)) - Q3 0 (26)

Equation 26 can be solved for the only unknown p*2(G). Now knowing P2(G), V2(G),p*2(G), at point (t 1 ,X(G)), A2(G) and T2(G) can be obtained using the perfect gas
law.

The slope of characteristics u + a and u - a.at point (t,,X(G)) is-now computed
from the computed properties U2(G) and A2(G) thus giving

7(G) - XJ(G) = (U2(G) +.A2(G))Az

7(G) - 77(G) = (U2(G) - A2(G))Az
(27)

Equations 24, 25, and 26 are solved again. The solution at point (ti,X(G)) is
iterated until the difference between the computed properties at (tiX(G)) during
two consecutive solutions is within preset limits. Similarly properties of the gas
can be obtained at all the interior points along t = t1 .

The boundary points require separate treatment. For the valve end boundary
only the u - a characteristic can be drawn. The u + a characteristic lies outside
the solution domain. Four boundary conditions, flow from engine cylinder to pipe,
sonic flow at minimum section and subsonic flow at minimum section, flow from pipe
to engine cylinder, and closed valve (flow velocity - 0) are considered. The values
of 7K(1) and U2(1) are obtained by simultaneous solution of Eq. 24b and the appro-
priate boundary condition. p*2(l) and T2(1) depend on the boundary conditions. For
flow from the engine cylinder to the pipe, these are based on the properties of the
gas in the cylinder. Point XM(l) coincides with point X(1) when the valve is closed
for U2(1) = 0. During flow from the pipe to the cylinder, the point XM(l) lies on
the right of point X(1) and the solution is obtained from Eq. 26.

Only the u + a characteristic can be drawn at the point X(N), the open end.
Boundary conditions considered here are flow from pipe to the atmosphere and flow
from atmosphere to the pipe. The values of XJ(N), PJ(N), and UJ(N) can be obtained
as before, P2(N) and U2(N) are computed by simultaneous solutions of Eq. 24a and
the appropriate boundary conditions. For flow from the pipe, the path line char-
acteristic falls within the solution domain and p*2(N) and 72(1) can be obtained
from the solution of Eq. 26. p*2(N) and T2(N) are based on the ambient properties
for the gas flow into the pipe. This gives all the properties of the gas at time
t - tj. The solution is quite general and can be followed for computation of prop-
erties at t = t2 , the starting point being the properties of the gas at t , t1 .
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When a tank is attached to the open end of the pipe, the open end boundary re-
quires further simultaneous solution and iteration to include the tank and the
boundary conditions for the orifice between the tank and the ambient air. The pres-
sure in the tank is assumed uniform throughout, only varying' with time, and the tem-
perature and the volume of the tank are constant.

t
12t 2t + 1 ' (~+)dt (28)

P1 mj JI p o
to

where:

P2 (t),M 2 (t) = Pressure and mass in the tank at time t

pm = Pressure and mass in the tank at time to

;P=Mass flow from pipe into tank (>0 for flow into tank)

mor = Mass flow through orifice (>0 for flow into tank)

CALCULATION RESULTS

Computed crankan~gle pressure diagrams for the pressure outside the exhaust
valve for the entire cycle and cylinder pressure during the exhaust process a -re
presented in Figs. 4-6 for the International Harvester ER"l engine as reported in
Ref. 1 running at an engine speed of 2000 rpm. Figure 4 shows pressure data for
the engine running at full load with the exhaust pipe, including the port, 15 in.
long, while Fig. 5 shows data with the exhaust system 30 in. long. Data for the
motored engine with a 15 in. long exhaust system are shown in Fig. 6.

Comparing Figs. 4 and 5, the maximum pressure outside the exhaust valve during
blowdown was 19.8 psia for the short system and 24.1 psia for the longer exhaust
system. The pressure wave from the start of blowdown is transmitted and reflected
back to the exhaust valve earlier for the shorter exhaust system; the reflected
wave (an expansion wave) reduces the pressure at the valve. The effect of the re;.
flected wave can be observed at a later crankangle, when the reflection of the high
amplitude compression wave creates a large depression at the valve. The depression
for -.-he longer exhaust system is larger because the amplitude of the compression
wave was larger compared to the amplitude in the case of shorter exhaust system.
Pressure waves for the shorter exhaust are damped down to zero amplitude because
the amplitude was not large at the start and because these waves had twice as
reflections as for the longer exhaust system. In Fig. 5 however, the pressure waves
can be seen even at the time of next 3E.V.O.

Figure 6 for motoring has a different shape altogether because the pressure and
temperature in the cylinder at the time of exhaust valve opening are not high. This
gives waves of very small amplitude and the damping very soon brings the pressure

* in the exhaust system down to the ambient conditions.

Some further studies were made with the computer programs simulating the ex-
haust and intake systems. For these studies the programs were run independent of
the diesel engine cycle simulation program. These studies were prompted by the
fact that some experimental data on the intake system of the International Harvester
ER-l engine showed a rate of wave amplitude damping during the valve closed period
which was much less than that predicted by the calculations (1).

The first nonengine system considered was a pipe filled with air to a known
pressure and with both ends initially closed. When one end is suddenly opened to
the atmosphere or to a tank at essentially atmospheric pressure, the air flows from
the pipe with subsequent flow reversals. Two situations were investigated. In
situation (a) the and is opened to the atmosphere. The effects caused by a bell-
mouth end as compared to a plain end were computed. In situation (b) a plain open
end is connected to a tank of finite size. The tank is also connected to the at-
mosphere through an orifice of known size.
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Turning to situation (a), the pipe was 24,5 in. long with a cross-sectional
area of 2.54 in. 2 . The initial pressure was 4 psig. Figure 7 shows the gage pres-
sure at the valve end plotted against time after the opening of the other end. It
is evident from this that a plain open end results in more loss than a bellmouthed
end and hence, a higher rate of damping. The reason for this can be seen by examin-
ing Fig. 2; inflow from the atmosphere to the pipe in the case of a plain end forms
a Venturi at the entrance, restricting the flow, while a bellmouthed end has no re-
strictions.

Now considering situation (b), Fig. 8 shows the effect of connect.ng a tank of
2200 cu in. volume, with an orifice of 0.7 in, 2 area between the tank and the atmos-
phere, to the open end of a pipe 18.92 in. long and having an area of 2.54 in. 2.
The initial pressure in the pipe was 4 psig and the initial tank pressure was 0 psig.
The computed gage pressure at the valve end for the cases with and without tank is
shown in an expanded scale. Even when the maximum rise in tank pressure is only
0.085 psi, the amplitude of the pressure waves is affected detectably.

The effect of a simplified engine intake stroke, running at 2000 rpm, using the
same pipe and tank system as given for Fig, 8 is shown in Fig. 9. The continued suc-
tion stroke of a long duration (from 540 to 720 crankdegrees) brings down the tank
pressure by about 0.4 psi. The large effect of adding the tank volume on the shape
of the pressure trace and the amplitude of the pressure waves can be seen.

Calculations of the complete engine cycle with both intake and exhaust dynamics
showed that for the ER-l engine, the effect of exhaust dynamics was to increase the
volumetric efficiency by several per cent over the case of computations with an as-
sumed constant exhaust port pressure. No conclusions could be drawn by comparison
with the experimental values, however, since the experimental exhaust pipe was not
a simple configuration.

Calculations of exhaust dynamics with various levels of friction and heat trans-
fer were also made. The calculations showed only very slight.differences, leading
to the conclusion that for the cases studied, heat transfer and friction were not
very important. Further studies and comparisons will be necessary however, before
any conclusive statements can be made.

COMPARISONS WITH EXPERIMENTAL DATA

Comparisons of calculated and experimental intake port pressures showed that
the predicted damping of the pressure waves during valve closed period was larger
than found experimentally. Figure 10 shows some typical cbmparisons for the ER-1
engine. Several reasons for the discrepancy were postulated.

1. The losses at the open end of the tube might be smaller than expected.
This has already been illustrated in the calculations comparing straight
and bellmouthed end configurations.

2. A finite tank volume can interact with the unsteady pipe flow.
3. It is known that acoustic vibrations in pipes can be reinforced by heating

one end of the pipe. Such heating occurs in the intake port because of
the presence of the hot valve surface and might reinforce the pressure
waves.

Of these three effects, the third was least well understood. Thus an experi-
mental investigation of the effects of valve heating was initiated.

EXPERIMENTAL APPARATUS

The experimental apparatus consisted of a valve, port and intake pipe attached
to a duct system which was pumped by a single stage steam ejector. A schematic of
diagram of the apparatus is shown in Fig, 11. The bottom face of the 2 in. diameter
valve was heated elpctrically and the temperature of the valve was measured by means
of a thermocouple located in the center of the face. Figure 12 shows the construc-
tion. Heat transfer up the valve stem was reduced by a transite spacer located 1/2
in. up the stem from the head. The port consisted of a 90 deg copper elbow having
a 1-5/8 in. inside diameter, a 2-5/16 in. centerline radius bend, and an overall
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length of 6 in. The port and valve seat were thermally insulated from the valve by
mounting the seat in a transite plate. Various lengths of 1-1/2 in. inside diameter
copper tubes with straight or flared ends were attached to the port. This pipe was
open to the atmosphere at its upstream end.

Figure 13 is a photograph of the valve actuating mechanism and port with a pipe
attached. Threaded onto the top of the valve stem, the roll follower (B) rode on a
hardened steel cam (C) having a'l in. base circle and a total lift of 0.47 in. The
cam was designed such that the motion during closing was the same as that used in
the I.H. test engine. The closing period of 60 deg cam rbtation was preceded by 70
deg of rotation during which the valve was held wide open and was followed by 60 deg
of rotation during which the valve was fully closed. The valve was opened again us-
ing a smooth connecting ramp. The cam, which was "keyed to the camshaft and held in
place by spacers, could be easily replaced with ones having different profiles. The
camshaft was driven via a belt drive by a 1/2 hp a-c electric motor (D) with the
speed controlled by a mechanical speed control (E) using spring loaded and manually
controlled sheaves. The speed range extended 700 to 2000 rpm and was measured with
a hand tachometer.

Geared to the camshaft was a second shaft on which was keyed a timing cam (F)
running at 1/100 the camshaft speed through use of a speed reducer (G). When in
operation, the valve was held open .by a pivoting arm (H) while the motor was brought
up to speed. A pin on the spring-loaded arm followed the timing cam allowing the
arm to swing away and release the valve at the proper moment for the follower to con-
tact the cant. The vSlve then closed following the cam profile and continued to cycle
open and shut until the motor was turned off.

The pressure waves caused by the valve closing were measured by pickups mounted
in adaptors at either end of the port.at distances of 1-1/2 and 6-1/4 in. respective-

.ly from the bottom of the valve seat. The temperature rise of the port air was mea-
sured by a probe also located 1-1/2 in. from the seat bottom.

The pressure pickups used for measuring the waves were Kistle 601L transducers.
Before being displayed on the scope, the pressure signals were amplified using
Kistler 566 Multi-Range Charge amplifiers. The temperature rise was measured using
a DISA 55A35 hot-wire resistance probe as one leg of a Wheatstone bridge circuit.
The characteristics of the probe as given by the manufacturer were as follows:

Wire and mounting - Platinum plated tungsten welded to gold-plated nickel
supports.

Wire diameter - 0.005 mm.
Wire length - 1 mm.

This resistance wire probe was identical to those used in hot-wire anemometers
for measuring the velocities of fluids. However, instead of maintaining a constant
wire temperature, the current passing through the wire remained approximately con-
stant. Then as the fluid temperature changed, the wire temperature also changed.
Since the wire resistance was proportional to its temperature and the current was
constant, the voltage drop across the probe changed with temperature. The change
in the bridge circuit output voltage could then be measured. In order to measure
the air temperature accurately, the current passing through the probe had to be ex-

* tremely low, approximately 0.5 m-amps or less.

Since the output was a function of the probe temperature, the probe had to be
nearly at the same temperature as the air, within about 0.5F to record a 10-20 F
change. Therefore, in order to keep the wire self-heating as. low as possible, a
very small current was used in the circuit. Furthermore, any change in the air ve-
locity had little effect on the wire temperature since the rate of heat transfer be-
tween the wire and air was small due to the small temperature difference. With this
in mind, a bridge circuit was designed to operate with a current of 0.28 m-amps in
each leg using 1.5 v dry cell as power source. The bridge output for a 20F tempera-
ture rise was approximately 20 U v. This output signal was then amplified before
being displayed by using an Astrodata Model .885 differential d-c amplifier.

In addition to the experimental apparatus described above, a small bench test
apparatus was used for some pressurized pipe experiments. As seen in Fig. 14 it
consisted of a 1 in. diameter copper tube 24.5 in. in length attached to a solid
copper bar approximately 2 in. in diameter and 6 in. long. The copper bar was
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heatel by means of a Bunsen burner to temperatures of 600 F or above, the temperature
being measured with a Conax copper-constantan thermocouple. Nine inches from the
closed end and mounted on an adaptor was a Kistler 601L pressure pickup for measur-
ing the pressure waves.

WAVE DAMPING RESULTS

Three basic types of experiments were conducted using the apparatus described
above. The first type of experiment used the cam mechanism to close the valve. In
the second type, the valve was allowed to snap closed with no cam control. Such
closing insured that the valve would stay closed and was devised to allow a longer
time for observing the pressure oscillations. The third type of experiment utilized
the pipe system of Fig. 14. In this experiment, the copper bar was heated and after
the heated air was blown out of the pipe, the open end was sealed with a rubber stop-
per through which a tube from a compressed air tank passed. The pipe was then pres-
surized to a few psig and the rubber stopper pulled out quickly.

Damping rates were observed for all three experiments with and without heating.
In all cases the damping rates were essentially unchanged by the heat transfer. In
order to study the damping rates, an average logarithmic decrement was used. The
decrement for successive peaks is defined as

I = In(yn/yn+l) (31)

where y is the amplitude of the- n-th peak.

The decrement varied somewhat with the wave number, n, so an average value was
used. The amplitude ratios were averaged over six cycles and the decrements for the
upper and lower peaks were then averaged. Figure 15 shows this average decrement as
obtained by snap closing of the valve. The differences, if any, caused by heat
transfer lie within the experimental scatter. The lines shown are averages of the
points at any one initial mass flow value.

Since the valve temperature had no effect on the rate of damping, the average
logarithmic decrement for each pipe length as a function of mass flow rate is shown
replotted in Fig. 16. On the same graph for comparison purposes is a plot of the
decrement as computed from I.H., ER-l engine data. Two points obtained on a similar
U.W. test engine are also shown. Two reasons can be given for the lower damping
values of the engine test data.

l.• The engine data. had lower initial peak pressures.
2. The engine overall intake system length was 18 in.

"Extrapolation of the snap closing data to zero mass flow and a 12 in. pipe
still, however, gives a decrement value of about 0.14 which is considerably higher
than the engine values. The higher values of damping encountered in both the cal-
culated and experimental snap closing data are thus still unexplained.

TEMPERATURE RISE IN INTAKE PORT

The data used in the study of the temperature rise in the port were obtained
from the experiments run with the snap closing of the intake valve. This method al-
lowed a sufficient interval for observation of the air temperature without the valve
opening again. Upon closing of the valve, the temperature fluctuated initially with
the pressure in the port, lagging by 1 or 2 ms since the hot-wire probe was longer
time constant than the pressure transducer. These fluctuations decreased in magni-
tude quite rapidly after five or six wave cycles while the mean temperature rose
during this interval. The temperature in the port stabilized about 30-40 ms after
valve closing and all measurements were made at a time of 40 ms. As more time
elapsed, convection currents were generated by the hot valve and the motion of the
heated gas particles around the probe created large fluctuations in the temperature
as observed on the oscilloscope. Figure 17 shows a sample of the pressure and tem-
perature data obtained.
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The results of the tests are shown in Fig. 18 where the temperature rise is
plotted as a function of mass flow rate and valve temperature. This mass flow rate
would correspond in the actual engine to that occurring just at the start of valve
closing. This is slightly below the maximum but quite a bit above the mean flow
rate for the engine. Test runs were made for a given flow and valve temperature for
each of the three intake pipe lengths. No effect was observed due to the different
pipes. As expected, the average temperature rise increased as the valve temperature
increased. However, this rise decreased for.a given valve temperature as the flow
increased. This occurred because the valve was heated under no-flow conditions. A
few seconds elapsed between the time the flow was established and the moment when
the valve was closed and the run conducted. During this interval, the surface of.
the valve cooled down somewhat from the measured interior temperature, more so at
the higher flow rates. Because of this cooling, the actual temperature difference
between the valve surface and the port air was lower at the higher flows and the
temperature rise was correspondingly lower.

A study of the temperature traces indicated that a significant temperature
rise did occur due to the heat transferred from the back surface of the valve. This
rise was approximately 13-23 F at the lower flow rates and 10-20 F at the higher
rates. It can therefore be concluded that the air entering an engine cylinder upon
valve opening has been warmed considerably above the ambient temperature, about 15-
20 F. Though not studied, heat port walls at a temperature of about 170 F could
also be expected to contribute to a temperature increase, but to a'lesser degree
than the valve.

This investigation showed that using a hot-wire resistance thermometer is a
good method for measuring the air temperature in the simulated port and intake sys-
tem of an engine. It has a very fast response, with a time constant on the order of
1 ms, several times faster than the best thermocouple. However, the small. bridge
circuit output required a high amplifier gain of 1000, causing a large noise-to-
signal ratio and making it difficult to get accurate measurements from the enlarged
temperature traces. This was a result of the small current required in the circuit
to keep the hot-wire self-heating at a minimum. This explains the scatter that ap-
pears in Fig. 18. With further work, though, the bridge circuit could be modified
to have a larger output without increasing the current through the probe. It should
then be possible to get good transient temperature measurements of the port air.

CONCLUSIONS AND FUTURE WORK

We have seen that the intake and exhaust dynamics for a single cylinder engine
can be joined with a detailed mathematical cycle simulatioh program. The computa-
tions can include heat transfer and friction effects as well as the effects of vari-
ous pipe terminations. More comparisons are necessary, however, between experimen-
tal and simulated exhaust systems before a good evaluation of the exhaust dynamics
program can be given. In addition, more basic work on heat transfer and friction
coef:.*icients for unsteady flow is needed.

Calculations of the intake dynamics do not perfectly match engine data. Experi-
ments with valve heating have shown that the valve heat transfer does not cause this
discrepancy even though the temperature rise in the port during the valve closed
portion of the cycle is significant.

The experimental temperature measuring technique used could be tried on an
actual engine to determine the temperature rise in the intake system. Such measure-
ments would be particularly useful in helping to determine heat transfer rates and
the effects of port heating on volumetric efficiency.
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NOMENCLATURE

a = Sonic speed, in./sec
A = al/a
D = Inside diameter of pipe, in.
f = Coefficient of friction
L = Length of pipe, in.
p = Pressure, psi
P = P/pa
q = Transfer of heat per unit of mass and time, In. 2/sec 2

t = Time, sec
T = Temperature, R
u = Particle velocity in direction of , "in./sec
U = u/ao
x = Distance along pipe, in.
X = alL

Yn = Amplitude of nth pressure peak, psi
Z aot/L
p = Density, lb /in. 3

P * P/P0 m
* = Effective area of valve, in. 2

On = Cross-sectional flow area of pipe, in, 2

Oor = Effective area of orifice, in.'
0 = vny = Ratio of specific heats

Subscripts
0 = Reference state
c = Cylinder
n = Pipe
t = Tank

or = Orifice
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DISCUSSION

FRANK J PEKAR
Mack Trucks, Inc.

The basis of my comments on a previous paper by Prof. Borman* and the ones
being presented now is a computer simulation incorporating the same mathematical
methods used by the authors. The objective of this digital analysis was to simu-
late actual engine performance close enough to reduce the number of experimental
tests in normal engine development. To chock the simulation accuracy, a number of
controlled engine tests were made, and the results of both compared. Based on this
comparison, my conclusions paralleled the authors'. The computer results can accu-
rately predict relative differences, such as volumetric efficiency changes as a
function of engine speed, inlet pipe length, effective valve flow area, and cam tim-
ing. It cannot predict absolute volumetric efficiency close enough to the experi-
mental results at a given condition to be of any value, These absolute differences
that occurred between the experimental and calculated results were attributed to
neglecting friction and heat transfer. Heat transfer effects appear to be most in-
fluential at the lower engine speeds and friction effects at the higher engine
speeds. While it was realized that heat transfer was a factor, there was no way of
knowing whether or not the predominant heat addition to the incoming air took place
in the inlet manifold and port or in the cylinder.. The authors' paper seems to have
conclusively proved that heat transfer in the port and from the inlet valve is of
little consequence since the pressure-time history remained practically unchanged.
with the omission or addition of port and inlet valve heat transfer effects.

In light of these findings, I reviewed my previous calculated and experimental
data and believe the same conclusions can be drawn. A brief outline of my test pro-
gram is as follows:

Both motoring and full load volumetric efficiencies were measured at a series
of test engine speeds that corresponded to calculated engine speeds. At each speed
the engine was first motored cold, that is, after setting for an entire night, to
guaranteeing that all parts attained room temperature. Then the engine was quickly
motored to the particular test rpm, and the volumetric efficiency was observed as a
funciton of time. At the lower piston speeds very little change occurred in the
volumetric efficiency until the engine was switched from motoring to full load oper-
ation. At this point the volumetric efficiency dropped appreciably after a few sec-
onds. Because cold water was still circulating through the engine, it can be con-
cluded that inlet manifold port and probably inlet valve temperatures did not ap-
preciably change in this few seconds, but that-the combustion chamber surface tem-
peratures of both the exhaust valve and piston did. This rapid rise in exhaust
valve and piston surface temperature is, in my opinion, responsible for the decrease
in volumetric efficiency due to heat transfer during the inlet cycle. At first it
was believed that possibly the increase in cylinder pressure at the start of the in-
let cycle accompanying the switch from motoring to full load conditions was respon-
sible for at least some of the decreased volumetric efficiency. Additional computer
runs were made that included increased pressure and temperature at the start of the
inlet cycle to simulate the change to full load with very little effect on the cal-
culated volumetric efficiency. Based on this fact and the authors' findings, the
discrepancy seems to lie in the heat transfer that takes place in the cylinder dur-
ing the inlet cycle.

T. WU AND K.J. McAULAY
International Harvester Co.

Clarity and simplicity in the presentation of numerical solutions of the prob-
lem by the authors is indeed a contribution to the engine simulation literature.
Our comments are as follows:

1. Intake Port Pressure - First we want to discuss the intake port pressure
traces in Fig. 10 of the paper. The general shape of the pressure trace
over a cycle depends on the initial pulse duration, i.e., the effective

*G.L. Borman, K.J. McAulay, and T. Wu, "Development and Evaluation of the Simulation
of the Compression-Ignition Engine." Presented at SAE Mid-Year Meeting, Chicago,
May 1965, paper 650451.
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valve open period and the time required for the pulse to travel to the end
of pipe and back. The number of waves during the valve closed period,
"therefore, approxi.mately coincides with the natural frequency of the intake
pipe with one. end closed and one end open. This checks well the results
shown in Fig. 10 of the paper. According to the results of the present
paper, the large decay of the wave amplitude is largely due to wave inter-
action of finite tank yolume and an excessive energy loss at the tank end
of the pipe. Since the solution of the wave equations depend on boundary
and initial conditions, we would like to ask the following questions:
a. What loss considerations have been used in fhe derivation of the tank

end pipe condition (Eq. 10 of the paper)?
b, Due to the inertia effect of gas at the pipe open end, some authors

have used an end correction equal to'wD/8 which was added to the pipe
length. Have the authors made such a modification?

2. Effect of Exhaust Flow - Figure A is a set of intake pressure traces
taken from a single cylinder engine at full load and three different engine
speeds. The engine variables are controlled so that only the effect of ex-
haust valve timing on intake port pressure is to be examined. It is seen
that there are considerable differences in the intake port pressure traces
as the exhaust valve timing is changed from 10 deg CA advance to 10 deg
CA retard from the normal setting. It should be pointed out at this time
that the exhaust timing was changed, by means of an offset key on the exhaust
cam. The tdc and bdc mnarks, shown in Fig. A, represent the induction stroke
of the cycle. The vertical grid length corresponds to 2 psi pressure. As
the exhaust valve timing is retarded 10 deg CA from nominal exhaust timing,
the magnitude of the intake pressure during the intake valve opening. is de-
creased, and the engine volumetric efficiency is increased (about 2%).
This result can be explained by the change in combined flow area of both
exhaust and intake valves during overlap period. This test data also shows
that both intake and exhaust gas dynamics are interrelated. Therefore, con-
sidering intake dynamics along does not in general give a complete simula-
tion of the engine. This fact may explain some of the discrepancies be-
tween experimental and computed data reported in the authors' Ref. 1 and
also in Fig. 10 of their paper. In Ref. 1 the intake port pressure was
computed assuming a constant exhaust port pressure without considering un-
steady flow gas dynamics.

3. Exhaust Port Pressure - We do not have the corresponding experimental
data to make an exact comparison with the authors' computed data as shown
in Fig. 4 of the paper. However, the computed data matched the experimen-
tal data in general shape, except that test data indicated a first peak
during blow down which was slightly later than that shown in Fig. 4 of the
paper.

4. Intake System Design Parameters - One shortcoming of the numerical solu-
tion is that a generalized correlation, cannot be readily obtained. On the
other hand, by using dimensional analysis it is possible to obtain the fol-
lowing parameters for the correlation of engine breathing:

U(Zi) = Intake gulp factor (E)(B)2(Cm

S= Intake valve average flow coefficient 1.2

h max = Maximum intake valve lift

d. Intake valve OD
1iv

(LIS) = Dimensionless pipe length Pipe Length from valve/stroke

(DIB) = Dimensionless pipe ID = Pipe ID/bore

lCm -sMean piston speed
Dimensionless mean piston speed = Engine inlet sonic speed

eO"
1-86= Dimensionless intake valve closing

e. o Intake valve closing in OCA after tdc
ivcO
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A set of optimum criteria of pipe length and pipe ID equations can then be de-
rived from past experimental data. This method gives a quick and rationalized guid-
ance for initial engine design.

Although we have raised questions about several details of the paper, in general
we agree with the approach taken to the exhaust and intake dynamics. There-are still
many problem areas which complicate diesel engine computer simulation, namely, the
multi cylinder engine application, variable area piping, and possible shock wave in-
teraction. We would like to encourage the authors to carry out further experimental
and analytical work on the gas dynamics of reciprocating engines so as to improve
our understanding of the processes taking place in the engine.

AUTHORS' CLOSURE
TO DISCUSSION

The authors would first like to thank the discussors for their careful review
of the paper and their encouraging remarks. In particular, the authors would like
to acknowledge the rigorous review of the theoretical equations by Dr. Wu and Mr.
McAulay.

Turning to Mr. Pekar's remarks, we are in general agreement that the heat trans-
fer from the cylinder surfaces during intake is an important factor in determining
volumetric efficiency. However, the authors do not agree that heat transfer from
the valve and port can be neglected. It is true that such heat transfer does. not
seem to affect the pressure waves, but it nevertheless can have an important effect
by simply heating the air and thus reducing the mass intake.

Next, taking up the questions of Wu and McAulay, we agree that many other en-
gine factors, such as the exhaust dynamics, influence the volumetric calculations.
We still feel, however, that the intake calculations are a major cause of the dis-
crepancies noted in the paper. The equations for the open pipe end are based on
steady-flow theory and were not corrected by the addition of the wD/8 length which
is obtained from acoustic theory. The plain end is treated essentially as an ori-
fice, but other corrections for, say, frictional losses or unsteady effects are not
included. Since the loss terms were too high, one might conclude that the bellmoutb
equations should be used. More recent engine tests with a clearly plain end pipe
show the same difficulties, however. Further studies of open end unsteady flows
thus needed to establish the correct equations.

Lastly, we agree with the discussors that the "gulp factor" equations can be
quiti useful and compliment the computer studies when extensive experimental data
are available to the designer.
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APPENDIX VIII

Some Problem Areas in Engine Simulation

G.L. Borman, P.S. Myers and O.A. Uyehara
Mechanical Engineeri-ng Dept.

University of Wiscon7sin

ABSTRACT

Problem areas in engine simulation where the required information is lacking
are discussed. The need for improved heat transfer, combustion, friction, and tur-
bocharger models is discussed as are instrumentation needs for measurements of ac-
curate pressure, radiant heat transfer, time-varying cylinder velocities, and in-
stantaneous mass flow rates.

INTRODUCTION

Ideally, an engine design should be optimized for each application. However,
building and testing the many combinations required for this optimization is pro-
hibitively expensive--both in time and money. Consequently, from the first concep-
.tion of the internal combustion engine, a mathematical model of the fluid flow, heat
transfer, and thermodynamic behavior of the engine (variously called cycle analysis,
engine simulation, etc.) has been used to minimize optimization costs.

The usefulness of an engine simulation varies directly with its detail and com-
plexity. For example, air-standard cycle analysis is mathematically simple but pre-
dicted details (such as-the pressure-time diagram) are in poor agreement with ob-
served values. Thus the analysis has limited utility. On the other hand, computa-
tion costs of engine simulation as well as the cost of obtaining necessary relation-
ships increase rapidly with the detail and complexity included. Thus for a given
stage of engine development there is a corresponding optimum engine simulation pro-
gram from a cost-benefit standpoint.

Because of the complexity of the time-varying rate phenomena such as.heat trans-
fer, chemical kinetics, and gas dynamics occuring in the engine, the relatively so-
phisticated engine simulation programs in use today are still inadequate in many
areas because systemized information is simply not available, This paper is an at-
tempt to point out these problem areas, to summarize the information available, and
to point out needed additional information. Space limitations dictate that the pa-
per concentrate primarily on instrumentation, heat transfer, and combustion where
the authors have specific knowledge and expertise, although brief commentaries are
included on friction and turbochargers because they are important problem areas.

If information concerning the basic concepts of engine simulation is desired,
see Refs. 1-3.

INSTRUMENTATION

Evaluation of the engine simulationprograms and of new models for these pro-
grams requires accurate performance data plus instantaneous values of pressure,
mass flow, heat transfer, etc. In the following section shortcomings of some of the
instruments used and the need for new instruments to obtain experimental data are
presented.

PRESSURE MEASUREMENTS .. Accurate measurement of indicated work depends pri-
marily upon the accuracy of the pressure transducer (4)*. The pressure in the com-
bustion chamber varies from approximately 1 to 200 atmospheres and the temperature
*Numbers in parentheses refer to References at end of paper.
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from atmospheric to 4500 F. Rates of change of both temperature and pressure are
large and highly variable.

In the construction of pressure transducers the diaphragm serves to keep the
combustion gases from coming in contact with the sensing device and to keep a pre-
load on the sensing element that is at least equal to atmospheric pressure, since
without preload the transducer is unable to measure a vacuum. Brown (5) and Alyea
(4) have shown the effect of transient heat transfer 'on this diaphragm. Their ap-
paratus alternately subjected the diaphragm to the intense heat of flame and to the
room atmosphere. This alternate heating and cooling caused temperature gradients
and, even though the diaphragm was thin, relieved some of the preload on the sensing
device. False signal outputs as high as 10 psi were measured.

Figure 1 was obtained by mounting two pressure transducers in the same fired
engine cylinder. One diaphragm was coated with a silicone rubber compound while
the other was uncoated. The trace labelled AP is the difference between the two
outputs, while the trace labelled P is the output of the coated transducer. Alyea
(4) fed the output signal. from the pressure transducer to an IMEP meter. With the
coated transducer the IMEP meter read 108 psi, whereas with the uncoated transducer
the meter read 91.6 psi.

Instead of preload a mechanical connection can. be made between the diaphragm
and the sensing element. This is difficult to do with a transducer of the piezo-
electric type, but in a strain tube type pressure pick-up the diaphragm can be
easily connected to the strain tube. Pressures greater than atmospheric cause the
diaphragm to push on the sensing element; pressures less than atmospheric pull on
the sensing element. "A'design of this type has been made by Matsuoka (6).

HEAT TRANSFER MEASUREMENTS ... A heat transfer sensor should generate a signal
that can be manipulated to give instantaneous heat flux data preferably without
changing the normal heat transfer paths in an engine. Overbye (7) and LeFeuvre (8)
employed an evaporated film thermocouple approximately 1.6 mm in diameter and
threaded through the combustion chamber wall so that the thermocouple surface was
flush. The body of the thermocouple was made of low carbon steel having approxi-
mately the same thermal characteristics as the combustion chamber wall and thus did
not disturb normal heat transport. The evaporated film, approximately 1 micron thick,
followed the surface temperature of the combustion chamber. From the generated vol-
tage instantaneous values of heat flux could be computed.

Some of the problem areas are the effect of deposits from the combustion proc-
ess as well as oil film coating that may alter the signal output. Overbye (7)
showed that deposits can significantly affect heat transfer.

As will be pointed out later, radiation from carbon particles may contribute
significantly to total heat flux. Ebersole (9) measured time-averaged values, but
instantaneous values are needed.

Flynn (10) is developing a radiation spectrometer using an infrared solid-state
radiation detector at liquid nitrogen temperature in an attempt to obtain instan-
taneous radiation intensities. Engine radiation is compared with radiation from
broad ribbon tungsten lamp although the "radiation spectrometer" has been calibrated
with a black body source.

VELOCITY MEASUREMENTS ... Instrumentation (sensors) to measure instantaneous
velocities is sorely needed. Ohigashi (11) used a spark discharge to produce a
500-3000 u sec. duration arc which travels with the air motion to a probe located a
known distance down-stream. Since the distance from the gap to the probe is known,
the velocity can be computed. The method is applicable to one-dimensional veloci-
ties, but obtaining velocities in three dimensions would be difficult. Instead of
a continuous arc, Nakajima (12) used high-frequency, high-voltage electric pulses
with each succeeding discharge essentially following along the moving path of the
first discharge. With many pulses separated by known time intervals, the air.mo-
tion can be followed photographically. This method requires a transparent window
in the combustion chamber and presents measurement problems when three-dimensional
motion is present.
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Haffaker (13) continued the development of a system that uses the Doppler ef-
fect and light from a laser. The laser light is scattered from small particles in
the air stream. Because of the Doppler effect, the frequency of the scatter light
is slightly different than the frequency of the incident light. The two frequencies
are hetrodyned to give a lower frequency which is proportional to velocity. The
problem of equipping a diesel engine with a quartz cylinder head, which will allow
transmission of the laser beams without optical distortion, could be difficult.

MASS FLOW RATE MEASUREMENTS ... Mass fuel flow rates are needed for prediction
of heat release rates. Shipinski (14) mounted a small strain-gage-type pressure
transducer near the tip of the injection nozzle to obtain the fuel injection pres-
sure. Ie obLained the needle lift motion by having the needle vary the carrier
frequency of the frequency modulated oscillator. This procedure, however, does not
directly give mass fuel flow rates.

There is no satisfactory way to measure instantaneous mass flow rates in marni-
folds. Some of the techniques discussed under velocity measurements could be used
for manifold velocity measurements, but some technique for measuring or calculating
density would then be needed. Our capabilities of measuring instantaneous enthal-
pies are in an equally unsatisfactory condition.

HEAT TRANSFER

The high temperatures used in internal combustion engines to-reduce irreversi-
bilities, as well as the sequence of events, requires cyclic operation with conse-
quent heat transfer to and from-the walls. The desirability and importance of this
heat transfer is highly variable both during the cycle for a particular engine and
between different types and applications of engines.

While there are heat transfer problems on the water side and in calculating
conduction in complicated engine shapes where heat fluxes are a function of space as
as well as time, space limitations confine us to convective and radiant heat trans-
fer on the gas side of the cylinder.

Figure 2 was prepared from engine simulation calculations (runs A and J of Ref.
1). Run A is for a naturally aspirated engine using a heat transfer correlation of
the type suggested by Annand (15); in run J the heat transfer coefficient was arbi-
trarily increased by 30%. The first number is the percentage of the fuel input en-
ergy; the number in parentheses is the part temperature in F. Table 1 presents ad-
ditional heat transfer data as well as approximate values for events affected by
heat transfer.

Figure 2 and Table 1 show that: The largest single heat rejection item is to
the piston; the heat rejection to the exhaust port is equal to or larger than the
heat rejection to the head and valves; heat transfer significantly changes the gas
temperatures involved; and factors other than heat transfer have a singificant
fect on the gas temperature at the time the intake valve closes.

It can also be shown from the calculations that decreasing the heat transfer
by one Btu per ihp-min (keeping all else constant) results in a 1.3 IMEP increase
in IMEP, while decreasing the piston temperature 21 F, the head 18 F and the intake
valve 29 F. While an increase of 1.3 IMEP may be desirable, a decrease of some 15-
30 F for parts that are highly loaded from a thermal standpoint may be crucial to
engine life.

Engine heat transfer is further complicated because heat fluxes measured simul-
taneously in the head of an open-chamber diesel engine vary considerably with posi-
tion as illustrated in Fig. 3(8). Note the reversal of heat transfer at the two
thermocouple locations between fired and motored conditions.

Figure 3 raises many questions. Is the large variation of heat flux with posi-
tion caused by convective or radiant heat transfer? How does one model convective
and radiant heat transfer to predict instantaneous heat fluxes that vary with posi-
kion while still retaining reasonable computational simplicity? Is the best proce-
dure to speak of an instantaneous space-averaged heat transfer coefficient and, if
so, how is it evaluated and correlated?
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RADIANT HEAT TRANSFER ... Radiant heat transfer is a function of the radiating
and absorbing temperatures, the emissivity of the flame, and the absorptivity and
configuration of the absorbing surfaces. It can be shown from Fig. 2 that, with the
possible exception of the exhaust valve, the fourth power of the part temperatures
is relatively small in comparison with combustion temperatures. Also, with the ex-
ception of the sleeve, part absorptivities are relatively constant. Thus we will
concentrate on the temperature and emissivity of the radiating material.

Radiation may contribute significantly to heat transfer. Ebersole (9), in the
only radiant heat transfer measurements known to the authors, obtained the time-
averaged values of radiant heat transfer shown in Fig. 4. A study by Flynn (10)
is currently underway at Wisconsin to measure instantaneous radiant heat transfer.
Preliminary and unconfirmed results suggest that as much as 70% of the heat trans-
fer during combustion is due to radiation. Clearly, further experimental data are
necessary.

Radiation may come from either the gas itself or soot particles in the gas.
Although more experimental data are needed, the authors believe gas radiation to be
comparatively small. Ovcrbye (7) shows data (Fig. 13) for an SI engine and states,
"Thermocouple 3 does not respond until late in the cycle even though it is 'looking'
at the flame front travelling across the combustion chamber; this suggests that ra-
diant heat transfer* is not significant during combustion."

If gas radiation is small and Ebersole"s data are correct, particle radiation
must be significant. The only particle emissivity measurements in engines known
to the authors are those reported by Myers (16), who found emissivities up to 0.3-
0.5 in a prechamber engine using a relatively short path length of about 1.5 in.
An emissivity of 0.5 and a'temperature of 5000 R gives radiant heat transfer rates
of about 0.5 x 106 Btu per hr-ft 2 (compare with Fig. 3). Note that assuming the
total number of particles is fixed, the sleeve sees a variable number of particles
during expansion; the head and piston see a constant number.

Radiant heat transfer is extremely sensitive to source temperature. Most en-
gine simulations have assumed homogeneous combustion; in practice the heterogeneous
combustion exists.. The homogeneous assumption will inevitably markedly underesti-
mate radiant heat transfer for heterogeneous combustion. Is a more detailed combus-
tion model necessary if reasonably accurate radiant heat transfer predictions are to
be made?

The possibility that during heterogeneous combustion soot particles are formed
at a relatively constant temperature must be recognized. This would occur it soot
particles were formed at essentially a constant air-fuel ratio independent of wide
variations in the overall fuel-air ratio. Evidence for this relatively constant
and higher radiation temperature as compared to a space-averaged temperature is in
the discussion of Uyehara (17).

CONVECTIVE HEAT TRANSFER ... The unusual convective heat transfer problems
found in reciprocating engines are primarily a result of compression and expansion
of the boundary layer and time-varying velocities which are induced by the piston
motion, by the intake process, by the compression as a result of chamber configura-
tion, and by combustion.

Pfriem (18), Elser (19), Overbye (7), and Oguri (20) recognized that compres-
sion and expansion of the boundary layer affects the profile of gas temperature ver-
sus distance.

To illustrate this effect, picture the temperature profile in the boundary lay-
er of a motored engine at top center. As expansion takes place, the gas temperature
everywhere will be reduced, except right at the wall where it will remain essential-
ly constant. Expansion cooling may reduce the temperature of the gas close to the
wall below the wall temperature, even though the bulk gas is considerably hotter
than the wall. This distortion of the boundary layer temperature profile due to
compression and expansion inevitably affects heat transfer rates.

*His work and comments are clearly limited to nonluminous flames.
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Three experiments and corresponding calculations have been conducted at Wis-
consin in an attempt to clarify the existence and magnitude of this effect. Goluba
(21) measured the instantaneous heat flux at the stagnation point of a flow experi-
encing high-amplitude, steep-fronted pressure oscillations in air, Wendland (22)
used an esse'ntially closed cylinder to compress and expand the same air over and
over. LeFeuvre (8) motored an open chamber diesel engine. As a part of their work
all three made a one-dimensional conduction-compression model for flow and conduc-
tion in the gas. Excellent agreement between theory and experiment was found by
Goluba; Wendland predicted theoretically about 50% of the experimentally measured
heat transfer; LeFeuvre predicted theoretically only about 20% of the experimentally
measured values. In spite of these experiments, the relative importance of compres-
sion and expansion in determining temperature profiles in practical situations is
not clearly established.

Since most forced convection heat transfer correlations involve the Reynolds
liumber as a measure of boundary layer thickness, the use of Reynolds number in en-
gine heat transfer correlations is not surprising. However, the fluid velocity and
characteristic dimension to be used is neither obvious nor probably constant during
one cycle. LeFeuvre (8) estimated that establishment of a new boundary layer thick-
ness when the gas velocity is changed occurs in times ranging 0.5-2.5 crank angle
deg. Thus the assumption of quasi-steady conditions and the use of fluid velocities
variable during the cycle seem appropriate.

Unfortunately, measurements of fluid velocities in an engine are rare. Semenov
(23) measured turbij].ence intensity in an engine having a cylindrical combustion cham-
ber and found that during compression turbulence intensity varied approximately lin-
early with engine speed: Other evidence for a linear relation between turbulence
and speed comes from the known fact that flame speeds in SI engines vary approxi-
mately linearly with engine rpm. Also, if volumetric efficiency is constant with
rpm inlet velocities must vary directly'with rpm. Thus most heat transfer correla-
tions have used mean piston speed as the appropriate velocity in the Reynolds num-
ber.

However, piston motion generates several velocities. The velocities perpendic-
ular to the head and piston face are those used in the one-dimensional conduction-
compression model (22). During intake the port and valve are often designed to pro-
duce a swirling gas motion about the axis of the cylinder bore. On compression near
top center, piston and head cavities for combustion or valve purposes produce addi-
tional velocities. During blowdown gas velocities are not related to mean piston
velocities.

Combustion can also produce gas motion. Woschni (24) recognized this possibil-
ity and included a combustion velocity term in his heat transfer expression. Even
in flat cylindrical chambers, expansion of the hot burned gases with consequent com-
pression and motion of the relatively cold unburned gases occurs. In divided cham-
ber engines gross gas velocities are caused by combustion.

As our need for more sophisticated simulations increases, more detailed analy-
ses and heat transfer correlations will be necessary.

COMBUSTION

The design and development of combustion systems is done experimentally with
maximum dependence on.past experience and minimal use of theory. Even the criteria
for optimum design is a matter of judgment because of the many factors of performance
such as fuel consumption, smoke level, thermal loading, peak pressure, rate-of-pres-
sure rise, and exhaust emissions which must be balanced among themselves as well as
over a range of speed, load, boost pressure, and applications. The simulation of
combustion is probably the weakest link in cycle simulation.

APPARENT HEAT RELEASE RATES ... The approach used in most simulations has been
an analysis of combustion based on experimentally obtained pressure-time histories.
A true synthesis of the combustion process would require only those inputs which
are available prior to actual construction and testing, but it is highly unlikely
that a satisfactory universal combustion model of such a basic nature will ever be
achieved. It may be expected, however, that progress will be made to the point
where a combination of experimental analysis and combustion simulation will reduce
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the cost. and time needed to develop a specific engine. We will present a review of
tho current s;titus; of combustion simulaLion and point out the problems which must
be overcome in moving toward a more complete synthesis.

Various approaches have been used to obtain the rate of heat release from an
analysis of pressure-time diagrams. Schweitzer (25), Pischinger (26), Whitehouse
(27), Krieger (28), and Goudie (29), among others, have applied a first law energy
balance to the cylinder gas assuming a homogeneous system. Basically, all of these
analyses use an equation of the form:

dU + P dvdQQc

where the terms on the left represent the time rate of change of internal energy,
work, and heat transfer, respectively, and the term on the right represents the
rate of energy generation caused by combustion. If the pressure is experimentally'
measured, the work term can be easily evaluated. By using a mass-average tempera-
ture obtained from the ideal gas law and an empirical heat transfer relationship,
the heat transfer term can be estimated. Fortunately, the left hand side of the
equation is not very sensitive to the heat transfer so that an error of even 50% in
heat transfer will cause only a 5% change in the predicted total energy released by
combustion. To evaluate the internal energy accurately, we must know the local com-.
position and temperature throughout the combustion chamber. To illustrate this fact,
imagine the chamber to be divided into a number of small volumes each of equal mass.
If we could calculate the internal energy of each volume and then add up the ener-
gies, we would obtain the internal energy of the system. If, however, we assume a
"homogeneous composition and uniform temperature throughout the chamber and then cal-
culate the internal energy, we shall be in error because we have used the mass aver-
age temperature. The error arises from the nonlinearity of the internal energy and
equilibrium composition with temperature. This difficulty in correctly modeling the
internal energy is further compounded by the difficulty in experimentally obtaininig
local values of either composition or temperature. One concludes, therefore, that
the shape of the heat release curve predicted by the homogeneous model assumption
is only an apparent shape.

If the experimental and calculated amounts of fuel burned do not agree, some
adjustment must be made prior to using the heat release schedule in the simulation
program. If one simply scales the entire heat release curve, considerable error
may result in the subsequent calculation of the cylinder pressure. If the disagree-
ment is caused by errors in only the last half of the pressure record, but the entire
heat release is scaled up (or down), the resulting calculated pressure may be gross-
ly in error and the predicted peak pressure and maximum rate-of-pressure-rise will
be incorrect. The solution to this problem lies in improving the accuracy of the
data or in theoretically correcting the data for transducer error.

Fortunately, the shape of the heat release curve has only a small influence on
the IMEP, heat transfer per cycle, etc., (1,30). The cycle analysis can thus be
used with fairly inaccurate heat release curves and still have utility in predicting
the effects of changing valve size, manifold geometry, etc. The heat release curves
in themselves also have utility in helping to understand the effects of experimental
changes in the design of the combustion system. Such analysis may be aided by the
use of the semi-empirical curve fitting procedure formulated by Wiebe (31) and fur-
ther studied by Lange (32). Shipinski (33) was only moderately successful in cor-
relating the coefficients used in the Wiebe equation and the extent to which his
correlation can be accurately applied to other engines is currently unknown.

FUNDAMENTAL APPROACHES ... To obtain a true synthesis of the combustion process
one should start with injection rate and predict the temperature, composition, and
pressure as a function of time. In their pioneering work on diesel combustion Austen
and Lyn (34) tried to connect the injection rate to the heat release rate by a simple
empirical burning law. Held (35), Nagao (36), and Cook (37) further elaborated on
the work of Lyn. In these models, as an increment of fuel is injected it is first
assumed to undergo an ignition delay and then assumed to burn following some pre-
scribed burning rate. The models do not explicitly account for such factors as drop-
let size distribution, spray penetration, air motion, etc.

Shipinski (14) has attempted to include more factors in a semi-empirical burn-
ing rate model by the application of droplet vaporization and burning theory. Start-
ing from the injection pressure, a mean droplet diameter is calculated. The droplets
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are assumed to vaporize according to a simple steady-state formula for single drop-
lets in the air. Ignition delay is calculated by an empirical ignition delay formu-
la. At the end of the delay period the vaporized fuel is arbitrarily assumed to
burn in one crank angle deg. The unvaporized fuel is assumed to burn according to
a spray burning law developed by Tanasawa for gas turbine spray. The mass burning
rate so obtained is used in a homogeneous combustion model, such as that proposed
by Borman (38), and can thus be compared directly to the burning rate curves ob-
tained by use of experimental pressure-time data and a homogeneous first law combus-
tion model. Such comparisons showed rather unsatisfactory agreement and led
Shipinski to propose various empirical modifications to the spray burning law.
While the proposed modification improve the Shipinski model, they are neither of a
universal nature nor are they able to bring about completely satisfactory results.
This is not unexpected since the Shipinski model does not explicitly account for the
mixing process caused by air motion and spray penetration or for the fact that a
diesel spray is both unsteady and dense. Furthermore, the model for the premixed
burning does not bring in the reaction rate and other factors which determine flame
propagation. Lastly, the model predicts a burning rate to be used with the assump-
tion of homogeneous energy release and thus can be criticized on this basis. De-
spite these critical remarks, it is encouraging that a relatively simple phenomeno-
logical model showed some success in predicting diesel combustion over a fairly wide
range of engine conditions. In particular, it appears that further work is justi-
fied especially to include modeling of these phenomena for which Shipinski found a
group empirical correction necessary. In addition, it seems desirable to remove
the homogeneous restriction from the combustion model. For example, one might di-
vide the chamber intd two reaction zones (rich diffusion burning and premixed burn-
ing), a mixing zone and an unmixed air zone. Application of first law energy bal-
ances to such a model might provide further insight into the nature of the combus-
tion as well as to predict such factors as radiation heat transfer, smoke, and NO
formation.

It should be pointed out that the above discussion concentrates on modeling of
the diesel combustion based on various thermodynamic and fundamental phenomenologi-
cal approaches. One could attack the problem from a completely experimental view
point by conducting an extensive set of statistically designed experiments and then
empirically correlating the results using curve-fitting procedures. Such an ap-
proach could be used directly during the design process and would replace the mathe-
matical simulation approach in so far as the combustion part of the cycle is con-
cerned.

In conclusion, the modeling of the combustion process needs work on all fronts.
Better instrumentation is needed to both provide data for modeling and to provide a
method of evaluating the models. Basic information is needed on diesel sprays, en-
gine air motion, and droplet burning under diesel conditions. Models which remove
the assumption of homogeneous heat release as well as models which try to incorpor-
ate basic theory into a phenomenological synthesis are needed. Lastly, better data
obtained from statistically designed experiments are needed in order to provide a
sound basis for evaluation of the theoretical efforts.

FRICTION

Before engine output (brake hp) can be computed from piston work (indicated hp),
information on engine friction is required. Some writers include cylinder and
crankcase pumping losses with friction. However, since these losses are predicted
by the simulation program we shall consider only rubbing between surfaces as engine
friction. Although power requirements for accessories must also. be subtracted from
the indicated work, we shall not discuss these losses because of space limitations.

Rubbing friction depends on many factors: surface roughness, oil film thick-
ness, surface loading (inertia and gas), etc. Many of these are highly variable
during the cycle as well as with engine conditions. In general, instantaneous val-
ues of friction do not seem to be necessary- for simulation purposes.

Gish (39), using statistically averaged pressures obtained with a balanced dia-
phragm pressure pick-up, computed IMEP values. Using these and measured BMEP values
he obtained FMEP values. He found that FMEP varied with peak pressure and that mo-
tored FMEP trends and values differed from fired FMEP trends and values. The data
did not permit correlation of FMEP trends with engine design.
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Bishop (40) attempted to analyze the friction of different engine components
such as bearings, rings, pistons, etc. as a function of engine rpm and cylinder
prcssures using data from four spark-ignition engines. The general applicability
of the relationship he found has not been established. Blair (41.) attempted a simi-
lar procedure for a comprossion-ignition engine. lie gives a mathemaLical formula
for friction horsepower. Alyca (4) using his IMEP meter, studied FME.P for a single
cylinder engine as a function of warm-up time maintaining a constant crankcase oil
temperature. lie found that FMEP, decreased by 50% over the period of I hr after the
engine was started.

Again, one must conclude that adequate data do not exist. FMEP is an important
factor in engine performance and simulation, and is a fruitful area for imaginative
research.

TURBOCHARGERS

The analysis of a multicylinder turbocharged engine depends on the simulation
of the incylinder events, on the simulation of the gas dynamics of the manifold and
on calculations of the turbocharger performance. We have already indicated some of
the major problems in simulating the incylinder events. The problem of simulating
the gas dynamics in the manifolds has been treated by many authors including papers'
by Benson (3). Manifold simulations use a one-dimensional analysis and only approx-
imate multidimensional effects which can occur at junctions and in curved sections.
Friction is also included only in an approximate form by use of steady flow formu-
las. As was pointed out in the previous discussion of heat transfer, the heat trans-
fer in the exhaust port can be very important in determining the energy available
to the turbine. The expressions which are used for heat transfer in the exhaust
system are very approximate and thus also limit the accuracy of the gas dynamic anal-
ysis. Despite these approximations the one-dimensional analysis gives reasonably a
accurate results. The complexity of the analysis, however, causes large increases
in the computation time and presents a cost-effectiveness problem.

From the simplest point of view, the turbine can be represented as an orifice
at the end of the manifold with appropriate coefficients obtained from experimental
analysis of the turbine. If, in fact, the engine produced a steady flow of con-
stant pressure gas to the turbine, the accuracy of the analysis would be limited
only by the accuracy of the steady-flow turbine map. Unfortunately, the engine in
most cases produces a pulsating flow. Thus numerous unanswered questions arise.
Because of inertia the turbine operates at a constant speed during steady-state
running of the engine. The pressure ratio across the turbine at any instant may
thus not correspond to any steady-state point on the turbine map. Under extreme
cases the pressure ratio may even be momentarily reversed.* The instantaneous mass
flow and efficiency are unknown under conditions of pulsating flow. A quasi-steady
flow analysis can be used which will partially correct for the pulsations, but com-
plete data for such analysis is also unavailable. For example, one could drive the
turbine at a steady speed (by supplying power to the shaft if necessary) while main-
taining an arbitrarily constant pressure ratio. While the authors are not aware of
any extensive analysis of this type, there have been experiments performed with un-
steady flows produced by cold gas pulsation generators (42,43). Quasi-steady flow
analysis (QSF) based on experimental data was used by both authors and compared with
measured performance. Several of the conclusions of the two papers are in disagree-
ment. Wallace found the swallowing capacity reduced and Benson found it increased
under nonsteady flow conditions. Benson explains this difference on the basis of
the pressure fluctuations downstream of the turbine which were neglected by Wallace.
A second discrepancy which seems unresolved arose in the effect on measured power.
Wallace found the measured power to be less than indicated by QSF analysis, while
Benson found the opposite to be true. Indaddition to these full admission results,
Benson found that "the quasi-steady flow analysis using partial admission test data
would grossly underestimate the mass flow rate and power output of the turbine."
The magnitude of the unsteady flow effects was found to be dependent on the pulse
frequency and turbine speed. The effect of wave shape is not so clear. For example,
some manifolds are short enough to be treated by a filling and emptying analysis
rather than a wave analysis. One would expect that systems produce less steep pres-
sure changes and thus may be more accurately approximated by a QSF analysis of the
turbine. It should also be pointed out that the effects of unbalanced pressure and
flows in the two scrolls of the divided housing in radial flow turbines is a further
cause of complexity in the analysis. In this regard, axial flow turbines may
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present a simpler problem and indeed some evidence exists (44) that QSF analysis can
be successfully applied to axial flow turbines.

The problems in predicting nonsteady flow effects in turbines can be equally
applied to compressors (45). Both the surge point and efficiency are influenced by
nonsteady conditions. From these effects, it is clear that steady flow data for
matching conditions will lead to inaccuracies in the match point.

In conclusion, it is clear that much additional work is required before the ac-
curate simulation of turbochargers can be carried out. The solution to these prob-
lems is made difficult by the lack of experimental methods for measuring instantane-
ous mass flows and efficiencies.
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